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FOREWORD

After receiving a degree in applied physics, Mr. Bleier worked for three fan manu-
facturers, first as a draftsman in Lyons, France, next as a test engineer in East Moline,
Illinois, and then as a director of research in Chicago, Illinois. Since then, he has
worked as a consulting engineer for 137 fan manufacturers, most of them in the
United States, some in Canada, and one in Germany.

Over the years, Mr. Bleier has designed and tested close to 800 fans, among them
most of the units pictured in this book. His designs ranged in size from a 4-in-
diameter vaneaxial fan, used to ventilate a copy machine, to a 1000-hp, four-stage
turbo blower, producing more than 300 in of static pressure, for pneumatic convey-
ing of grain from cargo ships. Some of his other interesting assignments have
included the design of low-noise exhaust fans for invasion ships used by the Navy
during World War II and the development of a pressure blower used to pressurize
the flotation bags of an Army tank to make it amphibious.

Mr. Bleier has written seven articles for technical magazines and for two engi-
neering handbooks in simple, easy-to-understand language. He also has held twelve
seminars at universities and for industrial groups. He is listed in Who's Who in Engi-
neering and holds several patents on mixed-flow fans.

By sharing his broad experience with others, Mr. Bleier will help engineering stu-
dents and people engaged in the design, manufacture, selection, application, and
operation of fans. If you are active in one of these fields, you will benefit from read-
ing this book.

Jerome R. Reich, Ph.D.
Chicago, lllinois



PREFACE

Let me say a few words about Robert Andrews Millikan. He was the American
physicist who performed the so-called oil-drop experiment to determine the electric
charge of an electron. Millikan also was a good teacher and was proud of it. He once
made the statement: “I can explain anything to anybody.” That’s quite a statement. It
impressed me. In writing this book, I have kept this statement in mind and have tried
to produce an understandable text and to present some effortless reading material.

The story of fans is about airflow considerations, such as velocities, pressures, and
turbulence losses. This book will give explanations of these concepts and present
sample calculations to enable engineers and nonengineers to design fans and sys-
temS/é select and apply fans for systems, and to meet requirements for air volume,
static pressure, brake horsepower, and efficiency.

If the reader is familiar with high school mathematics, he or she will be able to
understand and apply the principles, graphs, and formulae presented here. Calculus
and differential equations are not used in this book. Instead, a “feel” for acrody-
namics will be developed gradually, a judgment of what an air stream will or will not
do. The early chapters present the basics that will be needed to understand the prin-
ciples discussed in later, more advanced chapters.

In grateful memory to

Mr. Archibald H. Davis

my former boss and teacher.

Frank P. Bleier
Chicago, lllinois
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LIST OF SYMBOLS

Symbol Meaning Unit
AR Air ratio 1
A Area - ft?
A, Annular area ft?
AR Aspect ratio 1
o Angle of attack °
8 Air angle past blade °
ahp ~ Air horsepower hp
BP ' Barometric pressure inHg
B Relative air angle °
B+oa Blade angle °
! Blade width in
bhp Brake horsepower hp
cfmor Q Rate of flow ft3/min
D Wheel diameter in
d Hub diameter in
DB : Dry-bulb temperature °F
WB Wet-bulb temperature °F
t Temperature °F
T Absolute temperature K
- dB Decibel sound level dB

DR Diffuser ratio 1
Dy Specific diameter in

. N, Specific speed , ‘ min™?
f Frequency, musical note st
A% Volts \'%
A Amps : A
w Watts w
kW Kilowatts . kW
ME Mechanical or total efficiency %
SE Static efficiency %
r Radius in
P Air density 1o/t
Re Reynolds number
Ipm Revolutions per minute min™
SP Static pressure, positive inWC, psi
SP Static pressure, negative inWC,inHg
TP Total pressure inWC

|4 Vacuum inHg
14 Volume ft?
14 Velocity fpm
VP Velocity pressure inwC
4] Flow coefficient

i) Pressure coefficient




CONVERSION FACTORS

LENGTH

1ft=121in 1in=0.0833 ft lyd=3ft=36in
1 mile = 1760 yd = 5280 ft

AREA

1 ft2 =144 in® 1 in? = 0.00694 ft* 1yd®=9 ft?=1296 in’

VOLUME

1f6=1728in’

VELOCITY

1 fpm (foot per minute) = 0.011364 mph (miles per hour)
1 mph = 88 fpm
Acceleration due to gravity g = 32.17 ft/s®

PRESSURE

1 inHg = 13.595 inWC = 0.4912 psi (Ib/in”) (used for high vacuums)
1 psi = 2.036 inHg = 27.68 inWC (used for high pressures)

1 atm (atmosphere) = 29.92 inHg = 406.8 inWC = 14.7 psi

1inWC = 0.0736 inHg = 0.0361 psi

POWER

1 hp =0.746 kW = 746 W = 42.42 Btu/min
1 kW = 1000 W = 1.341 hp = 56.89 Btu/min




xviii CONVERSION FACTORS

TEMPERATURE

1°F = (g)“C, but 32°F =0°C
5
Thus (example) 80°F = (80 - 32) x i 26.7°C

Absolute temperature 7 = °F + 459.7
Example: 80°F =539.7 K (absolute temperature)
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CHAPTER 1

BASICS OF STATIONARY
AND MOVING AIR

ATMOSPHERIC PRESSURE

Our planet earth has an average diameter of about 7914 mi or a radius of 3957 mi. It
is surrounded by a comparatively thin layer of air. The air pressure is highest close to
earth, due to compression by the weight of the air above. At higher altitudes, as the
height of the air column above becomes less, the air pressure decreases, as shown in
Fig. 1.1. At sea level, the atmospheric or barometric pressure is 29.92 inHg. At an alti-
tude of 15 mi or 79,200 ft, which is only 0.4 percent of the earth’s radius, the atmo-
spheric pressure is only 1.00 inHg (3 percent of the sea level pressure). However,
some rarified air extends about 500 mi up, which still is only 13 percent of the earth’s
radius.

The air consists mainly of nitrogen (about 78 percent by volume) and oxygen
(about 21 percent by volume) plus less than 1 percent of other gases. Air is a physi-

30
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Atmospheric Pressure (in. Hg)
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FIGURE 1.1 Atmospheric pressure versus altitude.



1.2 CHAPTER ONE

cal mixture (not a chemical compound) of these gases. Normally, air also contains
some water vapor. This reduces the air density, as will be discussed in Chap. 18, on
testing.

According to the National Advisory Committee for Aeronautics (NACA), later
succeeded by the National Aeronautics and Space Administration (NASA), tem-
perature, atmospheric pressure, and air density at various altitudes are as shown in
Table 1.1.

TABLE 1.1 Temperature, Pressure, and Density versus Altitude

: Atmospheric Air
Altitude, Temperature, pressure, density,
ft °F inHg Ibm/ft?
0 59.0 29.92 0.0765
1,000 55.4 28.86 0.0743
2,000 51.8 27.82 0.0721
3,000 48.4 26.81 0.0700
4,000 44.8 25.84 0.0679
5,000 42.1 24.89 0.0659
6,000 37.6 23.98 0.0639
7,000 34.0 23.09 0.0620
8,000 30.6 22.22 0.0601
9,000 27.0 21.38 0.0583
10,000 23.4 20.58 0.0565
11,000 19.8 19.79 0.0547
12,000 16.2 19.03 0.0530
13,000 12.6 18.29 0.0513
14,000 9.2 17.57 0.0497
15,000 5.5 16.88 0.0481
20,000 -12.3 13.75 0.0407
25,000 -30.1 11.10 0.0343
30,000 -48.1 8.88 0.0286
35,000 —65.8 7.04 0.0237
40,000 —69.7 5.54 0.0188
45,000 -69.7 435 0.0148
50,000 -69.7 342 0.0116
55,000 -69.7 2.69 0.0092
60,000 -69.7 212 0.0072
65,000 -69.7 . 1.67 0.0057

Source: Robert Jorgensen, Fan Engineering, Buffalo Forge Co., Buffalo,
NY.

The standards used in fan engineering are slightly different: Here the density
used for standard air is 0.075 lbm/ft’. This is the density of dry air at an atmospheric
pressure of 29.92 inHg or at 29.92 x 25.4 = 760 mmHg.

We are not discussing fans yet, but in order to get a comparative idea of fan pres-
sure versus atmospheric pressure, let us anticipate for a moment and pretend that we
know already what static pressure is and how much static pressure can be produced
by certain types of fans.

Since 1 inHg equals 13.6 inWC (inches of water column), 29.92 inHg equals 13.6
% 29.92 = 406.8 inWC. In other words, the standard barometric pressure of 29.92
inHg also can be expressed as 406.8 inWC. This means that a fan producing a static
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pressure of 3 inWC (a good average value) will increase the absolute air pressure by
less than 1 percent. ‘

On the other hand, 1 inHg equals 0.491 1b/in* (psi). Therefore, 29.92 inHg equals
0.491 x 29.92 = 14.7 1b/in?. In other words, the standard barometri.c pressure ‘of 2_9.92
inHg also can be expressed as 14.7 Ib/in®. For high-pressure centrifugal units (either
units running at very high speeds or multistage units), static pressure is usually mea-
sured in pounds per square inch (psi). Such units often produce as much as 7 Ib/in”.
They will increase the absolute pressure by a significant 48 percent.

STATIC PRESSURE

Figure 1.2 shows a cylinder with a piston that can be moved up or down. It also
shows a U-tube manometer indicating zero pressure. This means that the pressure
below the piston is the same as the barometric pressure in the surrounding air. As
the piston is moved down, the air volume below the piston is 4.:omp1resse'dZ and the
manometer will register a positive static
pressure relative to the atmospheric
T pressure, which is considered zero pres-
sure. This compressed air then has
% potential energy, i.e., the potential to
expand to its original volume. If, on the
other hand, the piston is raised, the air
¢ volume below the piston is expanded,
and the manometer will register a nega-
tive static pressure relative to atmo-
spheric pressure. This expanded air also
has potential energy, i.e., the potential to
contract to its original volume. This
explains the concept of positive anq neg-
: linder with piston and A&tive static pressure in stationary air.
fn‘la(r;llojrgier.kzs th?;aiston moves, thep static pres- Positive apd negative static pressure
sure below the piston will become either positive ~ €X1stS In moving air as Wel} as in station-
or negative. ary air. A fan blowing into a system
(including such resistances as ducts,
elbows, filters, dampers, and heating or cooling coils) produces positive static pres-
sure, which is used to overcome the various resistances. A fan exhausting from a dupt
system produces negative static pressure, which again is used to overcome the resis-
tance of the system.*

AIRFLOW THROUGH A ROUND DUCT OF
CONSTANT DIAMETER, VELOCITY PRESSURE

Air flowing through a straight, round duct of constant diameter has a velocity dist‘ri-
bution, as shown in Fig. 1.3, with the maximum air velocity near the center and with
zero velocity at the duct wall. For small duct diameters of 6 to 10 in, and for air veloc-

* Some of the material in this section was taken from Bleier, F. P, Fans, in Handbook of Energy Systems
Engineering, copyright © 1985 by John Wiley and Sons, New York.



14 CHAPTER ONE

ities of 1000 to 3000 ft/min (fpm), the average velocity V is approximately equal to
91 percent of the maximum velocity at the center. To find the average velocity in
larger ducts and for larger air velocities, a so-called Pitot tube traverse across the
duct is taken (Fig. 1.4). From the average velocity V (in feet per minute) and the
cFoss-sectlonal area of the duct (in square feet), we can calculate the volume of air Q
(in cubic feet per minute, or cfm) as

Q=AxV 1.1
Furthermore, from the average velocity V (in feet per minute) and the air density 4

(in pounds mass per cubic foot), we can calculate the velocity pressure VP (in inches
of water column, inWC) as

FIGURE 13 Velocity distribution for the airflow
through a round duct.

FIGURE 1.4‘ A 27-in-diameter test duct with two supports for Pitot tube tra-
verses and with a throttling device at the end of the duct.
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VP=d( 12)

2
1096.2 )

or for standard air density of d = 0.075 lbm/ft?,

V 2
YP = (E(E) (1.3)
Velocity pressure is the pressure we can feel when we hold our hand in the air
stream. It represents kinetic energy.
For a straight, round duct with constant diameter and smooth walls, the friction
loss fis

f= 0.0195% VP (1.4)

where f= pressure loss, in inches of water column
L = length of the duct, in feet
D = duct inside diameter, in feet
VP = average velocity pressure, in inches of water column

Example: Let’s consider a 100-ft-long duct, 2 ft =24 ini.d.,so that the duct area 4
=3.14 ft2. If the airflow through this duct is Q = 8855 cfm, the average air velocity will
be V = 8855/3.14 = 2819 fpm = 47.0 fps, and the corresponding velocity pressure will
be VP =(2819/4005)* = 0.50 inWC. The friction loss then will be f=0.0195 (100/2)0.50
=0.49 inWC.

Figure 1.5 shows a chart for determining friction loss in straight, round ducts. For
our example, proceed as follows: On the horizontal abscissa on top, find the point for
8855 cfm (just slightly below 9000 cfm). From this point, move straight down until
you reach the inclined line for a 24-in-diameter duct (pipe). This point will give you
two results: (1) Another inclined line near this point indicates that the duct velocity
will be slightly more than 2800 fpm. (2) Moving from that point straight across to the
vertical ordinate at the right indicates a friction of 0.49 inWC for 100 ft of duct, the
same as we obtained above from Eq. (1.4).

Reynolds’ Number

If this airflow through the duct were laminar (smooth, streamline, free of eddies), the
friction loss would be smaller than that just computed. Unfortunately, laminar air-
flow is seldom found in fan engineering. In most ventilating systems, the airflow is
turbulent. Let’s see whether this air flow through the 24-in 1.d. duct is really turbu-
lent. We can check this by calculating the Reynolds’ number for this example. The
English physicist Osborne Reynolds studied experimentally the flow of liquids and
gases and arrived at a dimensionless parameter that is characteristic for certain flow
conditions. The formula for this Reynolds’ number is

pVR

Re= (1.5)
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FIGURE 1.5 Friction loss in a straight, round duct. (From 1945 Trans. ASHVE. )
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where p = gas density, in slugs per cubic foot
V = average air velocity, in feet per second
R = one-half the duct inside diameter, in feet
= coefficient of viscosity, in pounds second per square foot

For standard air, p = 2.378 x 10~ and p. = 3.73 x 10”7, resulting in
Re = 6375VR (1.52)

For the preceding example, V = 47.0 and R = 1, resulting in Re = 300,000.
Reynolds found that whenever Re is smaller than 1000 to 2000, the airflow will be
laminar, but above 2000, it starts to become turbulent. Our example is far above this
critical range. The transition from laminar to turbulent airflow is gradual. There are
various degrees of turbulence, such as slightly turbulent, very turbulent, and
extremely turbulent. In most fan applications, the air flow is slightly or very turbu-
lent, and this has to be accepted. But extreme turbulence, as is found in a vaneaxial
fan without an inlet duct and without a venturi inlet (see the section on venturi

inlet), should be avoided.*

Total Pressure, Air Horsepower, Brake Horsepower, Efficiencies

Total pressure TP is defined as the sum of static pressure SP and velocity pressure
VP:
TP=SP+VP (1.6)

In this equation, VP is always positive. SP and TP may be positive or negative. Here
are three examples, illustrating this:

SP=+22inWC SP=-0.5inWC SP=-14inWC
VP=0.8inWC VP =08inWC VP=0.8inWC
TP=+3.0inWC TP =+0.3inWC TP=-0.6inWC

Let us now consider another example: a fan having an outlet area OA = 4.00 ft*,
blowing 16,000 cfm into a system, and producing 3 in SP in order to overcome the
resistance of the system. The fan will have an average outlet velocity of

“‘a—-m=4000fpm
and a velocity pressure of
4000 \? .
VP = <M) =1.00 inWC

The total pressure will be 7P =3.00 + 1.00 = 4.00 inWC, and the power output of the
fan (called air horsepower, ahp) will be

* Some of the material in this section was taken from Bleier, F. P, Fans, in Handbook of Energy Systems
Engineering, copyright © 1985 by John Wiley and Sons, New York.
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cfm x TP
ahp = 6356 " 10.07 hp (1.7)

If the motor output (= fan input) is 15 brake horsepower (bhp), the fan efficiency at
this point of operation will be the mechanical efficiency (also called total efficiency)

ahp 10.07
E=TE=—""=-—— =0.67= 1.
M bhp ~ 150 67 = 67 percent (1.8)
Another efficiency that is sometimes used is called the static efficiency. It can be
calculated as follows: First, we calculate the so-called static air horsepower (which,
however, is not the real power output of the fan):

cfm xSP 16,000 x 3

ahp, = 356 - 6336 =7.55hp (1.7a)
And then we calculate the static efficiency:
hp, 7.55
SE = AP 0.50 = 50 percent (1.82)

“bhp 150

As you can see, the static efficiency is easier to calculate than the total efficiency
because we do not have to calculate the velocity pressure first. For this reason, the
static efficiency is sometimes used, even though it does not represent the real fan
efficiency. The total or mechanical efficiency is the real fan efficiency.

Coming back to our example, to demonstrate the various types of efficiencies,
let’s assume that the motor input at this point of operation is 12.7 kW. The motor effi-
ciency (or electrical efficiency) then will be

0.746 x bhp
EE = oW = (.88 = 88 percent (1.9)
This equation is used more often for calculating the brake horsepower when input
(in kilowatts) and electrical efficiency are known: .
kWxEE 12.7x0.88
bhp=""0746 = o746 -0 (1.92)

Finally, the efficiency of the set (fan plus motor), called the set efficiency, is
Set eff. = ME x EE =0.67 x 0.88 =0.59 = 59 percent (1.10)

In selecting a fan for a certain application, the fan efficiency is of great impor-
tance, because with a higher efficiency, we can obtain the same air horsepower with
less power input. This not only will reduce the operating cost but also will save
energy at the same time. High-efficiency fans, on the other hand, normally are more
expensive, as shown in Fig. 1.6. It should be attempted, therefore, to find a balance
between first cost and operating cost, taking into consideration that the first cost of
the fan unit itself often is only a small portion of the system’s total cost.*

* Some of the material in this section was taken from Bleier, F. P, Fans, in Handbook of Energy Systems
Engineering, copyright © 1985.by John Wiley and Sons, New York.
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FIGURE 1.6 Cost versus fan efficiency. Selecting a fan of
higher efficiency normally results in higher first cost, but in
lower operating cost.

Scalars and Vectors

The physical quantities used to describe airflow phenomena can be divided into two
groups: scalars and vectors. Scalars are quantities such as time, temperature, volqme,
and mass. They have only magnitude and can be added simply. Vectors are quantities
such as force, velocity, and acceleration or deceleration. They have magnitude apd
direction and can be added only by way of vector diagrams, such as the velocity dia-
grams that will be discussed in later chapters. :

AIRFLOW THROUGH A CONVERGING CONE

When cars on a crowded highway reach a point where the highway narrows, one of
two things will happen: (1) the cars upstream will have to slow down, or (2) the cars
past the point of constriction will have to speed up. Possibly both (1) and (2) will
happen. In any case, the cars downstream will travel faster than the cars upstream,
but obviously, the number of cars will remain the same. .
A similar condition exists when air flows through a converging cone, as shown in

Fig. 1.7. The air volume Q is
Q=AxV (1.1)

where Q = air volume, in cfm (ft*/min)
A =duct area, in square feet (ft?)
V =average air velocity, in fpm (ft/min)

As the airflow passes through the converging cone, the air volume (cfm) obviously
will remain the same ahead and past the converging cone. This can be expressed as

Q=0 or A xVi=A,xV, o (1.1b)
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FIGURE 17 Air flowing through a converging cone: It accelerates.

Bernoulli’s Principle of Continuity

This simple and obvious equation is called the principle of continuity because the air
volume (cfm) continues to be the same before and after the point of constriction. As
the air passes through the converging cone, it will accelerate from V; to a larger air
velocity V, because the area A, is smaller than the area A;.

Example: Let’s again assume that the upstream duct i.d. is 24 in, so A, = 3.14 ft>.
Next let’s assume that the downstream duct i.d. is 18 in, so A, = 1.767 ft>. If Q = 8855
cfm, we get V; = 8855/3.14 = 2819 fpm and VP, = 0.50 inWC and V, = 8855/1.767 =
5011 fpm and VP, =1.57 inWC.

This substantial increase in velocity pressure from 0.50 to 1.57 inWC, of course,
will result in an increased kinetic energy, which will be obtained at the expense of a
decreased static pressure. Basically, this is Bernoulli’s theorem, which in its simplest
form says: When the air velocity increases, the static pressure will decrease. This is
easy to understand, but Bernoulli’s theorem also says: When the air velocity
decreases (as in a diverging cone), the static pressure will increase. This increase is
called static regain. This is more difficult to understand. It will be discussed in more
detail in the section on the diverging cone.

A converging cone past a fan is often used to increase the air penetration for such
applications as snow blowing or comfort cooling,

A converging cone past the scroll housing of a centrifugal fan usually works with-
out any problem. Care has to be taken, however, on a converging cone past an axial-
flow fan because there often is an air spin past an axial-flow fan, even if it is a
vaneaxial fan with guide vanes that are supposed to remove the air spin. If a little air
spin remains past the fan, it is multiplied manyfold as the air travels to a smaller duct
diameter because it tends to retain its circumferential component. As a result, at the
smaller diameter, the revolutions per minute of the air spin becomes considerably
larger, just like a watch chain spun around a finger turns faster and faster as the
chain becomes shorter.

Here is an example illustrating the phenomenon that the air spin increases as the
converging cone becomes smaller. Back in 1949, T designed and tested a 14-in
vaneaxial fan with a 12-in hub diameter, resulting in an unusually large hub-tip ratio
of 86 percent. This was done because the requirements were for a small airflow (cfm)
and a high static pressure. A centrifugal fan would have been a better selection, but

f*;
!
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FIGURE 1.8 A 14-in vaneaxial fan with a 12-in hub diameter blowing into a converging transition
cone and a 6-in test duct.

the customer insisted on a vaneaxial fan. Since the annular area was so small, I used
a 6-in test duct past the unit (in order to get a good air velocity through the duct)
plus a transition cone from 14 in down to 6 in, as shown in Fig. 1.8. This test setup, of
course, was not in accordance with the Air Movement and Control Association
(AMCA) test code, which requires that the test duct area be within 5 percent of the
fan outlet area. A better test would have been on a nozzle chamber instead of on a
test duct, but in 1949 very few companies had a nozzle chamber. To my surprise, I
found zero air velocity in the 6-in test duct. The reason was that the remaining air
spin past the fan became so strong in the transition cone that the friction path
became excessive and used up all the static pressure available. After I put two longi-
tudinal cross sheets into the transition cone to prevent the air spin, the proper air-
flow was restored and a fairly normal duct test could be run.

AIRFLOW THROUGH A DIVERGING CONE

As discussed earlier, a converging cone, as shown in Fig. 1.7, will produce an
increased air velocity past the cone, resulting in increased kinetic energy, which is
obtained at the expense of a decreased static pressure. By the same token, a diverg-
ing cone, as shown in Fig. 1.9, will produce a decreased air velocity past the cone,
resulting in decreased kinetic energy. Will this difference in kinetic energy be lost?

A, — — = A

FIGURE 1.9 Air flowing through a diverging cone: It decelerates.
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About half of it will be lost, mainly due to turbulence. The other half, believe it or
not, will be regained by an increase in static pressure, as stated by Bernoulli’s theo-
rem, provided that the cone angle is small. About 7° or less on one side is recom-
mended. While air normally flows from higher static pressure to lower static
pressure, here is a case where the opposite takes place: Air is flowing from lower
static pressure to higher static pressure.

Using the same dimensions and the same airflow as in Fig. 1.7, the velocity pres-
sure now will decrease from 1.57 to 0.50 inWC, for a reduction of 1.07 inWC. One-
half of this, or about 0.53 inWC, can be expected as a static regain. Such a regain is
sometimes obtained by the use of a diffuser past a fan.

AERODYNAMIC PARADOX

Normally, as we go along with the airflow through a duct system, the static pressure
is highest upstream and gradually decreases from there. This is the reason why the
air flows. The high static pressure upstream forces the air through the duct, filters,
etc. Therefore, it seems hard to believe that the static pressure will increase as the air
passes through a diverging cone. It seems contrary to common sense. It seems para-
doxical. '

Let us discuss a device that might convince you of the truth of the preceding
statements. It is called an aerodynamic paradox and is shown in Fig. 1.10a. It consists
of a circular plate A with a pipe B on top. Another thin, lightweight disk C is sus-
pended about %2 in below A in such a way that it can easily move up. If we blow into
the pipe on top, we would expect that the air stream will blow the lower disk down.
Actually, the lower disk will move up. Let me explain why.

The air stream leaving the pipe will turn 90° and move outward, since it has no
other way to go. As it moves outward, the cross-sectional area becomes larger (as in

-

/ Low air velocity

Disk C / \ Atmospheric pressure /

FIGURE 1102 Aerodynamic paradox.
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a diverging cone), so the air velocity becomes smaller. As the air stream reaches the
outside of the disks, the air velocity will be quite small, and the.statlc pressure at that
point will be close to the atmospheric pressure of the §urroundmg environment. Fur-
ther inside, however, where the cross-sectional area is much_smaller, the velocity qf
the air flowing outward is larger, and (per Bernoulli) ’Fhe static pressure, therefore, is
lower than the atmospheric pressure that pushes against the underside of the lower
disk. As a result, the lower disk is lifted up against the upper plate. )

The moment the lower disk touches the upper plate, the air stream is stopped,
and the lower disk will drop again. The phenomenon then will repeat itself.

Conclusion

As the airflow passes through a system of ducts, converging and diverging cones, etc.,
the velocity pressure (kinetic energy) may increase or decrease and the static pres-
sure (potential energy) also may increase or decrease. These two pressures are
mutually convertible. However, the totgl pressure (total engrgy), being the sum of
velocity pressure and static pressure, will always decrease, since it is gradually used
up by friction and turbulence.

TENNIS BALL WITH TOP SPIN

Another example illustrating Bernoulli’s principle is a tennis ball' rpoving ,through
the air with top spin, say, from right to left. To analy;e the flow condxtlons,. let’s exam-
ine an equivalent configuration: The ball is spinning in .plac.e, and an air stream is
moving from left to right, relative to the ball, as shpwq in Fig. 1.10b. On top qf the
ball, the rotation is opposite to the air velocity. This will slow down.’the velocity of
the air passing over the top of the ball. In accordance with Bernoulh s principle, the
slower air velocity will produce a higher pressure in this region. Qn the _othgr hand,
below the ball, the rotation is in the same direction as the air velocity. ’Ih}S will accel-
erate the velocity of the air passing over the underside of the ball and will produce a
lower pressure in this region. As a result, the ball is pushed and pulled down. It
therefore will drop faster than it would if it were only pulled down by gravity.

High-pressure region

Spinning ball

T N T

———»
_—
Relative
air velocity
_————-—»
———-—»

/

\ Low-pressure region

FIGURE 1100 A tennis ball with top spin will drop faster.

T
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AIRFLOW THROUGH A SHARP ORIFICE,
VENA CONTRACTA

When an air stream passing through a round duct of diameter D hits a sharp orifice
with a hole of diameter d, a flow pattern as shown in Fig, 1.11 will develop because
the upstream airflow will approach the edge of the opening at an inward angle
rather than in an axial direction. Obviously, this angular velocity will continue past
the orifice. This jet past the orifice will have a minimum diameter of about 0.6d, and
this minimum diameter will occur at a distance of about 0.5d past the orifice. After
this point, the airflow will gradually spread out again, but only after a distance of 3d
past the orifice will the airflow fill the duct “evenly,” as shown in Fig. 1.3. This con-
traction of the air stream, shown in Fig. 1.12, is called vena contracta (contracted
vein).

—
—R
T~ /
— T ! -
S -
-—d d —_— P — — —p D
- N
- — | o06a Na
S~
!: 3d :!
FIGURE 111 Airflow through a sharp orifice. 6

VENTURI INLET

A similar condition (although somewhat less extreme) exists when an airflow enters
a round duct without a venturi inlet, as shown in Fig. 1.12. The reason why it is less
extreme than in Fig. 1.11 is the upstream flow pattern. In Fig. 1.11, the approaching
air is moving; in Fig. 1.12 it is hardly moving. Nevertheless, even in Fig. 1.12, a vena
contracta exists, even though it is less pronounced.

Figure 1.13 shows the improved flow pattern obtained when the duct entrance is
equipped with an inlet bell, also called a venturi inlet. This will reduce the duct resis-
tance and increase the flow (cfm). For best results, the radius should be » = 0.14D or
more. If due to crowded conditions the radius has to be made smaller, the benefit
will be reduced, but it will still be better than no venturi at all.

A venturi inlet is of particular importance at the entrance to an axial fan (as
shown in Fig. 1.14) because without the venturi inlet the blade tips would be starved
for air. In a vaneaxial fan, where the blades are short (due to a large hub), we can
expect a flow increase of about 15 percent if a venturi inlet (or an inlet duct) is used.
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FIGURE 1.12  Airflow entering a round duct.
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FIGURE 1.13 Airflow entering a round duct with a venturi inlet at the duct entrance.

In a propeller fan, where the blades are longer (since there is no hub or only a small
hub), a flow increase of about 12 percent can be expecte.d. Fur.thermore, th@ lack of
a venturi inlet (when no inlet duct is used) will result in an increased noise level

because the blade tips will operate in extremely turbulent air.
In centrifugal fans without an inlet duct, a venturi inlet will boos_t the flow by
about 6 percent. The improvement here is somewhat less, for the following three rea-

sons:

1. The turbulent airflow here will hit the leading edges (not the blade tips), which
are moving at lower velocities.
2. Centrifugal fans normally run at lower speeds (rpms) than axial fans.

3. The flow pattern is different in centrifugal fans. The airflow makes a 90° turn
before it hits the leading edges of the blades. The airflow ahead of the blades,
therefore, contains some turbulence to begin with, and some additional turbu-
lence, due to the lack of a venturi inlet, therefore, is less harmful.
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FIGURE 114 Venturi inlet ahead of a vaneaxial fan.

AIRFLOW ALONG A SURFACE

Let’s look at the flow pattern of air passin
. low | ‘ g through an elbow of rectangular cross
section, as shqu in Fig. 1.15. It is easy to understand that the airflow vgill tend to
gg\yd orl1 tl}te.mmdf: ?f tlﬁe outer wall. Call it inertia or centrifugal force, if you will
viously, it is mainly the outer wall of the elbow that keeps the ai : ing
straight, as it would like to do, due to inertia. s the air from flowing

!

FIGURE L15 Airflow through a rectangular elbow.

Now let’s look at the flow pattern of the air when the in
low | ner wall of the elbow has
:ter?ilglrﬁmozeg; a;l shown in Fig. 1.16. The outer wall still keeps the air from flowing
»and the flow pattern is quite similar to that of Fig. 1. i ir wi
crowd a little more near the outer wall. '8-1.15. Possibly,the ir will
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FIGURE 1.16 Airflow along the outer wall only.
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FIGURE 1.17 Airflow along the inner wall only.

Now let’s go one step further and look at Fig. 1.17, which shows the flow pattern
when the outer wall has been removed and only the inner wall has been retained.
The air still will not flow straight to the right, as one might expect. It will still attempt
to adhere to the inner wall. It may not be 100 percent successful in this attempt, but
let’s say it will be 70 percent successful. Why does the airflow turn at all, you ask?
The reason is that a negative pressure will develop just outside the inner wall, and
this negative pressure will tend to keep the airflow fairly close to the inner wall. Thus
we can make the following statement: A curved wall will try to keep an airflow on its
outside attached to itself. This is an important statement. We will come back to it in

Chap. 2, on airfoils.



CHAPTER 2

AIRFOILS AND
SINGLE-THICKNESS
SHEET METAL PROFILES

DESCRIPTION AND FUNCTION OF AN AIRFOIL

An airfoil is a streamline shape, such as shown in Fig. 2.1. Its main application is as
the cross section of an airplane wing. Another application is as the cross section of a
fan blade. This is the application we will discuss now. There are symmetric and asym-
metric airfoils. The airfoils used in fan blades are asymmetric. Figures 2.1 and 2.2
show an asymmetric airfoil that has been developed by the National Advisory Com-
mittee for Aeronautics (NACA). It is the NACA airfoil no. 6512. Table 2.1 shows the
dimensions (upper and lower cambers) as percentages of the airfoil chord ¢. Let us
make a list of the features shown in Figs. 2.1 and 2.2:

1. The airfoil has a blunt leading edge and a pointed trailing edge. The distance from
leading edge to trailing edge is called the airfoil chord c.

2. The airfoil has a convex upper surface, with a maximum upper camber of 13.3
percent of ¢, occurring at about 36 percent of the chord ¢ from the lead-
ing edge.

3. The airfoil has a concave lower surface, with a maximum lower camber of 2.4 per-
cent of ¢, occurring at about 64 percent of the distance ¢ from the leading edge. In
some airfoils used in fan blades, the lower surface is flat rather than concave.

4, The airfoil has a baseline, from which the upper and lower cambers are mea-
sured. The cambers are not profile thicknesses.

5. The angle of attack o is measured between the baseline and the relative air
velocity.

6. As the airfoil moves through the air (whether it is an airplane wing or a fan
blade), it normally produces positive pressures on the lower surface of the airfoil
and negative pressures (suction) on the upper surface, similar to the phe-
nomenon discussed with Fig. 1.17. While one might expect that the positive pres-
sures do most of the work, deflecting the air stream, this is not the case. The
suction pressures on the top surface are about twice as large as the positive pres-
sures on the lower surface, but all these positive and negative pressures push and
pull in approximately the same direction and reinforce each other.

The combination of these positive and negative pressures results in a force F, as
shown in Fig. 2.1. This force F can be resolved into two components: a lift force L
(perpendicular to the relative air velocity) and a drag force D (parallel to the rela-
tive air velocity). The lift force L is the useful component. In the case of an airplane
wing, L acts upward and supports the weight of the airplane. In the case of an axial
fan blade, L (by reaction) deflects the air stream and produces the static pressure of
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FIGURE 2.1 Shape of typical airfoil (NACA no. 6512).
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FIGURE 2.2 Dimensions of NACA airfoil no. 6512.

the fan. The drag D is the resistance to the forward motion of the airfoil. It is the
undesirable, power-consuming component. We therefore would like to use airfoil
shapes that have not only a high lift L but also a good lift-drag ratio L/D. As the
angle of attack changes, lift, drag, and lift-drag ratio all change considerably, as will
be seen in Fig. 2.4

|
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TABLE 2.1 Dimensions of NACA Airfoil No. 6512

Distance from Upper Lower
leading edge camber camber
(% of chord) (% of chord) (% of chord)
0 27 2.71
125 525 1.34
2.50 6.21 0.83
5 - 7.60 0.32
7.5 8.65 0.09
10 9.51 0.00
15 10.89 0.05
20 11.88 0.28
30 13.00 0.95
40 13.23 1.61
50 1271 213
60 11.51 2.37
70 9.66 2.29
80 7.18 1.88
90 4.06 1.10
95 2.25 0.58
100 - 024 0

INFLUENCE OF SHAPE ON
AIRFOIL PERFORMANCE

The National Advisory Committee for Aeronautics (NACA) and the Gottingen
Aerodynamische Versuchsanstalt have tested many airfoil shapes in wind tunnels
in an attempt to find some shapes that will produce high lift forces and at the same
time have good lift-drag ratios. These groups found, however, that these are con-
flicting requirements. As the cambers increase, the lift normally increases, too, but
the lift-drag ratio tends to decrease. Selection of airfoil shapes therefore will
depend on the application. In a high-pressure vaneaxial fan, we will use a high-
cambered airfoil, particularly near the blade root. On the other hand, if fan effi-
ciency is more important than high static pressure, we will use a low-cambered
airfoil shape. .

You may wonder why the leading edge of an airfoil is biunt. Wouldn’t the drag be
smaller if the leading edge were pointed, like the trailing edge? This would indeed be
the case, if the relative air velocity at the leading edge were exactly tangential. How-
ever, this tangential condition would exist for only one operating condition (i.e., for
one flow rate and static pressure). Over most of the performance range, the relative
air velocity would deviate from the tangential condition, and this would result in tur-
bulence and in an increased drag. Another reason for the blunt leading edge is struc-
tural strength.

LIFT COEFFICIENT, DRAG COEFFICIENT

From the test data for lift L and drag D obtained from wind tunnel tests, we can cal-
culate the corresponding coefficients as follows:
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. .. 844L 1.8
Lift coefficient C; =—— 2.1 :
T av? for standard @1
air density 1.6
844D .
Drag coefficient Cp =7 2.2) . CL
© 14 2
where L and D are in pounds, 4 is the area of the tested airfoil plate in square feet, B
V is the relative air velocity in feet per second, and C; and Cp, are dimensionless 8% 4
coefficients. From these formulas we note that C,/C;, = L/D. In other words, the lift- 8 12 - y.
drag ratio is also the ratio of the corresponding coefficients. =
= 1.0
e
< A
CHARACTERISTIC CURVES OF AIRFOILS &5 0.8 20
R . A :
As mentioned earlier, many airfoil shapes have been tested in wind tunnels. The air- 2 0.6 ™ . 15 °
foil plates tested by NACA usually have an airfoil chord of 5 in and a length of 30 in, % 'g
as shown in Fig. 2.3. This is called an aspect ratio of 6. 8 04 N » 10 o
v & / SIS » £
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FIGURE 24 Characteristic curves for NACA airfoil no. 6512 (size of plate:
5% 30 in; aspect ratio: 6).

occurs only for finite aspect ratios but is eliminated for an infinite aspect ratio and
therefore also for axial-flow fans, where the fan blades are bordered by the fa'n h.ub
~ and the housing wall so that no turbulence at the ends can develop. In designing
axial-flow fans, therefore, one should use the airfoil’s characteristic curves for an
infinite aspect ratio.
Lookin% again at the characteristic curves of the NACA airfqil no. 6512 for an
infinite aspect ratio, as shown in Fig. 2.5, we note the following points:

AN

S

FIGURE 2.3 Airfoil plate for wind tunnel test, aspect ratio
e TABLE 2.2 Calculation for Converting the Characteristic Curves from an

- Aspect Ratio of 6 to an Infinite Aspect Ratio: NACA Airfoil No. 6512

Figure 2.4 shows the characteristic curves NACA obtained for its airfoil no. 6512
for an aspect ratio of 6. Note that the lift coefficient is much larger than the drag
coefficient so that the lift-drag ratios are in the range of about 10 to 20.

For use in fan blades, the characteristic curves have to be converted from an
aspect ratio of 6 to an infinite aspect ratio. This conversion further increases the lift-
drag ratio so that the maximum lift-drag ratio will about triple. Table 2.2 shows the
calculation for this conversion. Figure 2.5 shows the resulting characteristic curves
for an infinite aspect ratio.

Please note the considerable difference between Figs. 2.4 and 2.5. Figure 2.5 (infi-
nite aspect ratio) shows lower drag, resulting in higher lift-drag ratios. The reason for
this considerable difference is turbulence at the two ends of the airfoil plate, which

Olg L/D CL CD[; Ao Ol ACD CD.,., CL /C‘Dm=

-5 12.3 0.16 0.013 0.49 =55 0.001 0.012 133
-1 224 0.47 0.021 1.43 24 0.012 0.009 52.2

3 178 0.75 0.042 2.28 0.7 0.030 0.012 62.5

7 13.8 1.01 0.073 3.07 3.9 0.054 0.019 53.2
15 9.5 1.52 0.160 4.62 10.4 0.123 0.037 41.1
23 5.9 1.74 0.295 5.29 17.7 - 0.161 0.134 13.0
29 32 1.40 0.43 4.26 24.7 0.104 0.326 43

Note: Ao, = 1824C; X ¥ = 3.04Cy; 0. = 06 — Ac; ACp = CHr x ¥ = 0.05305CF;
CDm = CDE - ACD.
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FIGURE 2.5 Characteristic curves for NACA airfoil no. 6512 (infinite
aspect ratio).

FIGURE 2.6 Ata 5°angle of attack, the airflow is smooth and follows the contours of the air-

foil. The direction of the airflow is deflected by 13.5°.
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The lift coefficient is zero at an angle of attack of about —8°. (If this were a sym-
metric airfoil, the zero lift coefficient would occur at zero angle of attack.)

As the angle of attack is increased, the lift coefficient rises, until it reachés a max-
imum of about 1.7 at an angle of attack of about 15°. This is the top of the oper-

ating range for this airfoil.

. The lift-drag ratio has its maximum of 62.4 at an angle of attack of 1°. The best

operating range, then, will be at angles from 1° to about 10°, where the L/D
ratio is still good (between 62 and 41) and the airflow is smooth, as shown in
Fig. 2.6. .

For angles of attack from 10° to 15°, the airflow can still follow the contour of the
airfoil, but the fan efficiency will be somewhat impaired because of the lower lift-

drag ratios.

. For angles of attack larger than 15°, the airfoil will stall, resulting in a decrease in

the lift coefficient. At these large angles of attack, the airflow can no longer fol-
low the upper contour of the airfoil. It will separate from that contour, as shown

in Fig.2.7.

FIGURE 2.7 At a 16° angle of attack, the airfoil stalls, and separation of
airflow takes place at the trailing edge and at the suction side of the airfoil,
with small eddies filling the suction zones. The deflection of the airflow past

the trailing edge is close to zero.
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FIGURE 2,8 Dimensions of Gottingen single-thickness profile no. 417a.
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Please note that angle of attack is not identical with blade angle. The blade angle
?jfh an Zmal-ﬂow fan is much larger than the angle of attack, as will be discussed in
ap. 4.

SINGLE-THICKNESS SHEET METAL PROFILES

It so_metimes is desirable to use single-thickness sheet metal blades rather than
airfoil blades. The reason might be a dust-laden airflow or simply lower cost. The
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FI.GURE 2.9 Performance of Géttingen single-
thickness profile no 417a (infinite aspect ratio).
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shape and characteristic curves for such a single-thickness profile are given in a
Gottingen publication. Gottingen calls it profile no. 417a. Figure 2.8 shows the
shape and Figure 2.9 shows the characteristic curves, converted to an infinite aspect
ratio. Comparing these with the shape and characteristic curves for the NACA air-
foil no. 6512, as shown in Figs. 2.2 and 2.5, we find the following similarities and dif-

ferences:

1. The single-thickness profile has a maximum camber of 8 percent, which is about
halfway between the upper (13.3 percent at 36 percent) and lower (1.3 percent at
36 percent) cambers of NACA airfoil no. 6512.

2. The maximum camber of the single-thickness profile is located at 38 percent of
the chord from the leading edge, about the same as for NACA airfoil no. 6512.

3. The maximum lift coefficient for profile no. 417a is lower, 1.25 instead of 1.74.
4. The maximum lift-drag ratio is somewhat lower, 57 instead of 62.

5. The angle of attack at which the maximum lift coefficient occurs is considerably
lower, 10° instead of 17°. This results in a narrower operating range and particu-
larly in a narrower range for good lift-drag ratios. For example, the range for lift-
drag ratios of 35 or more is 21° wide for NACA airfoil no. 6512 but only 6° wide

for the single-thickness profile.

Despite these disadvantages, single-thickness profiles are often used in fan
blades, especially in propeller fans and in tubeaxial fans.

Trailing edge of airfoil blade

Suction side on convex side

Trailing edge

Incoming

air flow \]
@6 Hub Wheel
& & dia. o.d.
<K @&%\

—-

Leading edge of airfoil blade

Pressure side on concave side of airfoil blade

FIGURE 2.10 Airfoil as used in an axial-flow fan blade.



2.10 CHAPTER TWO

FUNCTION OF AIRFOIL BLADES IN AXIAL
AND CENTRIFUGAL FANS

Let us now examine how the airfoil is used as the cross section of a fan blade. Figure
2.10 shows how an airfoil is used in an axial-flow fan blade. Here the concave side of

the airfoil is the pressure side (just like in an airplane wing), so this is a normal con-
dition.

D_eﬂec Rot.

e

Pressure side

Suction side
on concave side

on convex side I
Incoming /
air flow
Incoming Leading
air flow edge
Trailing
edge

FIGURE 2.11 Airfoil as used in a backwardly curved centrifugal fan blade. Note that here the
pressure side is on the convex side of the airfoil blade.
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Pressure side
on concave side

Suction side
on convex side
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Incoming
air flow
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Incoming
air flow

Trailing
edge
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FIGURE 2.12 Airfoil as used in a centrifugal fan with radial-tip blades, a design that is rarely
used but resuits in good efficiencies.
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irfoil i i ifugal fan with backwardly
i . hows how the airfoil is used ina .ce.ntn ‘ :
Fggdu%e]a%ii iigrv; the convex side of the airfoil is the pressure s1de% wh:i:?f,oci)lf
gg{l\;se is abnc;rmal This type of blade does not really hav.e thle furéc’illc();l] ;)rda;;l ‘curveci
? ) . - a
i i lift force in the conventional sense. It is simply a rdly cu
?;E\Cdeet?v?trl? ;Sl?l?mlt leading edge that helps broaden the range of good efficiencies.

Fieure 2.12 shows how an airfoil could be used in a centrifugal fan with r;lﬁi:i—(f;ﬁ
bladegs. Her.e the concave side is the pressurﬁ.silile, as 1ttshoc111;:latr)§.yl-é2\c’v:l:7:er,r X dlial-tip
i jon i ly used, partly because of higher cost and p :
fbllg;l‘g:sng;lelifrgrf Zsed fof handling dust-laden air and this 1s done better by thick,

single-thickness blades.



CHAPTER 3

TYPES OF FANS,
TERMINOLOGY, AND
MECHANICAL
CONSTRUCTION

SIX FAN CATEGORIES

This book will discuss the following six categories of fans:

Axial-flow fans

Centrifugal fans
Axial-centrifugal fans

. Roof ventilators

. Cross-flow blowers

. Vortex or regenerative blowers

SR w e

AXIAL-FLOW FANS

There are four types of axial-flow fans. Listed in the order of increasing static pres-
sure, they are

1. Propeller fans (PFs)

2. Tubeaxial fans (TAFs)

3. Vaneaxial fans (VAFs)
4. Two-stage axial-flow fans

Propeller Féns

The propeller fan, sometimes called the panel fan, is the most commonly used of all
fans. It can be found in industrial, commercial, institutional, and residential applica-
tions. It can exhaust hot or contaminated air or corrosive gases from factories, weld-
ing shops, foundries, furnace rooms, laboratories, laundries, stores, or residential
attics or windows.

Sometimes several propeller fans are installed in the walls of a building, oper-
ating in parallel and exhausting the air. Figure 3.1 shows two propeller fans with
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FIGURE 3.1 Two 21-in propel ith di i |
. peller fans with d i
and exhausting air from a factory building. et drive, mounted in a wall

direct drive mounted in the wall of a fact
located.

Figures 3.2 and 3.3 show the i i
. : general configuration for a propeller fan wit
22;161 rrl’r;)é?]tzlalr;ielllectr}c mott?r. The units consist of the followlingileven cor‘:;lpgl?ellj:t:g
ousing, a bearing base (plus braces), two bearings, a shaf :
N b t t,
base, an electric motor, two pulleys, a belt, and a fan wheel. In Figg. 32 th?a fa?l lxggg

ory, near the ceiling where the hot air is

Venturi housing panel

o~

Bearings Bearing base

Fan blade

Motor base

FIGURE 3.2 A 24-in pro,

eller fan with ; .
opposite the rotating bladesp n with belt drive. Note the location of the motor

et
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has four blades, and the motor is mounted on a separate, vertical motor base. In Fig,

3.3 the fan wheel has six blades, and a horizontal base supports both the motor and

the two bearings. In both figures, however, the motor is located opposite the.rotating

fan blades. This results in good motor cooling but some obstruction to the airflow.
Figure 3.4 shows the simpler configuration of a propeller fan with direct drive

from an electric motor. This unit consists of only four components: a spun venturi

housing, a motor base (plus braces), an electric motor, and a four-bladed fan wheel.
The belt-drive arrangement has the following three advantages:

1. It results in flexibility of performance, since any speed (rpms) can be obtained for
the fan wheel by selection of the proper pulley ratio. However, when the speed is
increased to boost the flow (cfm), the brake horsepower will increase even more,
as the third power of the rpm ratio, as will be explained later.

2. In large sizes, belt drive is preferable, since it will keep the speed of the fan wheel
low or moderate while keeping the motor speed high, for lower cost. (High-speed
motors are less expensive than low-speed motors of the same horsepower.)

3. The motor will get good cooling from the air stream passing over it.
The direct-drive arrangement has the following five advantages:

1. It has a lower number of components, resulting in lower cost.
2. It requires no maintenance and regular checkups for adjustment of the belt.

3. It has a better fan efficiency, since a belt drive would consume an extra 10to 15
percent of the brake horsepower.

Fan wheel
impeller
propeller

Fan blade

Shaft

Motor and
bearing base

\ Fan pulley

FIGURE 3.3 A 36-in propeller fan with belt drive. Note the large pulley ratio for a low speed of the
fan wheel. (Courtesy of Chicago Blower Corporation, Glendale Heights, i)

Motor pulley
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Venturi housing
panel

Fan blade

Motor base

FIGURE 34 A 24-in propeller fan with direct drive. Note the height adjustment of motor
base for an even tip clearance.

4. Tt results in more flow (cfm) because the central location of the motor does not
obstruct the airflow.

5. The performance flexibility of the belt-drive arrangement also can be obtained,
but at an extra cost, by means of adjustable-pitch blades and by a variation in the
number of blades. A 3° increase in the blade angle will result in a 10 to 15 percent
increase in flow (15 percent in the range of small blade angles, 10 percent for
larger blade angles). The static pressure can be boosted by an increase in the
number of blades, up to a point.

Conclusion: Direct drive is less expensive and more efficient. It is preferable in
small sizes. Belt drive is preferable in large sizes and results in better performance
flexibility than direct drive, unless adjustable-pitch blades are used.

Figure 3.5 shows a 46-in propeller fan wheel of aluminum with a 13-in-diameter
hub and with eight narrow airfoil blades welded to the hub. The hub-tip ratio is 0.28,
a good ratio for a propeller fan. This is an efficient but expensive propeller-fan
wheel. Most propeller-fan wheels have sheet metal blades riveted to a so-called Spi-
der, as shown in Fig. 3.6. This is a lightweight, lower-cost construction that is some-
what less efficient but adequate in small and medium sizes. Many propeller-fan
wheels are plastic molds. In very small sizes, where cost is more important than effi-
ciency, one-piece stampings are sometimes used.

Shutters. Most propeller fans are used for exhausting from a space. They are
mounted on the inside of a building, with the motor located on the inlet side, inside
the building, and the air stream blowing outward. A shutter is mounted on the out-
side. There are two types of shutters: automatic shutters and motorized shutters.
Figure 3.7 shows an automatic shutter having three shutter blades linked
together and mounted on hinged rods. The shutter will be opened by the air stream
on start-up of the fan. It will be closed by the weight of the shutter blades when the
fan is turned off. The motorized shutter, used mainly in larger sizes, is opened and
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Central spider

Hub

Wide steel blade

\ Airfoil blade

i -1 ller-fan wheel with
FIGURE 3.5 Cast-aluminum propellerfan FIGURE3.6 A 24-in prope 1
wheel with a 46-in o.d., 13-in hub diameter, and  four wide steel blades riveted to central spider.

eight narrow airfoil blades welded to hub.

closed by a separate small motor mounted on the shutter frame. When the shutter is
closed, it will prevent heat losses due to backdraft and keep out wind, rain, and snow.

Screen Guards. Figure 3.8 shows a fan guard, sometimes fitted over the motor side
of a propeller fan for safety, whenever the fan is installed le§s than 7‘ft from the floor.
It uses a steel mesh, designed for minimum interference with the air stream.

FIGURE3.7 Automaticshutter havingasquare ~ FIGURE 3.8 Fan g\{ard, used for safety and
frame and three shutter blades linked together for ~ mounted on the inlet side of a propeller fan.

simultaneous opening and closing.
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Man Coolers. Another application for
propeller fans (besides exhausting from
a space) is for cooling people (as the
term man coolers implies) or products
or for supplying cool air to certain pro-
cesses. These cooling fans are located in
hot places, such as steel mills, foundries,
and forge plants. They are also used for
cooling down furnaces for maintenance
work, for cooling electrical equipment
(such as transformers, circuit breakers,
and control panels), or for drying chem-
ical coatings.

Figure 3.9 shows a man cooler
mounted on a heavy pedestal for stabil-
ity. It has a lug on top so that it can be
moved easily to various locations. It has
a 30-in propeller-fan wheel with six nar-
row blades and direct drive from a 3-hp,
1740-rpm motor.

Figure 3.10 shows a similar type of
man cooler. It has a 30-in propeller-fan
v&{heel with eight narrow blades and
direct drive from a 3-hp, 1150-rpm
motor. It has a bracket for mounting it

FIGURE 3.9 Man cooler mounted on a on a wall, up high enough so that it can-
pedestal for cooling people, products, or pro- not be damaged by trucks and the wires

cesses. (Courtesy of Coppus Engineering Diyi- ~ Cannot be cut by wheels. As a special
sion, Tuthill Corporation, Millbury, Mass.) feature, this unit has a conical discharge

) nozzle that boosts the outlet velocity for
deeper_penetratlon. The nozzlq contains some straightening vanes, almost liie a
vaneaxial fan, to prevent excessive air spin at the narrow end of the cone.

[

FIGURE .3.10 Man cooler with a bracket for
mounting it on a wall, with conical discharge nozzle
for deeper penetration. (Courtesy of Bayley Fan
Group, Division of Lau Industries, Lebanon, Ind. )
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Tubeaxial Fans

Figure 3.11 shows a tubeaxial fan with direct drive from an electric motor. It has a
cylindrical housing and a fan wheel with a 33 percent hub-tip ratio and with ten
blades that may or may not have airfoil cross sections. The best application for
tubeaxial fans is for exhausting from an inlet duct. A short outlet duct can be toler-
ated, but the friction loss there will be larger than normal because of the air spin. If
no inlet duct is used, a venturi inlet is needed to prevent a 10 to 15 percent loss in
flow and an increased noise level. Figure 3.11 shows the motor on the inlet side, but
it could be located on the outlet side as well.

In case of belt drive, the motor is located outside the cylindrical housing, and a
belt guard is needed. Direct drive has fewer parts and therefore lower cost, the same
as for propeller fans, and the performance flexibility again can be obtained by means

of adjustable-pitch blades.

Vaneaxial Fans

Figure 3.12 shows a vaneaxial fan with belt drive from an electric motor. It has a
cylindrical housing (like a tubeaxial fan) and a fan wheel with a 46 percent hub-tip
ratio and with nine airfoil blades. It also has eleven guide vanes, neutralizing the air
spin, so that the unit can be used for blowing (outlet duct) as well as for exhausting
(inlet duct). Again, direct drive is simpler and less expensive than belt drive. Also,
performance flexibility for direct drive can be obtained by means of adjustable-pitch
blades. Again, a venturi inlet is needed if no inlet duct is used.

Figure 3.13 shows an axial-flow fan wheel with a 42 percent hub-tip ratio and with
eight single-thickness steel blades. It could be used in a tubeaxial fan or in a vane-

axial fan.
Cylindrical housing

Access door

Fan wheel
impeller
propeller

FIGURE 3.1 Tubeaxial fan with direct drive from an electric motor on the inlet side
(in the background) and with a fan wheel having a 33 percent hub-tip ratio and with ten
blades. (Courtesy of General Resource Corporation, Hopkins, Minn.)



38 CHAPTER THREE

Electric motor

Internal belt

guard, belt tube Inner casing

bearing casing

Cylindrical

housing or Fan wheel

casing impeller
Guide vanes

cutlet vanes
discharge vanes

Shaft and bearings

FIGURE 3.12 Vaneaxial fan with belt drive from an electric motor and with a fan
wheel having a 46 percent hub-tip ratio and nine airfoil blades. (Courtesy of General
Resource Corporation, Hopkins, Minn.)

Figure 3.14 shows a vaneaxial fan wheel with a 64 percent hub-tip ratio and with
five wide airfoil blades. This hub-tip ratio would be too large for a tubeaxial fan but

is quite common in vaneaxial fans. N

Two-Stage Axial-Flow Fans

Two-stage axial-flow fans have the configuration of two fans in series so that the pres-
sures will add up. This is an easy solution when higher static pressures are needed, but
excessive tip speeds and noise levels cannot be tolerated. The two fan wheels may
rotate in the same direction, with guide vanes between them. Or they may be coun-
terrotating, without any guide vanes, as will be explained in more detail in Chap. 4.

CENTRIFUGAL FANS

There are six types of centrifugal fan wheels in common use. Listed in the order of
decreasing efficiency, they are

1. Centrifugal fans with airfoil (AF) blades
2. Centrifugal fans with backward-curved (BC) blades
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3. Centrifugal fans with backward-
inclined (BI) blades

4. Centrifugal fans wirh radial-tip (RT)
blades

5. Centrifugal fans with forward-curved
(FC) blades

6. Centrifugal fans with radial blades
(RBs)

These six types are used in a Va.riety of
applications, as will be discussed in more
detail in Chap. 7.

Centrifugal Fans with AF Blades

The centrifugal fan with AF blades has
the best mechanical efficiency and the
lowest noise level (for comparable tip
speeds) of all centrifugal fans. Figures
3.15 and 3.16 show two constructions
. for centrifugal fan wheels with AF
FIGURE 3.13 Axial-flow fan wheel witha 42 blades. Figure 3.15 shows hollow airfoil
percent hub-tip ratio and with eight §ingle- blades, normally used in medium and
thickness steel blades for use as a tubeaxial fan large sizes. Figure 3.16 shows cast-
wheel or as a vancaxial fan wheel. aluminum blades, which are often used
in small sizes and for testing and devel-

(2) (®)

FIGURE 3.14 Vaneaxial fan wheel with a 64 percent hub-tip ratio and with five wide cast-
aluminum airfoil blades: (a) without inlet hood; (b) with inlet hood.
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Shroud
retaining ring
inlet plate
inlet rim

Back plate

T

¥

Fan wheel
impeller
rotor

FIGURE 3.15 Centrifugal fan wheel, SISW, with nin irfoi
s , e hollow airfoil steel bl
plate and shroud. (Courtesy of General Resource Corporation, Hopkins,eMin:jes elded to back

FIGURE 3.16 Experimental centrifugal fan wheel, SISW, with
eleven cast-aluminum airfoil blades welded to the back plate but
not yet welded to the shroud (held above the blades).
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opment work, with the shroud held above the airfoil blades prior to welding it to
the blades.

Centrifugal Fans with BC Blades

BC blades are single-thickness steel blades but otherwise are similar to AF blades
with respect to construction and performance. They have slightly lower efficiencies
but can handle contaminated air streams because the single-thickness steel blades
can be made of heavier material than can be used for hollow airfoil blades.

Centrifugal Fans with Bl Blades

Figure 3.17 shows a sketch of an SISW (single inlet, single width) centrifugal fan wheel
with BI blades. These are more economical in production, but they are somewhat
lower in structural strength and efficiency. Figure 3.18 shows the same fan wheel in a
scroll housing. Figure 3.19 shows a BI centrifugal fan with scroll housing, noting the
terminology for the various components.

Incidentally, scroll housings are not always used in connection with centrifugal
fan wheels. Centrifugal fan wheels also can be used without a scroll housing, in such
applications as unhoused plug fans, multistage units, and roof ventilators. An excep-
tion is FC centrifugal fan wheels. They require a scroll housing for proper function-
ing, as will be explained in Chap. 7.

FIGURE 3.17 Centrifugal fan wheel, SISW, with BI blades
welded to back plate and shroud.
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Outlet Rog

Inlet

b

FIGURE 3.18 ] Angplar view of centrifugal fan with BI wheel inside showing
sc_rdotl}l1 housing, inlet side, and outlet side with cutoff all the way across housing
width. '

Centrifugal Fans with RT Blades ¢

RT blades are curved, with good flow conditions at the leading ed

tips are radial, as the term radial-tip blades indicates. Figure 3%.20 %ﬁ'o?vrsllz}a’ ;lggizll?gg
centrifugal fan wheel. These RT wheels are used mainly in large sizes, with wheel
d1arpeters from 30 to 60 in, for industrial applications, often with sever:e conditions
of high temperature and light concentrations of solids.

Centrifugal Fans with FC Blades

FC b.lades, as the name indicates, are curved forward, i.e., in the direction of the
rotation. This results in very large blade angles and in flow rates that are much
larger than those of any other centrifugal fan of the same size and speed. Figure
3.21 shows a typical SISW FC fan wheel, with many short blades and a flat shroud
Wltl:i_a large inlet diameter.for large flows. These fans are used in small furnaces, air
f}?:n g%glgleerrsl,c ';nd electronic equipment, whenever compactness is more important
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Qutlet area
discharge area

Fan housing

\

Housing side

side plate Fan wheel
Inlet cone Cut-off
inlet bell recirculation

venturi inlet shield

Inlet collar Scroll

inlet sleeve

FIGURE 3.19 Angular view of centrifugal fan with BI wheel inside showing scroll housing, inlet
side (inlet collar and inlet cone), and outlet side with recirculation shield opposite the inlet cone only.
(Courtesy of General Resource Corporation, Hopkins, Minn.)

Centrifugal Fans with Radial Blades

Radial blades (RBs) are rugged and self-cleaning, but they have comparatively low
efficiencies because of the nontangential flow conditions at the leading edge. Figure
3.22 shows an SISW RB fan wheel with a back plate but without a shroud. Some-
times even the back plate is omitted (open fan wheel), and reinforcement ribs are
added for rigidity. These fans can handle not only corrosive fumes but even abrasive

materials from grinding operations.

AXIAL-CENTRIFUGAL FANS

These fans are also called tbular centrifugal fans, in-line centrifugal fans, or mixed-
flow fans (especially if the fan wheel has a conical back plate). The following two
types of fan wheels are used in these fans:

1. A fan wheel with a flat back plate, as shown in Fig. 3.17, i.¢., the same type as is
used in a scroll housing. When used in an axial-centrifugal fan, however, the air
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Shroud

Shroud

Center plate

|
, ;:;§
|
|

Blade with
wear plate

FIGURE 3.22 SISW centrifugal fan wheel with six radial
blades welded to a back plate.

stream has to make two 90° turns, which, of course, results in some extra losses,
especially if the diffuser ratio (housing i.d./wheel 0.d.) is small.

2. A fan wheel with a conical back plate, as shown in Fig. 3.23. This fan wheel is more
expensive to build, but the air stream here has to make only two 45° turns, a more
efficient arrangement. In either case, the fan wheel usually has BI blades or occa-

sionally AF or BC blades.
The following three types of housings are in common use in axial-centrifugal fans:

FIGURE 3.20 DIDW (double inlet, double wi i
s e width) centrifugal fan wh i
notched-out center plate and replaceable wear plates on presgure srild‘Z oielil:clitel; fon KT blades Note

e e s L e g
;

1. A cylindrical housing, as shown in Figs. 3.23 and 3.24.

i
| Stationary
~ } Cylindrical Rotating blades streamliner
| housing l
N—
f{ Air flow _/
. . Motor
\ __ Conical
back
e plate

FIGURE 3.21 SISW centrifugal fan wheel with 52 FC

blades fastened through corresponding slots in back plate

and shroud.

|
FIGURE 3.23 Mixed-flow fan showing direct motor drive, venturi inlet, fan wheel with conical
back plate, and with a 45° diverging air stream discharging into a cylindrical housing.
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Internal

Cylindrical
belt guard Y

housing

Bearing
support

Fan wheel
impeller
Guide vane
outlet vane
Inlet cone

venturi inlet

FIGURE 3.24 Axial-centrifugal fan showing belt drive from an outside motor, venturi inlet, fan
wheel with fiat back plate, and outlet guide vanes, all assembled in a cylindrical housing. (Courtesy of
General Resource Corporation, Hopkins, Minn.)

2. A square housing, as shown in Fig. 3.25.
3. A barrel-shaped housing, as shown in Figs. 3.26 and 3.27.

Various wheel and housing combinations are possible. Figure 3.27 shows a spe-
cial type of barrel-shaped housing which is covered by my.U.S. patent no. 3,312,386.
It has a separate chamber for the motor so that direct drive can be used, even if hot
or corrosive gases are handled. This fan has the trade name Axcentrix Bifurcator,
implying that the air stream is divided into two forks, flowing above and below the
motor chamber but never coming into contact with the motor. The various types of
axial-centrifugal fans will be discussed further in Chap. 9.

ROOF VENTILATORS

Figure 3.28 shows an exhaust roof ventilator with direct drive, a BI centrifugal fan
wheel, and radial discharge using various spinnings. Various other models of roof
ventilators are in common use. Some may have belt drive instead of direct drive,
some may have axial fan wheels instead of centrifugal fan wheels, and some may be
for upblast instead of radial discharge. While most models are for exhausting air
from a building, some are for supplying air into a building. The various combinations
of these features lead to ten different models, which will be illustrated and described
in Chap. 10.

TYPES OF FANS, TERMINOLOGY, AND MECHANICAL CONSTRUCTION
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i i ing. Two models are shown, one for
FIGURE 3.25 Mixed-flow fan in a square housing. 0d >
direct drive and one for belt drive. Both models have a venturi mlet, a fan wheecl1 “ﬁth a
conical back plate, and an access door. The square housing resu%ts in lower cost an ;114 ows
connection to either square or round ducts. (Courtesy of FloAire, Inc., Bensalem, PA.)

i i - housing for
FIGURE 3.26 Mixed-flow fan with barrfal shapf:d spun
smaller diameters of inlet and outlet ducts. Direct drive. The fan whe.el hgs
a conical back plate. Outlet guide vanes (not shown) prevent excessive air
spin at the small outlet diameter. (Courtesy of FloAire, Inc., Bensalem, Pa.)
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EIGURE 3.27 Mixed-flow fan with barrel-shaped housing for smaller diameters of
}nlets and outlets. The fan wheel with conical back plate is directly driven by a motor
in a separate chamber. Qutlet vanes (not shown) prevent excessive outlet spin
(Courtesy of Bayley Fan, Division of Lau Industries, Lebanon, Ind.) .

L ]

FIGURE 3.28 Schematic sketch of a centrifugal
roof exhauster, direct drive, radial discharge, 15-in
wheel diameter, 1 hp, 1725 rpm. (Courtesy of Flo-
Aire, Inc., Cornwells Heights, Pa.)
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CROSS-FLOW BLOWERS

A cross-flow blower is a unique type of centrifugal fan in which the airflow' passes
twice through a fan wheel with FC blading, first inward and then outward, as shown
in Fig. 3.29. The main advantage of cross-flow blowers is that they can be made axi-
ally wider, in fact to any width desired. This makes them particularly suitable for cer-
tain applications such as air curtains, long and narrow heating or cooling coils, and
dry blowers in a car wash. The flow pattern and principle of operation will be
explained in Chap. 12.

FIGURE 3.29 Cross-flow blower showing airflow
passing twice through the rotating fan wheel.

Stationary housing Rot.

\ / S
@/ Rotating blades

_ Electric motor

-a—— Airflow

inlet outlet

FIGURE 3.30 Vortex blower showing blades rotating in right half of the torus-shaped housing.
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VORTEX OR REGENERATIVE BLOWERS

The v i i
ey ;)fllr::)a( g;crlegeneratwf.: blower is another unique type of centrifugal fan. H
2 donphont Ones around in an annular, torus-shaped space, similar to the Sh;l of
2 dough sho.wn i Iclnllf sx3d§ of the torus are rotating fan blades, throwing the airpoeu(:f
v thé s shown tha:gi.t I.ng.s;ﬂgzezﬁ{ﬂogl th_en is guided back inward by the other side-
. ' er the inner portion of th i i

o € rota

ults in a complicated flow pattern that will be discussed in detailtilggclk)llaégi%& s

CONCLUSION

-

B .

Iers(;rr(l) ;?;tlggcgsslirégovgzrgg;e thqt thellre are many different types of fans. Neverthe
, Ti i : ]

ﬂo\iv and centritupal ey g principles are used in all these fans: deflection of ajr-
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’ , van ,
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pronounced in centrifugal fans as it is in axial-flow fans o blades) i

CHAPTER 4

AXIAL-FLOW FANS

NOMENCLATURE

«“fans and blowers” was a common expression. Axial-flow fans were
called “fans,” and centrifugal fans were called «blowers.” Calling centrifugal fans
blowers was misleading because centrifugal fans can be used for exhausting as well
as for blowing. Axial-flow fans also can be used for either blowing or exhausting.
Today the accepted terms are axial-flow fans and centrifugal fans.

The term axial-flow fan indicates that the air (or gas) flows through the fan in an
approximately axial direction, as opposed to centrifugal fans (sometimes called
radial-flow fans), where the air flows through the fan wheel approximately in a radi-

ally outward direction.

In past years,

MATHEMATICAL FAN DESIGN VERSUS

EXPERIMENTAL CUT-AND-TRY METHOD

The casual observer in general will not realize that the dimensions of an axial-flow
fan (fan wheel outside diameter, hub diameter,number and width of the blades and
vanes, blade and vane angles, curvature of blades and vanes, fan speed, and motor
horsepower) can be calculated from the requirements (air volume in CFM and static
pressure).

Let us dwell on the casual observer for a moment, and Jet us try to put ourselves
in his or her place and look at the problem of fan design as he or she would do. The
point of view of the casual observer will be about as follows: Fasten a number of
blades somehow symmetrically around a hub. Put this fan wheel, together with a
motor, into a housing, and run a test on it. If it does not give you “enough air,” make
certain changes on the unit. Make the hub diameter larger or smaller, and increase

" the number of blades, the blade angles, the blade widths, and the famous “scooping

curvature.” Keep on changing and retesting until you just about get what you want.

This viewpoint of the casual observer naturally is rather primitive. In some
respects, it is even incorrect, since it overlooks certain limitations, such as the fact
that the addition of blades or an increase in blade curvature does not always result
in an increased air delivery. However, you cannot blame this casual observer if you
stop and realize that many years ago this also was the conception of the fan designer.
And you must admit one thing: As primitive as this purely experimental cut-and-try
method may be, with a sufficient amount of persistence, time, and money, it often will
be possible to obtain the desired air volume and static pressure by the application of
this method. There are only three objections to this method:

1. The resulting units often will be larger, run at higher speeds, and consume more
brake horsepower than necessary.

2. The method is too expensive because in general it will require the building and
testing of three to five samples until the desired air volume and static pressure is

obtained.
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3. This method will practically always lead to units with uneven and turbulent air-
flow and with stalling effects in certain portions of the blade. As a result of all this,
these units usually will be inefficient and noisy.

Once the necessity of fan design on a theoretical basis has been recognized, the
first question is: Is it at all possible to determine the dimensions for a fan unit so that
it will perform in accordance with a certain set of specifications, by pure calculation,
this way completely eliminating the use of any experimental cut-and-try method?
The answer to this question is: In most cases, this is possible, and even more than
that, it is possible in more than one way. In other words, several designs are possible
that will meet a certain set of requirements with respect to air delivery and pressure.

This naturally leads to the next question: If this problem of meeting the require-
ments can be solved by several designs, is it possible to find one optimal design? The
answer is yes, providing that a definition for the word optimal can be agreed on.

The question “What is the optimal design?” is rather complex, and the answer to
it will vary with the prospective application of the fan unit. In the majority of cases,
it will include, among other things, the call for high efficiency and low sound level,
both over the widest possible range of operation. Other requirements may be, for
instance, a nonoverloading brake horsepower characteristic; or a flat pressure curve,
which means a large free delivery; or a steep pressure curve, which means little vari-
ation in air delivery throughout the operating range; or a large pressure safety mar-
gin; or compactness; or some other supplementary requirement that may be
desirable in a certain application. The combination of these requirements often
results in interference problems and in conflicting specifications whose relative
importance has to be considered before a decision is made.

AXIAL FLOW AND HELICAL FLOW

Let’s be more specific about the statement that air flows through an axial-flow fan in
an “approximately axial direction.” On the inlet side, as the flow approaches the fan
blades, the direction of the flow is axial, i.e., parallel to theaxis of rotation, provided
there are no inlet vanes or other restrictions ahead of the fan wheel. The fan blade
then deflects the airflow, as shown in Fig. 2.10 (see Chap. 2).

The operating principle of axial-flow fans is simply deflection of airflow, as
explained in Chap. 2 (page 2.1), on airfoils, and Chap. 3 (page 3.20), on types of fans.
Past the blades, therefore, the pattern of the deflected airflow is of helical shape, like
a spiral staircase. This is true for all three types of axial-flow fans: propeller fans,
tubeaxial fans, and vaneaxial fans. Accordingly, the design procedures and design
calculations are similar for all three types. As to both construction and performance,
however, there are some differences.

We may anticipate one statement right here: The sequence propeller, tubeaxial,
and vaneaxial also indicates the general trend of increasing weight, price, hub diam-
eter, static pressure, aerodynamical load, and efficiency. .

Coming back to the helical pattern of the airflow past the blades of an axial-flow
fan, the air velocity there can be resolved into two components: an axial velocity and
a tangential or circumferential velocity.

The axial velocity is the useful component. It moves the air to the location where
we want it to go. In a propeller fan, the axial velocity moves the air across a wall or a
partition. In a tubeaxial or vaneaxial fan, the axial velocity moves the air through a
duct on the inlet side or on the outlet side or both.

AXTAL-ELOW EANS 4.3

The tangential or circumferential velocity component is an energy loss in .thle case
of a propeller fan or a tubeaxial fan. In a vaneaxial fan, however, the tangentia (l:?rtl;l
ponent is not a total loss; some of it is converted.mto static pressure, as will be
explained later. This is the main reason why vaneaxial fans have higher efficiencies

than propeller or tubeaxial fans.

BLADE TWIST, VELOCITY DISTRIBUTION

iciency, the airflow of an axial-flow fan should be eve:nly d1st.r1buted over
fl?er V%c())cr)lc(liifgﬁface osé the fan wheel. To be more specific, the axia.l air velocity shouldhbe
the same from hub (or spider) to tip. The velocity of the rotating blade, on the other
hand, is far from evenly distributed: It is low near the genter and increases toyvard the
tip. This gradient should be compensated by a twist in the blade,.resul_tmg in larger
blade angles near the center and smaller blade angles toward the tip. This can be seen
clearly in Fig. 4.1, which shows two views of a 30-in tube axial fan wheel with a 13f—1n
hub diameter and eight single-thickness steel blades welded to the l}ub. Lp»_v—cos; in
wheels (especially propeller-fan wheels) sometimes do not have this variation o t} e
blade angle from hub to tip. They sometimes have'the same l?lade ang_le from h\}f fto
tip (or worse, a slightly larger blade angle at the tip). This will result in a loss 0 ar;
efficiency because most of the airflow then will be prqduced by the outer portion 0
the blades, even at low static pressures. At higher static pressures, the blgde twist is
even more important, because without it, the inner portion of the blade yv}ll stall and
permit reversed airflow, which, of course, will seriously affect 'the fan efficiency.
The propeller fan, as shown in Figs. 4.2 through 4.4,is the lightest, least expensive,
and most commonly used fan. As mentioned, normally it is 11_1stalled inawallorina
partition to exhaust air from a building. This exhausted air, of course, has to be

—

FIGURE 4.2 Propeller fan with motor on inlet
side, 25 percent hub-tip ratio, and direct drive.

FIGURE 4.1 Two views of a fabricated tube-
axial fan wheel, 30-in o.d., 45 percent hub-tip
ratio, and eight die-formed steel blades, with
larger blade angles at the hub and smaller blade
angles at the tip.
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FIGURE 4.3 Two views of an 18-in propeller fan with direct drive
from a %-hg, 1150-rpm motor, 40 percent hub-tip ratio, and five cast-
aluminum airfoil blades that are backswept for a lower noise level.

FIGURE 44 A 48-in propeller fan with direct drive
from a 7%-hp, 1150-rpm motor, 28 percent hub-tip ratio,
and seven cast-aluminum airfoil blades.

AXIAL-FLOW FANS 45

replaced by fresh air, coming in through other openings. If these openings are large
enough, the suction pressure needed is small. The propeller fan, therefore, is
designed to operate in the range near free delivery, to move large air volumes
against low static pressures. As can be seen from Figs. 4.2 through 4.4, the unit con-
sists of a narrow mounting ring, a motor support, a motor, and a fan wheel. The
mounting ring normally has a spun inlet bell that often is extended to a square
mounting panel. The mounting panel carries some tubes or braces, which in turn sup-
port the motor base and the motor.

The motor is usually on the inlet side, as shown in Figs. 4.2 through 4.4, but in spe-
cial applications it can be on the outlet side, which means slightly less noise. If the
motor is on the inlet side, it is inside the building, protected from rain and snow by a
shutter on the outside. When the fan is in operation, the shutter will be held open by
the air stream. When the fan is not running, the shutter will close and prevent any
backdraft from entering the building.

Large-size propeller-fan wheels usually run at low speeds (rpms) and therefore
are belt driven. If the motor horsepower is large, good efficiency is desired, and to
accomplish this, the fan wheel has a 20 to 40 percent hub-tip ratio and airfoil blades
with a twist, resulting in blade angles between 30° and 50° at the hub and between
10° and 25° at the tip. As mentioned earlier, the larger blade angles at the hub will
compensate for the lower blade velocities there, and this will result in a fairly even
air velocity distribution over the face of the fan. This, as mentioned, is required for
good fan efficiency.

Small propeller fans can be built with either direct drive or belt drive. Here the
motor horsepower is small, and fan efficiency, therefore, is of minor importance.
Lower cost is more important. These small propeller fans therefore do not have a hub
and airfoil blades. Instead, they use a so-called spider with radial extensions to which
sheet metal blades are riveted. The blade angles here are often constant from spider to
blade tip. This results in most of the air being moved by the outer half of the blade. The
inner portion of the blade produces mostly turbulence and, of course, consumes just as
much power (or perhaps more) as it would if it were functioning properly. Sometimes
there is some reverse flow near the spider when the static pressure increases. In other
words, the tips of the blades move faster and produce say 2 in of static pressure, but
the spider portion of the blades moves slower and may produce no static pressure.
Therefore, some of the air past the blade tips will flow inward and then backward.
Some small, Jow-cost fan wheels are stamped in one piece to keep the cost down.

The tubeaxial fan, as shown in Figs. 4.1 and 4.5, is a glorified propeller fan. It has
a cylindrical housing, about one diameter long, containing a motor support, a motor,
and a fan wheel. The motor can be located either upstream or downstream of the fan
wheel. An upstream motor has the advantage that the airflow has a chance to
smoothen out before it hits the fan blades, but this is only important if the venturi
inlet is too small and therefore not effective. If the venturi inlet is adequate, the air-
flow will be smooth to begin with and does not need any extra space for smoothing.
The upstream motor, on the other hand, has the disadvantage that some turbulence
will be produced by the motor support ahead of the fan wheel. This may affect the
efficiency and will result in a somewhat increased noise level.

In general, we should keep in mind that a blade, operating in turbulent airflow,
will not function properly. Turbulence past the fan wheel, therefore, is not too harm-
ful. It just increases the resistance of the system and therefore the stati¢ pressure
against which the fan will operate. Turbulence ahead of the fan wheel, however, is
harmful. It not only increases the static pressure required, but it also results in the
blades operating in turbulent airflow and therefore with lower efficiency and a
higher noise level.
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FIGURE 4.5 Tubeaxial fan with motor on outlet
s}de al_‘ld with separate venturi inlet, 43 percent hub-
tip ratio, and direct drive.

The fan wheel of a tubeaxial fan can be similar to that of a pr
has a_medium-sized hub diameter, about 30 to 50 percent of thg t())ll:iléeguf’grilag;ggﬁ
eter, in the case of direct drive preferably not too much different from the motor
diameter, for streamline flow conditions. The unit is designed to operate in the range
of moderate static pressures, higher than for a propeller fan (due to the larger hub
?ﬁi?etﬁr)fbut’gm as high z;ls fﬁr a vaneaxial fan (due to the smaller hub diameter and

ack of guide vanes, which in a vaneaxi ial ai

Velocity ints statie oreosorn) eaxial fan convert some of the tangential air

A Fubegxial fan can be connected to an inlet duct or an outlet duct or both. If
there is no inlet duct, a spun venturi inlet is required, as shown in Fig.1.13,to prevént
vena contracta, as shown in Fig. 1.11. Small tubeaxial fans usually are deéigned with
direct drive; large units are designed with belt drive.

Tfhe vaneaxial fan, as shown in Figs. 4.6 and 4.7, is a more elaborate unit. It has the
out81de_ appearance of a cylindrical housing at least one diameter loné Asin a
tubeaxial fan, this housing contains the motor support, the motor, and the fa;n wheel,

N
~N [

a3} 1

FIGURE 4.6_ Vaneaxial fan with outlet vanes around the
motor and with separate venturi inlet, 66 percent hub-tip
ratio, and direct drive.
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FIGURE 4.7 Vaneaxial fan with inlet vanes around the motor and with separate venturi
inlet, 66 percent hub-tip ratio, direct drive, and outlet diffuser and tail piece for static regain.

but the vaneaxial fan housing contains in addition a set of guide vanes and some-
times an inner ring, a converging tail piece, and an expanding diffuser for static
regain (see Chap. 1, page 1.12, on basics).

The guide vanes usually are arranged around the motor. This makes the unit
more compact, since the same axial length is used for both the motor and the guide
vanes. Motor and guide vanes can be located either past the fan wheel (see Fig. 4.6)
or ahead of the fan wheel (see Fig. 4.7).

Hub Diameter d of Vaneaxial Fans

The hub diameter of a vaneaxial fan is larger (than that of a tubeaxial fan), usually
between 50 and 80 percent of the wheel diameter, sometimes even slightly larger.
The vaneaxial fan is designed to operate in the range of fairly high static pressures,
and this requires a larger hub diameter. The customer usually specifies the required
air volume, static pressure, fan diameter D, and speed (rpms). In designing a vane-
axial fan to meet these requirements, the first step will be to determine the hub
diameter d. This can be done from the formula

din = (19,000/rpm) V'SP 4.1)

where d is in inches and SP is in inches of water column. Hub diameter also can be
determined from the graph shown in Fig. 4.8.

Suppose the customer requires that the vaneaxial fan should run at 1750 rpm and
produce 12,000 cfm against 3 in of static pressure at the point of operation. Figure 4.8
indicates that the corresponding minimum hub diameter will be 18.8 in. (Please note
that this is the hub diameter, regardless of the requirements for air volume and for
wheel diameter D.) If for some reason a somewhat larger hub diameter d is desired,
this will be acceptable. (It would merely result in a slight reduction in the annular
area and therefore in the air volume, which could be compensated by a slight
increase in the blade angles. It would not be critical.) A smaller hub diameter, on the
other hand, could be critical. It might result in an inadequate performance of the
inner blade portion, i.e., turbulence and possible reversed air flow near the hub. This
inadequate performance is called stalling.
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FIGURE 4.8 Minimum hub diameter d of a vaneaxial fan as a function of speed (rpms) and static
pressure.

[

The static pressure SP produced by a vaneaxial fan can be calculated for each
radius from the following formula:

SP=343x10"xrpm X 75X C, x [IXW 4.2)

where SP = static pressure, in inches of water column
zp = number of blades
C, = lift coefficient of airfoil at the angle of attack, used at this radius
| = blade width at this radius, in inches
W = air velocity relative to the rotating blade, in feet per minute (fpm) (a
formula for W will be given later)

This formula indicates again that a larger hub diameter will result in a larger
static pressure because, for a larger hub diameter,

1. The relative velocity W will be larger (due to the increased blade velocity).
2. There will be more room available for wider blades without overlapping.

For good efficiency, the static pressure produced should be the same for any
radius from hub to tip. Since the relative air velocity W is smallest at the hub, this
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must be compensated by a larger [ x C; at the hub, but both / and C; can be increased
only up to a certain limit (/ up to the point where the blades would overlap and C, up
to the maximunm lift coefficient the airfoil can produce).This is why the hub diameter
d can be slightly larger but not smaller than d = (19,000/rpm)V SP. If d were too
small, ! x C; could not be made large enough to compensate for the smaller W at the
hub, and stalling would occur near the hub.

Wheel Diameter D of Vaneaxial Fans

After the hub diameter d has been determined, the next step is to check whether the
wheel diameter D requested by the customer is acceptable. Obviously, it is not
acceptable if it is smaller than the hub diameter d we just determined, but this is an
extreme case that will happen rarely. However, even if D is larger than d, it may not
be large enough.

In order to check whether the wheel diameter D requested by the customer is
acceptable, we use the formula '

Dpin="Vd*+ 61 (cfm/rpm) (4.3)

or the graph shown in Fig. 4.9. Using the preceding values of d =18.8 in and cfm/rpm
=12,000/1750 = 6.86, we find Dy, = 27.2 in. This is the minimum wheel diameter. It
would result in a hub-tip ratio of 18.8/27.2=0.69, a good hub-tip ratio for a vaneaxial
fan. If the customer requested a wheel diameter of 28,29, or 30 in, we would use this
size. If the customer suggested, for example, a wheel diameter of 24 in or anything
else smaller than 27 in, we would point out that this would be risky because the pres-
sure safety margin would be too small and that we would prefer a larger wheel diam-
eter D.

If the customer cannot accept a larger wheel diameter, a two-stage axial-flow fan
may solve the problem. Then each stage has to produce only about one-half the
static pressure, and the hub diameter d as well as the wheel diameter D can be
reduced. This two-stage unit will be longer and more expensive. This may or may not
be acceptable to the customer. If it is not acceptable, a centrifugal fan may have to
be considered instead of a vaneaxial fan.

Summarizing, we found that the hub diameter d is a function of static pressure
and speed and that the wheel diameter D is a function of d and of cfm/rpm.

Vaneaxial Fans of Various Designs

Best efficiencies for vaneaxial fans are obtained with airfoil shapes as cross sec-
tions of the blades because airfoils have large lift-drag ratios (see Chap. 2, page 2.9,
on airfoils). Airfoils, then, result in higher static pressures (produced by the airfoil
lift) and lower power consumption (produced by the airfoil drag) and therefore
higher fan efficiencies.

Airfoil blades usually are made as aluminum castings and sometimes as steel
castings, incorporating both features, the twist in the blade angles and the airfoil
shape in the cross sections. Figures 4.10 through 4.17 show such fan wheels with cast-
aluminum airfoil blades. Let us examine the different designs shown in these pic-
tures.

Figures 4.10, 4.11, and 4.12 show three experimental fan wheels for the same
vaneaxial fan. All three wheels have the same hub diameter and the same blade sec-
tion (blade width, airfoil shape, and blade angle) at the hub, but the width at the blade
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tip is varied. Figure 4.10 shows a wide blade tip, Fi i i
I ; p, Figure 4.11 shows a medium t
Figure 4.12 shows a narrow tip. I tested the three wheels and found the follI:WilE:;nd

1. Wide blade tips result in high pressure, hi ici i
4 > , high efficiency, and quiet ti
they cause in considerable motor overload at the poin}tl of noqdelivgfye.\/ra fon. but

2. Medium tips reduce the maximum static pressure and the no-delivery overload.
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FIGURE 4.10 A 31-in vaneaxial fan wheel, of cast aluminum,
with a 63 percent hub-tip ratio, direct drive, and seven airfoil
blades with wide tips for high pressure and quiet operation at

high efficiency.

FIGURE 4.11 A 31-invaneaxial fan wheel, of cdst aluminum, with
a 63 percent hub-tip ratio, direct drive, and seven airfoil blades with
medium-wide tips for medium pressure and less overload at no

delivery.

()

_in vaneaxial fan with a 63 percent hub-tip ratio, direct drive from 10-hp,
h narrow tips for nonoverloading brake horsepower

ith seven blades. (a) Inlet side. (b) Outlet side.

(2)

FIGURE 412 A3l
1750-rpm motor, and seven airfoil blades wit!
characteristics. Twelve outlet vanes go well w

3. Narrow tips resultin a nonoverloading brake horsepower characteristic. This was
the fan wheel I adopted for production, even though the efficiency was slightly
lower and the noise level was slightly higher, but still acceptable. A compromise

between conflicting performance features had to be made. .
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FIGURE 4.1_3 Inlet view of a 5-in vaneaxial fan,
of cast e_llug‘unum, with a 78 percent hub-tip ratio,
seven airfoil blades, eight outlet vanes, belt drivt;

from Y-hp shaded-pole motor, and
3500 tom , and a fan speed of

FIGURE 4.14 A 5-in vaneaxial fan for projector lamp

cooling showing belt drive in assembled proj
3 ector. F;
pulley is part of the fan-wheel casting, proector. Tan

Figures 4.13 and 4.14 are views from the inlet si i

; 1d 4. . et side of a 5-in vaneaxial fan th
fif:Slgcrlled for cooling a projector la!mp. A large 78 percent hub-tip ratio w:s nzteg:(i
1n order to produce sufficient static pressure to force the cooling air through some

narrow passages. Not as many guide vanes are ne
_ ) eded i
Eight vanes go well with seven blades. because of the small size.
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FIGURE 4.15 A 34-in tank engine cooling fan
wheel, of aluminum casting, 35 hp, 2400 rpm.
View from the inlet side showing teeth inside the
hub for gear drive from engine.

FIGURE 4.17 The same 34-in cast-aluminum
tank engine cooling fan wheel, view from the
outlet side showing a 63 percent hub-tip ratio
and twelve blades with blade width slightly
decreasing from hub to tip.

FIGURE 4.16 Angular side view of the same
34-in cast-aluminum tank engine cooling fan
wheel showing the airfoil cross sections of the
blades and the variation in the blade angles from
hub to tip.

An interesting design is shown in Fig-
ures 4.15, 4.16, and 4.17. These are three
views of a cast-aluminum fan wheel with
airfoil blades. This 34-in fan wheel was
designed to cool the engine of an Army
tank. It used gear drive from the engine,
as shown in Fig. 4.15,a view from the inlet
side. Figure 4.16 is an angular side view
showing the airfoil sections of the blades
and the variation of the blade angles
from hub to tip. Figure 4.17 is a view from
the outlet side showing the 63 percent
hub-tip ratio and the twelve blades.

Figures 4.18 through 4.20 are three
views of the 34-in fan wheel redesigned
in steel, by request of the customer, to
replace the cast-aluminum fan wheel.
Here, some single-thickness steel blades
with slots were welded to a heavy steel
disk, even though the aerodynamic con-
ditions of the steel disk were not ideal.
Furthermore, certain other difficulties
had to be addressed, such as the lower
lift coefficients of the single-thickness
blades and the risk of blade vibration

due to the lesser rigidity of the single-thickness blades. These difficulties were over-
come by an increase in the hub-tip ratio and by using more blades of narrower
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FIGURE 4.18 A 34-in tank engine cooling fan
wheel redesigned in steel, 35 hp, 2400 rpm. View
from the inlet side showing the welds on the
slots and on the tabs of the blades.

width. Various shapes of welding tabs
were tried out. The steel blades were
subjected to vibrations in order to deter-
mine which shape would have the best
resistance to fatigue failure. Figure 4.21
shows the test setup, in which six blades
(differing only in the way they were
attached to the heavy steel disk) were
vibrated several million times by con-
necting rods from solenoids. The
solenoids were kept cool by air streams
from a separate pressure blower.

Figure 4.22 shows another vaneaxial
fan wheel with cast-aluminum airfoil
blades. Figure 4.23 shows the corre-
sponding vaneaxial fan housing. This unit
was designed for grain drying. It had an
18-in wheel outside diameter and direct
drive from a 10-hp, 3450-rpm motor.

Single-thickness blades, as shown in
Figs. 4.1, 4.18, 4.19, and 4.24 also have
the desired variation in the blade angles
from hub to tip. For accuracy, uniformity,

and economy of production, single-thickness steel blades are press-formed in a die
that takes care of the springback of the material.

In small sizes, the entire fan wheel can be molded in plastic, as shown in Fig. 4.25.
This is a good and efficient fan wheel, even though it has only single-thickness
blades. The figure shows a good blade twist from hub to tip.

FIGURE 4.19 Angular side view of the same
34-in tank engine cooling fan wheel of welded
steel showing single-thickness steel blades
welded to a heavy disk.

FIGURE 4.20 The same 34-in tank engine cool-
ing fan wheel. View from the outlet side showing
a 68 percent hub-tip ratio and 16 steel blades of
constant width from hub to tip and the heavy disk
with mounting holes and balancing holes.
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FIGURE 4.21 Setup for testing single-thickness steel blades for
fatigue failure due to vibration of the blades.

Inlet Bell

Figures 4.12 through 4.14 and Fig. 4.24 showed vaneaxial fans with inlet bells
attached. In vaneaxial fans, the inlet bell (also called the venturi inlet) is even more
important than in propeller fans or tubeaxial fans because, owing to the larger hub
diameter the annular area between the hub outside diameter and the housing inside

FIGURE 4.22 Front view of an 18-in vaneaxial fan
wheel, of cast aluminum, with a 48 percent hub-tip ratio,
six airfoil blades with medium-wide tips for grain drying,
and direct drive from 10-hp, 3450-rpm motor.
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FIGURE 4.23 Inlet view of housing for an 18-in vaneaxial
fan, direct drive. Motor and fan wheel were removed so that
the inner ring, motor base, and outlet guide vanes can be seen.

diameter is smaller and the acceleration of the entering air stream is therefore
greater. Without an inlet bell, the vena contracta would be worse and would affect a
larger portion of the blades (to operate in turbulent air and to be starved for air),
particularly if the fan wheel is located near the housing inlet, as in Fig. 4.6. The use of
an inlet bell, therefore, will boost the flow rate by 10 to 15 percent. It also will
increase the fan efficiency and reduce the noise level considerably.

(a)

FIGURE 4.24 A 48-in vaneaxial fan with a 54 percent hub-tip ratio, direct drive from 25-hp,
1150-rpm motor, ten single-thickness steel blades welded to the fabricated hub, and nine outlet
vanes: (a) inlet side; (b) outlet side.
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FIGURE 4.25 Side view of a 10-in vaneaxial
fan wheel, plastic mold, with a 64 percent hub-tip
ratio, seven single-thickness blades, and blade
angles varying from 50° at the hub to 34° at the
tip, for a 16° twist. (Courtesy of Coppus Engi-
neering Division, Tuthill Corporation, Millbury,
Mass.)

For the shape of the inlet bell, an
elliptic contour is ideal, but a circular
contour is a good approximation and
reduces the depth of the spinning. As
mentioned in Chap. 1 (page 1.14), on
basics, the radius of curvature of the
inlet bell should be at least 14 percent of
the housing inside diameter. This is
graphically shown in Fig. 4.26. For exam-
ple, for a 42-in throat inside diameter (or
housing inside diameter), the radius of
curvature should be at least 5% in.

Figures 4.27 and 4.28 show an oversize
inlet bell that was built for experimental
purposes to confirm by test that not much
would be gained if the radius of curvature
were made much larger than 14 percent
of the housing inside diameter. Figure
4.27 shows the fan blades stationary. Fig-
ure 4.28 shows a curved string being
drawn by the air stream while the fan is
running; note the shadow of the string,
indicating that it did not touch the sur-
face of the inlet bell but followed the cur-
vature of the converging air stream.

10

Radius of curvature (in.)
i

0 10 20 30

40 50 60 70

Throat i. d. (in.)

FIGURE 426 Recommended radius of curvature versus throat inside diameter for a venturi inlet.



4.18 CHAPTER FOUR

ITIGURE 4.27 An oversize inlet bell shown on a vaneaxial fan with
five wide-tip airfoil blades in stationary position.

Direct Drive, Belt Drive, Duct Connection

As in tubeaxial fans, direct drive generally is preferable in small vaneaxial fans so
that obstructions to airflow (from the belt housing), belt losses, maintenance, and the
extra expense for bearings, brackets, and belt housings is avoided. Belt drive, on the
other hand, is preferable in large sizes so that the running speed can be kept low

without the use of expensive low-speed motors. Belt drive also permits better cover-

FIGURE 428 The same inlet bell with the fan wheel running and a
string being drawn in by the air stream entering the unit.
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age of the range so that requirements
for air volume and static pressure can be
met more closely. Figure 4.29 shows a
belt-driven vaneaxial fan.

The cylindrical shape of vaneaxial
fans makes them suitable for straight-
line installation. Like tubeaxial fans,
they can be connected to an inlet duct,
an outlet duct, or both.

Guide Vanes

As mentioned previously, the airflow

past an axial-flow fan wheel has a helical

pattern. This means that the air moves

along cylindrical surfaces with practi-

FIGURE 420 Inlet view of a 54- axial cally no radial component, only an axial
o nlet view oI a -1 vaneaxial 3 4 4

fan (930 tpm, belt drive from 25-hp, 1750-rpm 22?1 :nrtf’tatlonal or circumferential com-

motor) with a 45 percent hub-tip ratio, six cast- N . R
aluminum airfoil blades, and the equivalent of Itis the function of the guide vanes to
cleven outlet vanes. (Courtesy of Ammerman  €liminate or at least reduce the air spin
Division, General Resource Corporation, Hop-  past the fan blades. There are two ways
kins, Minn.) in which guide vanes can be provided to
perform their function of reducing the
rotational energy loss: They can be located on the outlet side or on the inlet side of
the fan blades. In the case of outlet vanes, the static pressure is produced partly by
the blades and partly by the vanes. In the case of inlet vanes, the vanes do not pro-
duce any static pressure; they merely prepare the airflow for the blades.

In order to study the two types of guide vanes, let us make a schematic sketch of
the flow pattern along a cylindrical surface for each type of vane. In order to do this,
we have to “unroll” or develop this cylindrical surface into a flat plane. This is done
in Fig. 4.30 for outlet vanes and in Fig. 4.31 for inlet vanes. These two figures show
not only the shapes of the blades and vanes but also the different velocities of the air
flowing past the blades and vanes.

Outlet Guide Vanes

The function of outlet vanes is easier to understand. Figure 4.30 shows how the air-
flow will pass first through the rotating blade section and then through the station-
ary guide vane section. The airflow approaches the blades with an air velocity V, of

cfm

Vo=V, (4.4)

annular area

The airflow then gets deflected by the blades and leaves the blades with velocity
V,. This velocity V; has an axial component V that, of course, has to be retained
for continuity (see Chap. 1, page 1.10, on basics). V; also has a rotational compo-
nent V,, resulting in

V,=VVIt V2 (4.5)
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Stationary outlet vanes \
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FIGURE 4.30 Fun;tiox} of outlet vanes. They guide the helical airflow, produced by the rotating
blades, back to an axial direction, thereby decelerating the air velocity from V; to V.

Vo

Stationary inlet vanes / / / /
(3

Vi /1 v

Vl'
Rotating blades %X@ %X@ %@
Rotation )

# ooy

V,=V,

FIG_URE .4.31 Funcﬁpn of inlet vanes. They guide the approaching axial airflow into a helical
motion, w1th‘ the rotatlopal component opposite to the fan rotation. The rotating blades then
deflect the airflow back into a more or less axial direction, thereby decelerating the air velocity
from V;to V,.
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so that V, is about 20 to 30 percent larger than Vj at the hub. At the tip, the increase
will be smaller, about 10 to 15 percent. In other words, the deflection of the airflow
will be largest at the hub, according to the following formula:

233x10°  SP )
V,=——— X— (4.6)

" pm r

where V, = rotational component of the helical airflow, in fpm
SP = static pressure, in inches of water column
r= radius of the rotating blade section, in inches

The airflow then passes through the stationary vane section. These outlet vanes
guide the air stream back into the axial direction. The air leaves the guide vane sec-
tion with a velocity V, that again must be the same as V, for continuity. In the vane
section, therefore, the airflow is decelerated from V, to V,. Some of this difference
V, ~ V, is converted to static pressure. This phenomenon of static recovery was
explained in Chap. 1. Figure 4.24 shows a vaneaxial fan housing with the outlet guide
vanes visible.

Inlet Guide Vanes

The function of inlet vanes is different. It is illustrated in Fig. 4.31. Here, the air is
first drawn through the stationary vane section. These inlet vanes are curved in such
a way that they guide the airflow into a helical motion whose rotational component
is opposite to the fan rotation. This rotational component should be just sufficient to
neutralize the subsequent deflection in the direction of the fan rotation that is
imposed on the airflow by the rotating blades. As a result, the air should leave the
blades in an approximately axial direction. In this arrangement, the airflow
approaches the guide vanes with air velocity

V,=V,=cfm/annular area (4.4)

The airflow then is guided into a spin by the stationary inlet vanes and leaves them
with velocity

Vi=VVi+V? (4.5)

Again, V is larger than Vo. Finally, as the air passes through the rotating blade sec-
tion, it is deflected back into an approximately axial direction and thereby is slowed
down to V, again, with some of the difference V, — V, converted to static pressure.

Shape of the Guide Vanes

The shape of the guide vanes can be determined from the requirement of tangential
conditions at the leading edge of the outlet vanes and the trailing edge of the inlet
vanes. The width and spacing of the vanes follow considerations similar to those gen-
erally used in the design of turning vanes in duct elbows. The considerations are,
however, not quite the same because the airflow in elbows usually does not change
its velocity (except for the direction), whereas outlet vanes operate in decelerated
airflow and inlet vanes in accelerated airflow.

Since the guide vanes are stationary, the relative air velocities and therefore the
losses here are much smaller than in the blade section. From this it might be sur-
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mised that the shape of the guide vanes is not quite as critical as that of the blades,
This is actually true for the outlet vanes. The shape of inlet vanes, however, is still
critical, not because of the comparatively small losses occurring in them, but because
of the indirect effect on the subsequent blades. If the helical air motion entering the
blade section is not in accordance with the calculation, the blades will not operate
under the precalculated conditions and naturally will not perform as expected. This
is one of the disadvantages of inlet vanes and an advantage of outlet vanes (others
will be discussed later).

The cross section of the guide vanes—like that of the blades—can be either an
airfoil shape or a single line (as shown in Figs. 4.30 and 4.31) of proper curvature.
Airfoil vanes are made as aluminum castings (or sometimes of hollow-steel con-
struction), whereas single-sheet steel vanes are fabricated. The single-sheet steel
construction is used more commonly and will result in satisfactory performance, so
the extra expense of the airfoil construction is seldom justified. Only for certain per-
formance features (such as a wider efficiency curve) will airfoil vanes be useful,
especially in the case of the more critical inlet vanes.

The Pros and Cons of Guide Vanes

Now that the function of the guide vanes has been clarified, the first question to be
asked naturally is: In which cases is it worthwhile to provide such guide vanes? Or in
other words, in which cases should the more elaborate and more expensive vane-
axial fan be used instead of the tubeaxial fan? The answer is: The vaneaxial fan
should be used whenever higher pressure and higher efficiency are requested or
desired. The vaneaxial fan is indicated for high-pressure requirements because it
converts some of the rotational component V, back into static pressure, thereby pro-
ducing more static pressure than the tubeaxial fan. The vaneaxial fan is indicated
whenever high efficiency is desired because—owing to the higher static pressure—
the vaneaxial fan produces a larger air horsepower and therefore a higher efficiency.

The next question to be asked is: Which is the better location for the stationary
guide vanes, ahead or past the rotating blades? The answer is: Qutlet vanes will be
preferable in most cases. Let’s analyze this answer. Inlet vapes (ahead of the blades)
are occasionally (but not too often) the preferred configuration. For example, if the
motor should be on the inlet side (in order to be more accessible) and the guide
vanes should be around the motor (to save space), this would be a good reason to
use inlet vanes. Another example: If strong inlet turbulence (due to an inlet damper
or an inlet elbow or due to an inadequate venturi inlet) can be expected, the inlet
vanes will give the air stream an opportunity to somewhat smooth out before it hits
the rotating blades, so this would be another reason for inlet vanes. On the other
hand, inlet vanes have the following five disadvantages:

1. The shape of inlet vanes is more critical, as was discussed earlier.

2. By giving the air stream a spin opposite the fan rotation, inlet vanes obviously
result in larger relative air velocities (relative to the blades), almost as if the fan
wheel were to rotate at a higher speed. This results in a higher noise level, however.

3. Inlet vanes, while reducing a strong inlet turbulence, will themselves produce some
slight inlet turbulence, again resulting in a slightly increased noise level. In other
words, outlet vanes will be quieter if the blades operate in a fairly smooth airflow.

4. Inlet vanes are designed to compensate for the subsequent deflection of the air
stream by the rotating blades, but they can do this only for one point on the per-
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formance curves. At lower static pressures, the.re will sti}l be some a1rhsp1n O'Il)lpl?e-
site the fan rotation, even past the blades_. At higher static pressures, dt ere wi o
an air spin in the fan rotation despite the inlet spin from the inlet gui eivan?s. The
reason for this is that the deflection by'the rotating blgdes (the rotatlonab ceen
ponent V,) is not constant but is proportional to 'Fhe static pressure, as ca'nt i srm_
from the formula for V,, given earlier'. A remaining air spin cot_lld be qlilé e alif
ful, particularly if there is a converging cone past the fan, whﬁch vxtflou haalllrgpwﬂ}i
the spin, as illustrated in Fig. 1.8 in Chap. 1. Outlet vanes, on the 1021 etrh. " r, w
do a better job of removing the air spin past the blades. They wil o‘f t1s 0 ntia}{
point on the performance curves, by brute force, so to speak, even if tange
conditions do not prevail at the leading edge of the outlet vane. . o
5, The deceleration from V; to V3, wit}} simultaneous .partial converfsml)ln of_ lg(r)lgt?sz
energy (velocity pressure) to potential energy (static pressurﬁ), o : e allrr s
done by the rotating blades in the case~of inlet vanes but by the sta 10rtla tyhg ide
vanes in the case of outlet vanes. Obviously, the air velocity relative lo e s
tionary outlet vanes is considerably smaller and therefore has smaller losses dug
to turbulence than the air velocity relative to the rotating blades. This conlverst1her,
called static regain, therefore will be more efflglent for outlet vanes. In o
words, outlet vanes will provide more static regain.

On balance, we can say that outlet vanes will be preferable in most applications.

Velocity Diagrams, Relative Air Velocities, Blade Angles B+ o

Let us repeat the formula for the static pressure SP produced at each radius of a
vaneaxial fan:

SP=343x10° xrpm X 23 x Cp X IXxW (4.2)

i indi i duced is proportional to W, the air
This formula indicates that the static pressure pro s pr
velocity relative to the blade. Figure 4.32 shows Fhe velocity diagram for outlet vanes
d explains the meaning of the various velocities. o o
o Frogx Fig. 4.32, we note that W consists of two components; V, in axial direction
and Vi — 4V, in circumferential direction. Thus we get

W= Vit (VB - —;— v,)2 4.7)

and that the corresponding air angle B can be calculated from
Ve 4.8
tan B = y T y (4.8)

B 2 r

i larger, namely, B + o, where
The corresponding blade angle must be made somewhat larg ) :
o ise the ang%e of agcack (see Figs. 2.1 and 2.4, Chap. 2, 0n a1rf01ls).The angle o 1s.1dete‘rj
mined from the characteristic curves (for an infinite aspect ratio) fqr the a1rf001 us;o .
The angle o is largest at the hub (about 2° to 5°) and smallest at the tip (about 0° to : ).
The angle & indicates the air angle past the blades, but as can be seen from Fig.
4.32. § is measured from the axial direction (not from the circumferential direction
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FIGURE 4.32 Velocity diagram for outlet vanes.
(D*-d)r
A= 576 annular area in square feet if D and d are in inches

V,=cfm/A, axial air velocity in feet per minute through the annulus
233x10°  SP
V.= rpm X — rotational component in feet per minute of the helical air velocity past
the blades
SP = static pressure in inches of water column
r= rad_ius in inches of the rotating blade section under consideration

Vi= h_ehcal air velocity in feet per minute past the blades, that is, V=" VV 2 + V 2
W, = air velocity in feet per minute relative to the leading edge of the bladel2 '
Wr= air velocity in feet per minute relative to the trailing edge of the blade

W = air velocity in feet per minute relative to the blade, average of W, and Wy

Vi = (2rn/12) x rpm blade velocity in feet per minute of the rotating blade section

w= v+ (V,g-%v,>2

2

Va
tan f= V,— % v, average direction of the relative air velocity W while passing the blade section
v,
tan §= }/: direction of the air velocity V; past the blade, entering the guide vane section; also

angle of the leading edge of the guide vane
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like B). The angle & is also the angle at the leading edge of the outlet vane. It can be
calculated from

v, .
= : 4.
tan & V. (4.9)

Figure 4.33 shows the velocity diagram for inlet vanes and again explains the
meaning of the various velocities. Here, the formula for the relative air velocity W is

different:
1 2
w= |vis (VB 5 V,) (4.10)

The corresponding air angle B now can be calculated from

tan B:—Xal— (411)

VB + —iV,
Again, the angle of attack o is added to B to obtain the blade angle B + o. The angle
& here is the air angle past the vane section, i.e., the angle at the trailing edge of the
guide vane. Again, it can be calculated from

V.
tan § =V 4.9)

Number of Biades z;

Let’s discuss a question that has been asked many times: Is there such a thing as an
optimal number of blades for a vaneaxial fan, and if there is an optimal number,
what is it? Let’s analyze this interesting question.

From the formula for the static pressure produced, we already know that this
pressure is proportional to the product z5 x [, the number of blades times the blade
width. This means that a certain design can be modified by, for instance, doubling the
number of blades and reducing their width to one-half without any appreciable
change in the fundamental design and in the resulting performance of the unit, at
least as far as air volume and static pressure are concerned. But what about turbu-
lence and noise? They are—and this is an important point—mostly produced by the
edges (both leading and trailing edges) and not by the blade surface. Therefore,
fewer and wider blades will result in a better fan efficiency and a lower noise level.
On the other hand, if the number of blades becomes too small and the blade width,
therefore, too large, the fan hub becomes too wide axially and thus heavy, bulky,
expensive, and hard to balance. We are facing two conflicting requirements: fewer
blades for better efficiency and less noise but more blades for less weight, etc.

Aerodynamically, the optimal number of blades would be one very wide blade,
draped around the entire hub, because this would keep the number of blade edges
and the turbulence losses to a minimum. One wide blade, therefore, would result in
the best efficiency and in the lowest noise level but in an impractical and costly fan
wheel. As a compromise between efficiency and cost, five to twelve blades are good
practical solutions.
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FIGURE 433 Velocity diagram for inlet vanes.
D*-dH=

A= T g annular area in square feet

V,=cfm/A, axial air velocity in feet per minute through the annulus
233x10°  SP
V,= —Tp_nT_ X7 rotational component in feet per minute of the helical air velocity past
the vanes
SP= statjc pressure in inches of water column
r = radius in inches of the rotating blade section under consideration

Vi= \/» V2 +.V,.2 helical air velocity in feet per minute past the vanes
W, = air veloqty in feet per minute relative to the leading edge 0% the blade
Wr=air velocity in feet per minute relative to the trailing edge of the blade

W = air velocity in feet per minute relative to the blade, average of W, and Wr

V= (2rn/12) xrpm  blade velocity in feet per minute of the rotating blade section

W= [V}2+ (VB + %—V,)Z

Va
tan = Vot % v, average direction of the relative air velocity W while passing the blade section
v
tan d = “V_a direction of the air velocity V; past the vane, entering blade section; also angle of the

trailing edge of the guide vane

Width of Blades /

The.width of the blades is measured along a curve or, to be exact, along the inter-
section of a cylindrical surface with the blades. However, measuring the blade width
straight across will result in almost the same dimension, except for very wide blades.
The pressure produced, as mentioned before, is proportional to the product zz x L
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After we have decided on the number of blades z5, we must now determine the
width of the blades.

At the hub, the blades must be nonoverlapping, for two reasons: Overlapping
blades might choke the airflow, and—if a simple sand casting is used—they could not
be drawn from the sand. Usually, overlapping blades will be avoided if the blade
width [ is made equal to or smaller than | = 3.4d/z5, where d is the hub diameter and
zp is the number of blades. This, then, will be the blade width at the hub. In some
designs, the blade width is constant all the way from the hub to the tip of the blades,
but often it varies. - -

As far as the point of design is concerned, the designer has a certain amount of
freedom in selecting the blade width for the outer portion of the blades, since varia-
tions in blade width at each radius can be compensated by corresponding variations
in the lift coefficient C; of the profile used in that section. This freedom can be used
to control certain performance features, not just concerning the point of design. The
first and most natural idea would be to make the blade narrower toward the tip
because of the greater blade velocity Vi at the tip. In fact, many fan wheels are
designed this way. Sometimes, however, conditions are such that wide-tip blades
have certain advantages, such as a significantly lower noise level, a steeper pressure
curve, and a higher maximum pressure. However, wide-tip blades result in a deeper
stalling dip (especially for large blade angles) and in a larger brake horsepower at
the no-delivery point. The fan, of course, should never operate at the no-delivery
point, but if by an unforeseen accident it does, the brake horsepower overload might
damage the motor. Narrow-tip blades, on the other hand, result in a flatter pressure
curve, a larger free-delivery air volume, a Jower no-delivery brake horsepower, and
less sensitivity of the sound level to inlet turbulence.

Number of Guide Vanes zy

We have already discussed the number of blades z; and have reached the conclusion
that five to tweive blades will be an acceptable compromise between good fan effi-
ciency and a reasonably low cost. Now we wonder what the number of guide vanes
zv should be. There are only two simple rules for the determination of zy:

1. 7z, should be larger than zp because the guide vanes should be closer to each
other. The risk of choking the airflow due to overlapping is remote.

2. The numbers for zz and zy should have no common divisor; otherwise, two
blades would pass two vanes simultaneously, thereby increasing the noise level.
In other words, the occurrence of blades passing vanes should be staggered
rather than concentrated. Suppose that zp = 6. This would rule out the numbers
8,9,10,12, 14, and 15 for zy. Seven vanes would be spaced too far apart, except
in a very small fan, say, a fan of 5-in diameter or less. Thus 11 or 13 vanes would
be a good selection.

Suppose that zz = 7. This would be a good selection for the number of blades. It
would make the fan wheel fairly narrow in axial direction and easy to balance. And
it would go with any number of vanes zyexcept 14. In fact, 10,11,12, 13,and 15 vanes
would all go well with seven blades.

Suppose that we have 13 guide vanes, but 2 or 3 of them have to be skipped

because they would interfere with a belt housing or a motor support. The remaining
10 or 11 guide vanes then would be spaced as if there were 13 guide vanes.
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TWO-STAGE AXIAL-FLOW FANS

Two-stage ‘axial-ﬂow fans are sometimes a good solution for applications where
higher static pressure is required or (as mentioned on page 4.9) where the static pres-
sure per stage should be reduced so that a smaller hub diameter can be used. There
are two ways to design a two-stage axial-flow fan: (1) with two fan wheels rotating in
the same direction and with guide vanes placed between the two stages (Fig. 4.34) or
(2) with two counterrotating fan wheels and no guide vanes at all (Fig. 4.35). By either
method, the two-stage unit will approximately double the static pressure.

Two-Stage Axial-Flow Fan with the Same Rotation for Both Stages

In the first configuration, a double-shaft extension motor can be placed between the
two fan wheels, as shown in Fig. 4.34, or two separate motors can be used. The sta-

N N

|

4 1

F}GURE 4.34 Two-stage axial-flow fan with a 66 percent hub-tip ratio and
direct drive from a double-shaft extension motor. Guide vanes between the
two fan wheels act as outlet vanes for the first stage and gs inlet vanes for the
second stage.
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F IGURE 4.35 Two-§tage axial-flow fan with a 66 percent hub-tip ratio, two counter-
rotating fan wheels, direct drive from two motors, and no guide vanes.
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tionary guide vanes also will be between the two fan wheels. Their function is shown
in Fig. 4.36. They pick up the helical airflow produced by the rotating blades of the
first stage and—due to their curvature—reverse the rotational component V, to the
opposite rotation, whereby the air velocity first decelerates and then accelerates
again: In other words, they act as outlet vanes for the first stage and as inlet vanes for
the second stage, as shown in Figs. 4.34 and 4.36. The rotating blades of the second
stage then deflect the airflow back into a more or less axial direction, thereby decel-
erating the air velocity from V, to V; = V,. This configuration has the advantage that
the same fan wheel usually is used for both stages, even though theoretically the sec-
ond-stage fan wheel should have slightly smaller blade angles.

Two-Stage Axial-Flow Fan with Counterrotating Stages

In the second configuration, as illustrated in Fig. 4.35, the two fan wheels run in
opposite directions and are driven by two separate motors. The air spin produced by

' e
First stage AX@ W %@
rotating blades Rotation

VO VI
Vl’

Stationary guide vanes
between the stages

/ Vi/ lv‘) /
- —
Vr
Second stage .
rotating blades Rotation

V3=V

FIGURE 4.36 Function of two-stage axial-flow fan with both stages rotating in the same direction
and with guide vanes between the two stages. The stationary vanes reverse the helical airflow from
the first stage into the opposite rotation, whereby the velocity first decelerates and then accelerates
again. The rotating blades of the second stage then deflect the airflow back into a more or less axial
direction, thereby decelerating the air velocity from V; to Vi.
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the first stage is more or less neutralized by the deflection produced by the second
stage, as shown in Fig. 4.37. As a result, no guide vanes are needed, which reduces the
manufacturing cost somewhat and compensates for the possible extra expense of
two motors instead of one. Another advantage of this configuration is that in case
that one of the two motors should fail, the unit can still deliver some air with only
one stage running.

Performance of Axial-Flow Fans

The performance of fans is determined by laboratory tests. The test methods are
Qescr1bed in a manual prepared jointly by the Air Movement and Control Associa-
tion, Inc. (AMCA) and the American Society of Heating, Refrigeration and Air
Conditioning Engineers, Inc. (ASHRAE). Various standard setups (such as test
ducts and test chambers, both for blowing and for exhausting) are specified in the

manual. They will be discussed in detail in Chap. 18. After a test has been run, the test

data are processed (subjected to certain calculations), and the results are plotted on
a graph, such as shown in Figs. 4.38 and 4.39.

Pressure Curve
Figure 4.38 shows the shape of a typical static pressure versus air volume curve. It

cert.ainly has a strange shape, first going up, then going down, and then going up
again. What causes this obviously inconsistent behavior of an axial-flow fan? Let’s

: ey
First stage
rotating blades Rotation
\ °

VO Vl

\&

Second stage
rotating blades % % % Rotation

Vy=Vy

FI_GURE 4.37 Function of two-stage axial-flow fan with two counterrotating fan wheels and no
guide vanes. The rotating blades of the first-stage fan wheel deflect the airflow into a helical motion
thereby accelerating the velocity from V, to Vi. The rotating blades of the second-stage fan wheei
then deflect the airflow back into a more or less axial direction, thereby decelerating the air velocity
from Vi to V,.

AXIAL-FLOW FANS 4.31

Stalling
range

9 \
i Stalling
'?;’ dip Operating
g range
g
= \
2
s
77

S

Ve

7/
Z

Volume (CFM)

FIGURE 4.38 Static pressure versus air volume for a vaneaxial fan with a large hub-tip
ratio and with large blade angles.

analyze it. Starting at the free-delivery (SP = 0) point, the static pressure rises to a
peak value. This is the good operating range of the fan, from free delivery to the
peak pressure. As the air volume—due to increasing restrictions—gradually
‘becomes smaller in this operating range, the axial air velocity V, gradually
decreases, too. As a result, both the angle of attack (between the relative velocity W
and the airfoil or single-thickness profile) and therefore the lift coefficient C,, will
increase (see Fig. 2.5). This increase in the lift coefficient is the reason why the static
pressure increases as the air volume decreases. When the maximum lift coefficient
is reached, the angle of attack has become so large that the airflow is no longer able
to follow the upper contour of the airfoil or profile, and it separates from that upper
contour. The fan then stalls. From here on, the lift coefficient starts to decrease, as
shown in Fig. 2.5, and the static pressure decreases with it. If nothing else would
happen, the static pressure would go all the way down to zero, as indicated by the
dashed line in Fig. 4.38. In other words, the static pressure versus air volume curve
would look similar to the C; versus o curve in Fig. 2.5. It would first rise and then
fall. However, something else happens. After a more or less pronounced stalling dip
in the static pressure curve, the axial-flow fan starts acting like an inefficient and
noisy mixed-flow fan. (Low efficiency and high noise level usually go together in
fans because they both are the result of air turbulence and eddies.) As the airflow
approaches the fan inlet, the blades throw the air outward by centrifugal force and
in this way produce the static pressures of the stalling range, which keep increasing
until the point of no delivery (zero cfm) is reached. Figures 4.40 and 4.41 show a
comparison of the airflow in the operating range and in the stalling range. In the
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Volume (CFM)

FIGURE 4.39  Static pressure, brake horsepower, mechanical efficiency, and sound level
versus air volume for a vaneaxial fan with a large hub-tip ratio and with large blade angles.

operating range, the airflow passing through the unit is smooth and quiet, without
any eddies. In the stalling range, the airflow is turbulent, inefficient, and noisy. It
crowds toward the tips of the blades, and some of it even forms eddies past the
blades and returns to the roots of the blades to be thrown outward again, especially
as the point of no delivery is approached.

The depth of the stalling dip is minor if the hub-tip ratio and the blade angles are
small. For larger hub-tip ratios and larger blade angles, the stalling dip becomes
deeper.

Pressure Safety Margin

Precaution must be taken in the selection of axial-flow fans so that the unit, when
installed in the field, will not operate in any part of the inefficient and noisy stalling
range. For this reason, a pressure safety margin of 30 to 50 percent should be pro-
vided. This means that the maximum operating pressure of the selected unit, i.e., the
peak pressure of the operating range, should be 30 to 50 percent higher than the
pressure required for the application. This pressure safety margin will allow for pos-
sible errors that may have been made in the determination of system resistance and
to allow for possible fluctuations of the system.

Using a 30 to 50 percent pressure safety margin is good practice. If the safety mar-
gin were too small, there would still be the risk that the installed unit might operate
in the stalling range. On the other hand, if the safety margin were larger than really

AXIAL-FLOW FANS
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FIGURE 4.40 In the good operating range, the airflow passing through a
vaneaxial fan is smooth and has no radial components.
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FIGURE 4.41 In the stalling range, the airflow passing through a vane-
axial fan is turbulent, with eddies and with radially outward components.
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necessary, this would increase the motor horsepower required. Thus 30 to 50 percent
is a good compromise between risk and excessive brake horsepower.

Curves for Brake Horsepower, Efficiency, and Sound Level

Coming back to Fig. 4.39, it shows the general shape of the performance curves for an
axial-flow fan. Four curves are plotted against volume output (cfm),showing the vari-
ation of the static pressure, brake horsepower, mechanical efficiency, and sound level
for varying air volumes. We have already discussed the shape of the pressure curve.
The following characteristics are to be noted in the shape of the three other curves.

The brake horsepower curve also first goes up, then goes down, and then goes up
again, but the variations are less than in the pressure curve. The brake horsepower at
the no-delivery point may be higher or lower than the maximum brake horsepower
in the operating range, depending on the design. As mentioned previously, wide-tip
blades have the advantage of a lower noise level but the disadvantage of motor over-
load at the no-delivery point.

The efficiency curve has its maximum point at 65 to 80 percent of the peak pres-
sure. As can be seen in Fig. 4.39, the curve drops off on both sides of this maximum
point.

The sound-level curve has its minimum somewhere in the operating range, usu-
ally near the point of maximum efficiency. It shows little variation within the oper-
ating range but shows a sudden increase as the stalling point is approached, where
the airflow becomes turbulent. After this sudden increase, which in the range of
higher tip speeds is often as much as 25 dB, the unit stays noisy throughout the
stalling range and again shows little variation within this range. We might say that
the sound-level curve has two levels: a low level in the operating range and a high
level in the stalling range. The quality of the sound also changes noticeably from a
predominantly musical note in the operating range to a low-pitch rumbling noise in
the stalling range. The frequency of the musical note is equal to the number of blades
times the revolutions per second. This is so accurate that one can even use this as a
method to determine the revolutions per minute (speed) of an unaccessible axial-
flow fan installed in a system. We simply check the musical note with a pitch pipe,
look up its frequency fin Table 4.1, and calculate the speed from the frequency fand
the number of blades z using the following formula:

rpm = 60f/zp (4.12)

Suppose the fan has seven blades and the musical note is As, having a frequency of 220
vibrations per second. The running speed of the fan then will be 60 x 220/7 = 1886 rpm.

Influence of Hub-Tip Ratio on Performance

We have already established that a larger hub diameter enables a vaneaxial fan to
produce more static pressure. In the section on minimum hub diameter we intro-
duced the formula

Aiin = (19,000/rpm) V SP 4.1)
Solving this equation for static pressure, we get

SP = (dn X Tpm/19,000)? (4.13)
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TABLE 4.1 Musical Notes and Their Frequencies (vibrations per second)

Musical Frequency Musical Frequency Musical Frequency
note f note f note f
A, 110 d As -220 A, 440
An 117 . As 233 Ay 466
B, 123 B; 247 B, 494
G, 131 Cs 262 GCs 523
Cis 139 Cus 271 Cys 554
D, : 147 - Dy 294 Ds 587
Dy 156 Dy 311 Dys 622
E; 165 E, 330 E; 659
F; 175 F, 349 Fis 698
Fy; 185 Fus 370 Fs 740
G; 196 G, 392 Gs 784
Gy 208 Gy 415 Gys 831
As 880

This indicates that the static pressure produced increases as the square of the hub
diameter or, for a constant wheel diameter D, as the square of the hub-tip ratio. In
order to illustrate this, let’s compare the performances of two vaneaxial fans having
the same wheel diameter and running at the same speed but having different hub-tip
ratios. Such a comparison of performances is shown in Fig. 4.42. 1 tested two 29-in
vaneaxial fans with outlet vanes and plotted their performance curves. Both fans had
five blades and 16° blade angles at the tip, and both ran at 1750 rpm, but their hub-
tip ratios were 52 and 68 percent, respectively. Analyzing the graph shown in Fig.
4.42, we find the following differences between the two static pressure curves:

1. The first fan, with the 52 percent hub-tip ratio, produced a maximum static pres-
sure of 3.05 inWC. The second fan, with the 68 percent hub-tip ratio, produced a
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FIGURE 4.42 Comparison of the performances of two 29-in vaneaxial fans at 1750 rpm with five
blades, eleven outlet vanes, 16° tip angles, and hub-tip ratios of 52 and 68 percent.
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considerably higher maximum static pressure (as could be expected), namely,
4.75 inWC.

2. According to the formula, the second fan should produce (0.68/0.52)2 x 3.05 =
5.22 inWC of maximum static pressure. The reason why it actually produced
about ¥2 inWC less than this is that the hub diameter is not the only parameter
influencing the static pressure. The blade width is the other parameter. It so hap-
pened that the second fan had a slightly narrower blade tip, and this resulted in a
slightly lower maximum static pressure.

3. On each curve, the point of maximum efficiency is indicated. It occurs at 2.1
inWC for the first fan and at 3.4 inWC for the second fan. According to the for-
mula, the second fan should produce (0.68/0.52)? x 2.1 = 3.6 inWC at the point of
maximum efficiency. Again, the slightly lower static pressure actually produced is
a result of the slightly narrower tip.

4. While the first fan produces less static pressure, it delivers more air volume and
therefore has a flatter pressure curve. The reason for this is the larger annular
area resulting from the smaller hub diameter.

5. The second fan has a pronounced stalling dip, whereas the first fan has just a
slight reversed curvature in the pressure curve. Vaneaxial fans with larger hub-tip
ratios have deeper stalling dips.

Influence of the Blade Angle on Performance

Figure 4.43 shows the performance of a typical 36-in vaneaxial fan running at 1750
rpm. This fan has a 23-in hub diameter, corresponding to a 64 percent hub-tip ratio,
and ten blades with sheet metal profiles (not airfoils), with the blade widths varying
from 7V2 in at the hub to 11 in at the tip. The blades had a 12° twist from hub to tip,
and the blade angles were varied over a wide range, resulting in tip angles from 13°
(10 hp) to a maximum of 33° (50 hp). In Fig. 4.43, we note the following:

1. Seven static pressure curves are shown, for tip angles of 13° (10 hp), 16° (15 hp),
19° (20 hp), 22° (25 hp), 25° (30 hp), 29° (40 hp), and 33° (50 hp).

2. Let’s analyze the performance shown for the middle cprve, which uses a 22° tip
angle and a 25-hp motor. It has a maximum static pressure of 6.2 inWC. The max-
imum efficiency occurred at a static pressure of 4.5 inWC, so the pressure safety
margin was 38 percent. The volume at this point was 22,700 cfm. Calculating the
minimum hub diameter, we get duyi, = (19,000/rpm)V/SP = (19,000/1750)\/45 =
23.0in. This is the hub diameter we actually used. Calculating the minimum wheel
diameter, we get Dy, =/d?+ 61 (cfm/rpm) = /132 + 61 x 22,700/1750 = \/529 + 791
='V1320 =36.3 in. We actually used a 36-in wheel diameter.

3. As the blade angles were increased from 13° to 33°, the air volume (cfm) dou-
bled, while the maximum static pressure increased by about 50 percent and the
stalling dip deepened.

Some manufacturers make axial-flow fan wheels with adjustable-pitch airfoil
blades. This angular adjustment can be accomplished in various ways. My US. patent
no. 4,610,600 describes one method that maintains good fan efficiency. Usually, the
adjustment is done with the power shut off, but some designs permit automatic “in-
flight” adjustment. :

From the performance curves shown for this 36-in vaneaxial fan at 1750 rpm, one
could calculate the performance curves for other running speeds and for other sizes
as long as they are in geometric proportion with the 36-in size. These conversions for
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FIGURE 4.43 Performance of a 36-in vaneaxial fan at 1750 rpm with tip ang ried f
(10 hp) to 33° (50 hp). (From Bleier, F. P, Fans, in Handbook of Energy Systems Engineering. New

York: Wiley, 1985.)

other speeds and sizes are done by using certain formulas known as fan laws. These
will be discussed in Chap. 5.

Comparison of Performance for the Four Types of Axial-Flow Fans

Figure 4.44 shows a comparison of the static pressure curves for the four types of
axial-flow fans, all having the same wheel diameter and the same running speed.
While the general shape of the four curves is similar, the range of static pressures
is quite different. The propeller fan delivers the largest air volume but produces
the lowest static pressure and therefore has the flattest pressure curve. The tube-
axial fan is in the middle. The vaneaxial fan delivers less volume in the low-
pressure range but produces the highest static pressure and therefore has the
ssure curve.
Ste;li)geiis fte.:44 also shows some parabolic curves that ‘intersect the pressure curves.
These parabolic curves are called system characteristics because they characterize
the system (ducts, coils, elbows, dampers, etc.), the same as the pressure curves char-
acterize the fan. System characteristics will be discussed in more detail in Chap. 5.
For the time being, let’s just say that they show the static pressure needed to over-
come the resistance of the system and that this static pressure increases as the square
of the air volume to be blown or drawn through the sy§t§m.The point of intersection
of the fan’s pressure curve with the system characteristic will be the point at which
n will operate in this system. _

the’lfaallble 42 Ehows the higlﬂights of this discussion of the four types of axial-flow
fans: propeller fans, tubeaxial fans, vaneaxial fans, and two-stage ax1a} flow fans. Tklllls
table again shows that the sequence propeller, u_lbea)nal, and vaneagal indicates the
general trend of increasing hub diameter, static pressure, and efflc.lency. "H}e efﬁ-
ciencies shown on the last line of the table are the maximum meghamgal efficiencies
that can be obtained with a superdeluxe model. Practical fan efficiencies usually are
slightly lower. Belt-driven units, again, have slightly lower efficiencies.
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FIGURE 4.44. Comparison of static pressure curves for four types of axial-
flow far}s having the same wheel diameter and the same running speed.
Pa!'a.bohc curves indicate four system characteristics through the maximum
efficiency point of each fan. (From Bleier F. P, Fans, in Handbook of Energy
Systems Engineering. New York: Wiley, 1985.)

INFLUENCE OF THE TIP CLEARANCE ON THE
PERFORMANCE OF VANEAXIAL FANS -

12

Figures 4.45 through 4.47 show the results of a series of tests I conducted on a 29-in
vaneaxial fan running at 1750 rpm. I started with a unit having a ¥se-in tip clearance
and Fhep machined the fan wheel outside diameter down by %s in on the radius for
a 1{8-1n tip clearanpe and retested the unit. I repeated this process several times until
I finally had a 1-in tip clearance. Not that I ever expected to use such a large tip
clearance. I just wanted to determine exactly what the performances at these differ-
ent tip clearances would be. These curve sheets indicate that for increasing tip clear-
ances, the following changes in performance occur:

1. The air volume decreases, but not too much.
2. The maxﬁmum stat_ic pressure in the operating range decreases considerably,
from 2.5 in at a Yie-in tip clearance to 1 in at a 1-in tip clearance. ’
3. The brake horsepower in the o i i
perating range decreases considerably, bu
much as the static pressure. y-outnotas
4. Afsszz result, the mechanical efficiencies decrease considerably, from a maximum
of 82 percent at a ¥is-in tip clearance, to 72 percent at ¥is in t0 60
( y erce 13
in, to 58 percent at 1 in. ’ pereent at e
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TABLE 4.2 Typical Features of Axial-Flow Fans with Direct Drive

Single-stage Two-stage
Type Propeller Tubeaxial vaneaxial axial-flow
of fan fan fan fan fan
Casing Mounting ring Short Cylindrical Long
or “cylindrical housing cylindrical
Mounting panel housing housing
Motor - Inlet side - Inside housing,  Inside housing, Inside housing,
support of panel outlet side outlet side between the
preferred preferred preferred two stages
Guide None None Past fan wheel ~ Between the two
vanes preferred stages or none
Hub-tip 0-40% 30-50% 45-80% 50-80%
ratio
SP (inWC) 0-1 o2V 1-9 4-18
Blade 30-50° 30-50° 30-60° 30-60°
angle
at hub
Blade 10-25° 10-25° 10-35° 10-35°
angle
at tip
Maximum 70% 75% 90% 70%
mechanical
efficiency

5. The noise level at free delivery increases somewhat, from 73.5 dB at a ¥ie-in tip
clearance to 76 dB at a ¥-in tip clearance.

6. The noise level in the stalling range goes up and down periodically, fluctuating
between 96 and 108 dB. This seems to be the result of a resonance condition. It
reaches maxima at tip clearances of ¥, ¥2, and ¥ in. This may be an interesting
finding, but it is of no practical value, since the fan should never be used in the

stalling range.

What is of practical value is what we found about the performance in the operat-
ing range, that the smallest possible tip clearance will result in optimal performance
in all respects: pressure, efficiency, and noise level. In small vaneaxial fans, it would
be worthwhile to machine the wheel outside diameter and the housing inside diam-
eter so that a small tip clearance can be held. In larger fans, this would be too expen-
sive, and as a compromise between cost and performance, a somewhat larger tip
clearance will have to be accepted.

Tubeaxial and propeller fans produce lower pressures and efficiencies than
vaneaxial fans. A larger tip clearance, therefore, is less harmful in these fans.

VANEAXIAL FANS WITH SLOTTED BLADES

Figure 2.6 showed how the airflow will pass smoothly over an airfoil blade, thereby
producing a lift (see Fig.2.1), most of which is the result of negative suction pressure
on the top side of the airfoil. This lift results in the static pressure produced by the
fan. As the angle of attack gets larger and larger, the lift and therefore the static pres-
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FIGURE 4.45 Influence of tip clearance on the pressure and brake horsepower curves of
a 29-in vaneaxial fan running at 1750 rpm.

sure become larger too, but there comes a point where the angle of attack becomes
so large that the airflow can no longer follow the airfoil contour and will separate
from the upper (suction) side of the airfoil, as shown in Fig. 2.7. In a typical airfoil,
this will happen when the angle of attack reaches about 10° to 15°.

Please note that this 10° to 15° is not the blade angle. The blade angle is much
larger. The blade angle is B + o, where B is the air angle, which can be calculated from
the velocity diagrams (Fig. 4.32 for outlet vanes or Fig. 4.33 for inlet vanes):

V.
tan B = — 1 for outlet vanes (4.8)

VB - 3Vr

AXIAL-FLOW FANS , 4.41

EIx 100
gazse e S
= AR L e
Scineed - -5 H
A E
MRREE 4 " 8 =
i Ve 2
N 80
90 F & 70
S F
\g’ EaiE = Tip clear.
= & 7 4 s e
© - h D IMA!
g 70 p ; A
- ggaman SRR e
§ : 7 L ¥
N\
60 F B ammzariss SovaATama =
- A 7 ’ Y ) 5/8 [l
A 3/
50 A d /'/sﬂ'::
uws y: i\ ]
40
4/'- T 1
o 1 2 3 4 5 6 7 8 9100001l 12 13 14
CFM

FIGURE 4.46 Influence of tip clearance on the efficiency and noise-level curves of a 29-in
vaneaxial fan running at 1750 rpm.

tan B= -——Z“l—— for inlet vanes (4.11)

VB + —QTV,

As mentioned previously, outlet vanes are preferable in most applications. _
Inr other words, whenever the angle of attack exceeds about 15°, separation of air-
flow will occur, and the stalling range of the vaneaxial fan will start. '
The so-called slotted blade was patented by Dr. Herman E. Sheets in 1943 and is
manufactured in small sizes by General Dynamics Corporation. The sl'otted blade
will delay separation of the airflow and thereby extend the good operating range of
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a vaneaxial fan. It will permit larger blade angles and larger a
ing in higher lift coefficients and thereby in higéher maxin%um srﬁltfs grfeaststl?rcé(s’ lr)zsfl(;lt_
stallgl_ng StaZtZSH(})lW does the slotted blade accomplish this? "
igure 4.48 shows how the slotted blade functions. It really is n

bla.d'e but consists of two slightly overlapping airfoil blades Wiﬂ)l’ a slo(;tb(;?vi:égt:ﬁg
trailing e_dge of the ﬁ'rst blade and the leading edge of the second blade. Figure 4.48
shows this configuration and the air velocities relative to the rotating bl.ades As t.he
airflow approachqs the leading edge of the first blade, it divides into an up‘ er air-
ﬂov'i/‘lzlmc} a lower glrﬂow, the same as in a normal (not slotted) blade P

. Ihe lower airflow passes under the bottom of the first b : i
divides into two branches. Most of it will pass under the secon?%?azzda;gega:tgfﬁg
sepond b_lade, but‘a small portion will pass through the slot between the two blades
with a high velocxty because the slot is narrow. After passing through the narrow
slot, this small portion of the lower airflow then will flow over the top of th d
blade and join the rest of the lower airflow. ; seeon
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FIGURE 4.48 Function of the slotted blade. The flow arrows shown represent relative air veloci-
ties (relative to the moving blades). The absolute air velocities would be the vector sum of the rela-
tive air velocities plus the blade velocity. The absolute air velocities past the blades would have a
strong spin to the left, which then would be neutralized by the outlet guide vanes, the same as for a

solid blade.

The upper airflow will pass over the top of the first blade and then over the top
of the second blade, as long as the angle of attack at the first blade is small. However,
as the resistance of the system increases, the angle of attack at the first blade
increases too, until a point is reached where the angle of attack at the first blade
becomes too large and the airflow can no longer follow the upper contour of the first
airfoil so that the airflow would separate from the top contour of the first airfoil, if
nothing else happens.

However, something else does happen that will delay the separation of the air-
flow from the top of the first airfoil. Actually, two things happen:

1. One is the high-velocity air stream through the slot. According to Bernoulli, this
high-velocity air stream will produce a low-pressure area—in fact, a negative suc-
tion pressure past the slot. This suction pressure will draw the airflow coming
from the top of the first blade back to the top contour of the second blade.

2. The second thing is the negative pressure produced by the suction side of the sec-
ond airfoil. This negative pressure assists in drawing the airflow back. Both phe-

nomena together will prevent flow separation for awhile.

This means that the slotted blade can go to steeper blade angles, larger lift coef-
ficients, and higher static pressures. Furthermore, because of the larger blade angles,
there is room for more blades, which again results in higher static pressures. The
maximum static pressure thus obtained easily can be double that of a normal blade.
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The air volume also is increased due to the larger blade angles. This means that a cer-
tain requirement for air volume and static pressure can be fulfilled with a lower
speed or with a smaller fan. This will make up for some of the increased cost of the
slotted blade.
The high static pressure produced by the slotted blade results in a deep stalling dip
and in a no-delivery static pressure that is smaller than the maximum static pressure
-in the operating range. With this unconventional appearance of the pressure curve,
the user must be doubly careful that the fan will not operate in the stalling range.

APPLICATIONS WITH FLUCTUATING SYSTEMS

Figure 4.39 showed the usual shape of the performance curves for a vaneaxial fan.
The brake horsepower curve shown has a no-delivery value just slightly above the
maximum brake horsepower in the operating range. This is still acceptable. In some
designs, however, the no-delivery brake horsepower rises considerably above the
maximum brake horsepower in the operating range. This happens whenever the
blade width at the tip is much wider than the blade width at the hub and the blade
angles are small. As mentioned, wider tips have the advantage of lower noise levels.

Even though the fan should never operate in the stalling range, there are instal-
lations where the fluctuations of the system become so great that—despite the pres-
sure safety margin—the operating point is temporarily switched into the stalling
range, sometimes even to the no-delivery point. This may happen, for example, when
wind pressure works against the outlet of a system, when intake dampers for the

_makeup air of an exhaust system are accidentally closed, or when the cooling coils of
a refrigerating system freeze up.

In applications where this could happen, the unit should be designed in such a
way that the no-delivery brake horsepower is kept below the motor horsepower. In
other words, wide-tip blades may have to be avoided in such applications. The prob-
lem of controlling the no-delivery brake horsepower is hardest in cases of small
aerodynamic load, such as propeller fans and fans with small blade angles. The prob-
lem is relatively easier in cases of heavy aerodynamic load such as vaneaxial fans
with large blade angles or with slotted blades. N

Since the operating range is the most important range, it occasionally may hap-
pen that the no-delivery brake horsepower would overload the motor. In such cases,

‘the motor should be equipped with overload protection.

NOISE LEVEL
MOSELEVEL

The noise level produced by well-designed axial-flow fans is lower than that of cen-
trifugal fans of the same tip speed, but it is more sensitive to the effect of turbulent
airflow (which will raise the noise level). Here is a list of factors (in the order of
importance) that produce noise and therefore should be avoided when quiet opera-
tion is desired:

1. Operation in the stalling range
2. High tip speed
3. Lack of an inlet bell if installed without an inlet duct
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Obstructions in the air stream ahead of and close to the blades (support arms,

belt housing, conduit pipes) .
5. Elbows in the duct work ahead of and close to the fan inlet
6. Inlet guide vanes as opposed to outlet guide vanes
7. Obstructions in the air stream past and close to the fan b1a<.iets
8. Vibrations due to poor balance or due to a resonance condition
i i d to airfoil blades.
9. Single-thickness blades as oppose : —
10. Many narrow blades as opposed to fewer and wider blades (becauset gsrrgf;ln
‘ tione}:i previously, it is the blade edges, particularly the trailing edges, rathe
the blade surfaces that produce turbulence and therefore noise)

4.

Figure 4.49 shows a comparison of the noise-level Cl‘lévl?s f)or tzlvo V:rlllt;?/)i(;ag lfriréi
si having outlet vanes (solid line) and on
of the same size and speed, one line) and one B g o
i for outlet vanes has the typical shap /
vanes (dotted line). The curve fc L e s Tovels
in Fi d difference between the operating '
in Fig. 4.39. The pronounce ; : g A e e tur.
i i e is smooth and sta
indicates that the airflow in the operating range .
gllfllent the operating level would be almoslt) as hlglglh as ttl)lstsittagﬁz%v lsea\llehli.gher operat.
’ i ape,
urve for inlet vanes has the same basic s : -
in, TE()Cisce level than the curve for outlet vanes. The dlffere;nce bet\fve?}rlle trl‘laelzang/e
a% es. therefore, is smaller for inlet vanes. This is due to the increase in he re iy
;ir %elc;cities cau;ed by the inlet vanes, which naturally has the strongest etfe

operating range and practically no effect in the stalling range.

OUTLET DIFFUSER AND OUTLET TAIL PIECE

o - . sed
An outlet diffuser and an outlet tail piece, as shovyg 11%014;1%. ;721, ;ézls&r?s;rsnee?nuthe
i i ir function is to provide : _
g e eans too ot tly for a gradual decrease in the air
r area toward the outlet and consequently 1 g > i ax
321110121537 thereby avoiding abrupt changes and improving the flow conditions w

Qutlet vanes

Sound level (Db)

Volume (cfm)

FIGURE 4.49 Sound-level curves for vaneaxial fans.



4.46 CHAPTER FOUR

respect to static regain, i.e. (see page 1.12), the reconversion of useless to useful
energy. For best results, the two cones, one diverging and one converging, are long
and have small angles, about 6° with the center line. Such a diffuser and tail piece will
increase the fan efficiencies by about 4 percent, due to a slight increase in air volume
and static pressure. This may permit a slight blade angle reduction and consequently
a slight reduction in the brake horsepower. In large units, such as those used for mine
ventilation, this brake horsepower reduction may be considerable.

The diffuser and tail piece, on the other hand, have the disadvantages that they
make the unit longer and more expensive, and in case of direct motor drive, they reduce
the motor cooling effect of the air stream and the accessibility of the motor, if the motor
is located on the outlet side. They are therefore often omitted in small and medium-
sized units. In very large units, however, where belt drive is used and the motor is
located outside the housing, the outlet diffuser and tail piece are usually included.

SELECTION OF AXIAL-FLOW FANS

Table 4.2 indicated that the sequence propeller, tubeaxial, vaneaxial, and two-stage
axial indicates the general trend of increasing static pressure. For even higher pres-
sures, centrifugal fans are used, as will be discussed in Chap. 7. The ranges of the var-
ious types overlap. For example, the borderline between tubeaxial and vaneaxial
fans is quite flexible. In addition, the range for centrifugal fans widely overlaps with
the range for two-stage axial-flow fans and even with the range for single-stage
vaneaxial fans. Keeping all this in mind, I will give four examples of how to select
axial-flow fans. This section will explain certain procedures used in fan selection. The
same procedures then can be applied in other fan selections.

The problem of fan selection usually presents itself in the following manner: A
certain air volume and static pressure are required for a certain system. Often the
customer will even make a fan selection, by suggesting the type and size of fan, the
fan speed, and the motor horsepower. The first step will be to check whether all
these data are acceptable and whether perhaps a better selection could be made.

Example 1: Suppose the requirements call for 20,600 d¢fm at a static pressure of 2
inWC to be produced by a 30-in vaneaxial fan with a belt drive at 2000 rpm from a
10-hp motor. Let’s check these data. A 30-in vaneaxial fan will have an outlet area
OA of 5.1 ft*. As mentioned in Chap. 1, the outlet velocity OV will be 20,600/5.1 =
4039 fpm, and the corresponding velocity pressure VP will be (4039/4005)% = 1.02
inWC. The total pressure will be TP =SP+VP=2.00+1.02 =3.02 in WC, and the air
horsepower ahp will be (cfm x TP)/6356 = (20,600 x 3.02)/6356 = 9.29. With a 10-hp
motor, as required by the customer, this fan would have to have a 93 percent
mechanical efficiency, which is more than can be expected. This means that a 10-hp
motor would be overloaded. A 15-hp motor will be needed in order to get 20,600 cfm
at a static pressure of 2 inWC from a 30-in vaneaxial fan.

Please note that the fan speed did not enter into this calculation. In other words,
in order to get 20,600 cfm at a static pressure of 2 inWC from a 30-in vaneaxial fan,
a 15-hp motor will be required, regardless of what the fan speed will be.

Next, let’s calculate the minimum hub diameter d_, and the minimum wheel
diameter Dy, for these requirements, using our formulas (see pages 4.7 and 4.9).
The minimum hub diameter dp, will be d;, = (19,000/rpm) V'SP = (19,000/
2000)V/2 = 13.44 in. We decide to make d = 14 in. This will give us a hub-tip ratio
of 14/30 = 0.47. Table 4.2 shows that vaneaxial fans have hub-tip ratios from 45 to
80 percent, so our 47 percent is within this range.
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Next, we calculate the minimum wheel diameter D . It will be
Diin = V& + 61(ctm/rpm) = V14? + 61(20,600/2000)

=V196 + 628 =28.71in

i i i -in mini heel diameter we
Our 30-in wheel diameter is larger than the 28.71-in minimum w
obtained by calculation. The 30-in wheel diameter suggested by the customer, there-

e, 1s a good figure. . ) .

fOrNow v%e are rgeady to study the rating tables published in VaqeaX1al faq catalogs.
Table 4.3 shows such a rating table for a 30-in vanea?(i‘al fan with belt drive, taken
from the vaneaxial fan catalog of the Ammerman Division Qf the Geneyal Resource
Corporation. Figure 4.29 shows a photograph of this belt-driven vaneaxial fan. From

table 4.3 we note the following:

1. This is the customary format to present the performance of belt-driven vanea_xllaI
fans, with the static pressures shown on top, the volumes and outlet velocities
shown on the left side, and the speed (rpms) and brake horsepowers shown at the
cross points. Later we will explain how these -performance tables can be calcu-
lated from performance tests.

. . . e . ts. For
2. For this 30-in vaneaxial fan, we find figures ra.ther clqse to our requiremen
20,629 cfm and a static pressure of 2 inWC, this fan will run at 2061 rpm and con-

sume 14.1 bhp. A 15-hp motor would be all right.

As a rule, we can obtain the same air volume and static pressure with a larger fan
at a lower speed. This larger fan will have two advantages:

1. Tt will have a lower power consumption (bhp) and therefore a lower operating

cost.
2. It will have a lower tip speed and therefore a lower noise level.

The smaller fan, on the other hand, also will have two advantages:

1. It will be more compact.
2. It will have a lower first cost.
To check these four points, let us look at the rating table for the next larger size in

the Ammerman catalog, i.e., the 36-in size. It is shown_ in Table 4.4. We find the fol-
lowing comparative data for these two sizes of vaneaxial fans:

Size (in) 30 36
Speed (rpm) 2061 1395
Volume (cfm) 20,629 20,625
SP (inWC) 2.00 2.00
Brake horsepower (bhp) 14.1 11.1
Tip speed (fpm) = 16187 13,148

= (D/12)mrpm

Comparing these figures for the 30- and 36-in sizes, we find the following:

1. For the 36-in size, the tip speed will be 19 percent lower, for a reduced noise level,
an important consideration. -
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2, For the 36;in size, the brake horsepower will be 21 percent lower, so the operat-
ing cost will be considerably lower. This will offset the higher first cost of the 36-
in fan. With an 11.1 bhp, we might even get by with a 10-hp motor. This again, will
compensate for the higher first cost of the 36-in fan. ’ ,

In view of these conditions, the 36-in vaneaxial fan probably will be preferable.

Example 2: An inexpensive fan should be selected that will deliver 5100 cfm or
preferably more against a static pressure of ¥ inWC and that will be quiet enough
for 1ns§alla§10n as an exhaust fan in a record store. Since the static pressure is only ¥4
inWC, it will be a propeller fan, as pictured in Fig. 4.50. We look at Table 4.5, show-
ing an Ammerman catalog sheet for propeller fans, both for direct drive and f’or belt
rcgllye%We gelzllezlctlg 36-511'11 fzrogeller fan with belt drive at 575 rpm from a ¥%-hp motor.
is fan will deliver cfm at a static pressure of ¥4 i i
of 5419 fpm, so it will have a low noise legel. WE It has alow tip speed
If this fan were for installation in a factory, where quiet operation is not required
we wou]c'l select from the same Ammerman catalog sheet a 24-in propeller fan with
direct drive frqm a ¥-hp, 1140-rpm motor. This fan will deliver 5811 cfm at a static
pressure of ¥4 inWC. It will have a tip speed of 7163 fpm (32 percent larger) and
ther.efoge will have a higher noise level, but it will deliver 13 percent more volume
anq it will be less expensive due to the smaller size and the direct-drive arrangement
which eliminates two pulleys, two bearings, a bearing base, and a belt. The %-hp’
1140-rpm motor will be slightly more expensive than the ¥-hp, 1750-rpm motor useci
for the belt-drive arrangement in the 36-in propeller fan.

Example 3: An axial-flow fan should be selected that will deliver 25,000 cfm at a
static pressure of 32 inWC, a considerable static pressure that probably will require
a vaneaxial fan but possibly could be produced by a less expensive tubeaxial fan. We
flrst loqk at an old catalog by International Engineering, Inc., Dayton, Ohio, cover-
ing their line of tubeaxial fans. International calls them “duct boosters.” Figlire 4.51
shows the fan wheel. It has a 52 percent hub-tip ratio and eight wide blades. Table 4.6
shows the performance for International’s 15 direct-drive models. The ninth model

Direct drive Belt drive

FIGURE 4.50 Propeller fans with sheet metal blades for low ¢ Vi
| ost. (Court A -
sion of General Resource Corporation, Hopkins, Minn.) ( riesy of Ammerman Divi
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has a 36-in diameter and is driven by a 30-hp, 1750-rpm motor. By interpolation
between static pressures of 3 and 4 inWC, we find that this tubeaxial fan will deliver
the required 25,000 cfm at a static pressure of 3%2 inWC.

Looking again at Table 4.4, showing the performance for Ammerman’s 36-in
vaneaxial fan, we find that the required 25,000 cfm at a static pressure of 3% inWC
can be obtained with their 36-in vaneaxial fan at 1779 rpm and that this fan will con-
sume only 23.0 bhp, due to the fact that a vaneaxial fan has a higher efficiency than
a tubeaxial fan and therefore consumes less brake horsepower for the same duty.
This means that the 36-in vaneaxial fan will have two advantages over the 36-in

tubeaxial fan:

1. The 36-in vaneaxial fan will have a lower operating cost because of lower power
consumption. :

2. The 36-in vaneaxial fan will have a lower first cost too (an unusual combination),
since it will need only a 25-hp motor instead of a 30-hp motor.

The 36-in vaneaxial fan therefore will be a better selection.

Example 4: A vaneaxial fan for straight-line installation should be selected that
will deliver 4000 cfm against a static pressure of 4 inWC. Table 4.7 shows the perfor-
mance in an old Aerovent catalog for belt-driven vaneaxial fans. For the 15-in size,
we find that we can obtain 3970 cfm at a static pressure of 4 inWC with belt drive at
3486 rpm, with a power consumption of 4.77 bhp. We could use direct drive from a 5-
hp, 3450-rpm motor. This would eliminate the belt losses and reduce the power con-
sumption to about 4.5 bhp. The outlet area will be 1.27 ft?, so the outlet velocity will
be OV =3970/1.27 = 3126 fpm and the corresponding velocity pressure will be VP =
(3126/4005) = 0.61 inWC, resulting in a total pressure 7P =SP + VP =4.00+0.61 =
4.61 inWC, with an air horsepower ahp = cfm x TP/6356 = 3970 x 4.61/6356 = 2.88
and a mechanical efficiency of 2.88/4.5 = 0.64 = 64 percent.

If good accessibility to the motor is important, we would use belt drive instead of
direct drive, or since the static pressure of 4 inWC is fairly high relative to the small
4000 cfm, we might consider using a centrifugal fan if it would fit into the geometric
configuration of the system.

OVERLAPPING PERFORMANCE RANGES

The four examples presented for the selection of an axial-flow fan tend to indicate
that the requirements for air volume and static pressure often determine what type of
fan should be used for a specific application. If the static pressure is low, say, less than
% inWG, it probably should be a propeller fan (if it can be mounted in a wall or par-
tition) or a tubeaxial fan (if it should exhaust from a duct). If the static pressure is
between ¥ and 3 inWC and the fan should exhaust from a duct, it probably should be
a tubeaxial fan; if the fan should blow into a duct, a vaneaxial fan would be preferable
because the tubeaxial fan would produce a spin in the outlet duct, and this would
increase the friction path and therefore the static pressure beyond the estimated
pressure loss in the outlet duct. If the static pressure is more than 1% inWC and good
efficiency is desired, it probably should be a vaneaxial fan rather than a tubeaxial fan,
regardless of whether the fan is blowing or exhausting, If the static pressure is more
than 6 inWC, it could be a two-stage axial-flow fan, but then the efficiency would be
somewhat lower; for better efficiency, it should be a centrifugal fan.
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4.56 : : CHAPTER FOUR

FIGURE 4.51 High-pressure tubeaxial fan wheel with
a 52 percent hub-tip ratio and eight wide blades. (Cour-
tesy of International Engineering, Inc., Dayton, Ohio.)

As mentioned previously, the performance ranges for the various types overlap,

so the decision on the type of fan can be based on other considerations, such as those
listed below.

The vaneaxial fan has the following advantages over the centrifugal fan:

1. Greater compactness
2. Lower first cost
3. Straight-line installation, resulting in a lower installation cost
4. Lower sound level at the same tip speed
The centrifugal fan, on the other hand, has the follbwing advantages over the
vaneaxial fan:
1. Natural adaptability to installations requiring a 90° turn of the air stream
2. Better accessibility of the motor compared with direct-drive vaneaxial fans

3. Better protection of the motor against hot or contaminated gases than for a
vaneaxial fan with direct drive

4. Greater assurance for operation in the efficient and quiet performance range,
particularly for systems with fluctuating flow resistance

SAMPLE DESIGN CALCULATION FOR A 27-IN
VANEAXIAL FAN

Suppose a customer wants several 27-in vaneaxial fans with direct drive from a 7v-
hp, 1750-rpm motor to deliver 11,500 cfm against a static pressure of 2.5 inWC. A
noise level not more than 86 dB is desired; therefore, we will use

TABLE 4.6 Performance of High-Pressure Tubeaxial Fans, Direct Drive
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Source: Courtesy of International Engineering, Inc., Dayton, Ohio.
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4.60 CHAPTER FOUR

1. Airfoil blades rather than single-thickness blades
2. Blades that are somewhat wider at the tip than at the hub
3. Outlet guide vanes rather than inlet guide vanes

A TV-hp, 1750-rpm motor will have an outside di

' X iameter of 10%2 to 11% i
depending on the type of motor. We can calculate the dimensions 2of this 2873;1,
vaneaxial fan using the various formulas discussed previously.

As a first step, we will calculate the hub diameter 4 using Eq. (4.1):
A = (19,000/rpm)\/SP
= (19,000/1750)V2.5
=17.17in

We decide to make the hub diameter d = 17% in.

Next - . . . .
Eq (ZE ), :we will check whether the desired 27-in wheel diameter is acceptable, using

D= Vd* + 61(cfm/rpm) = V'17.25% + 61 (11500/1750)
=V/297.56 + 400.86 = \/698.42
=26.43 in

The 27-in wheel diameter will be all right.

We will use a ¥4-in tip clearance, small enou
-arance, gh for good performance yet
enough for easy assembly. This will make the housing inside dila)lmeter 27%‘?13.%&761:3»1‘-1%17

use nine airfoi = i i i
Sheetlme?:‘i 1.011 blades (zz = 9) and 14 outlet guide vanes (zy = 14) of single-thickness

Next, let’s check whether the 7V4-h i
the fan houaias will e »-hp motor will be adequate. The outlet area of
27.25
24

) .
OA = ( ) 7t =4.050 ft?

v 3
so the outlet velocity at the specified point of operation will be

11,500
4.050

ov= = 2840 fpm

the velocity pressure will be

_[2840\2 0 .
=\2005 ) = 503 inWC
the total pressure will be

TP =2.50+0.503 = 3.003 inWC
and the air horsepower will be

ahp = cfmXx TP 11,500 x 3.003
6356 6356

=543

AXIAL-FLOW FANS 4.61

so the mechanical efficiency will be

4
ME = EEB = §7—53— =(.724 =72.4 percent

bhp .
at the specified point. This is acceptable, so the 7¥2-hp motor will be adequate. In

fact, we can expect a higher efficiency than this.
The annular area A, between the between the hub outside diameter and the

housing inside diameter will be

2725\ (1725 2
A””( 24 )”‘( 51 )n—4.050—1.623—2.427ft

and the axial velocity V, through the annular area will be

11,500

— = 2= ¢ 2
V=57 = 4738 fpm and  VZ=2245x 10" (fpm)

We will need this figure to calculate the relative air velocity.

Now we can go ahead with the calculation of the various dimensions for three
radii: hub (8.625 in radius), middle (11.0625 in radius), and blade tip (13.500 in
radius). Table 4.8 shows the dimensions we obtained and the various formulas we
used to calculate them.

For the first nine lines of Table 4.8, the formulas we used are shown. For line 10, we
have some freedom in selecting the blade width /, as long as /is below a certain value
for each radius. The formula for this value is shown on line 10. We selected a tip width
46 percent larger than the blade width at the hub. As mentioned, a wider blade tip will
result in a lower noise level. Unfortunately, it also will result in an increased no-
delivery brake horsepower, but this will be acceptable if the overload is not too much.
The tests later showed a no-delivery overload of 20 percent, which is acceptable.

Line 11 shows the airfoil section selected for each radius. Figure 4.52 shows the
shape of the three airfoil sections selected for this 27-in vaneaxial fan. The section at
the bottom is for the 8%-in radius, adjacent to the hub, the next one is for the 11V16-
in radius, in the middle of the blade, and the section on top is for the 13%-in radius,
at the blade tip. The hub section is the NACA airfoil no. 6512. The two other sections
are thinner airfoils. They are modifications of the NACA no. 6512, with the cambers
reduced to 72 and 53 percent, respectively. There are two reasons why the hub sec-
tion of the blade is made thicker than the other sections:

1. The hub section has to have more mechanical strength.

2. The hub section needs a higher lift coefficient C; because of the lower blade
velocity there. Airfoils with larger upper cambers normally will have higher Lift
coefficients.

Line 12 shows the upper maximum camber for each of the three airfoil shapes:
13.2 percent (NACA no. 6512), 9.5 percent (72 percent of 13.2 percent), and 7.0 per-
cent (53 percent of 13.2 percent).

Lines 13 and 14 show the angle of attack o and the corresponding lift coefficient
C, for each section. These data can be obtained from the graph shown in Fig. 4.53.

Line 15 shows the static pressure that will be produced at each radius, calculated
from the formula shown. We selected / and C; in such a way that this static pressure
is about 2.5 inWC, as was requested by the customer.
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FIGURE 4.54 Blade width, blade angle, and maximum upper camber versus
radius for the 27-in vaneaxial fan blade.

maximum upper camber decrease, but not uniformly. They decrease at a faster rate
near the hub and at a slower rate near the tip. '

Figure 4.55 shows the vector diagrams for the various absolute and relative veloc-
ities, which were explained in detail in Fig. 4.32. Figure 4.55 shows three velocity dia-
grams, for the three blade sections in Table 4.8, at the hub, %n the middle of the blade,

and at the tip. We note the following:

1. The axial air velocity V, through the annulus between the hub and the housing is
constant from hub to tip.

2. The blade velocity V and the air velocity W relative to the blade increase from
hub to tip.

3. The angle B of the relative air velocity W decreases from hub to tip.

4. The rotational component V, of the air velocity decreases from hub to tip.

Figure 4.56 shows a sketch of the 27-in cast-aluminum vaneaxial fan wheel at a
scale of ¥ie. This sketch was made using the dimensions we obtained from our calcu-
lations. A sketch of the corresponding vaneaxial fan housing would look similar to
Figs. 4.6 and 4.40.

Figure 4.57 shows the performance obtained when this 27-in vaneaxial fan was
tested. We note the following:

1. The SP curve passes through the point of requirement, 11,500 cfm at a static pres-
sure of 2V2 inWC.
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FIGURE 4.55 Velocity diagrams for 27-in vaneaxial fan blade. Scale: 1 in = 3800 fpm.
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A 15-in tubeaxial fan with FIGURE 4.59 Schematic sketch of 20-in

direct drive from a compressed-air turbine
mounted above the inlet side of the fan housing.

Note the space provided between the fan hous-
without excessive obstruction. (Courtesy of Cop-

pus Engineering Division, Tuthill Corporation,

ing and the turbine, allowing the airflow to enter
Millbury, Mass.)

FIGURE 4.58
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safety margin over the specified 2.5 inWC.
3. The maximum mechanical efficiency is 83 percent. It occurs at the point of

pressure of 3.3 inWC.

requirement.
4. The operating range is from 14,200 cfm at free delivery to 9400 cfm at a static

2. The maximum static pressure is 3.3 inWC. This provides a 32 percent pressure

FIGURE 4.57 Performance obtained by test of the 27-in vaneaxial fan at 1750 rpm.
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FIGURE.4.§0 Schematic Qiagram of an axial-flow fan blade showing the airway for the com-
pressed air, first flowing radially outward and then turning 90° to a circumferential direction for

propulsion.

FIGURE 4.61 An 1l-in tubeaxial fan wheel
drlver_l by compressed-air jets with a 34 percent
hub-tlp ratio and two airfoil blades. View from
inlet side showing the compressed-air nozzles at
thg blade tips. (Courtesy of Coppus Engineering
Division, Tuthill Corporation, Millbury, Mass.)

FIGURE 4.62 An 11-in tubeaxial fan assem-
bly. View from the inlet side, again showing the
two-bladed fan wheel with the compressed-air
nozzles at the blade tips. (Courtesy of Coppus
Engineering Division, Tuthill Corporation, Mill-
bury, Mass.)

AXIAL-FLOW FANS 4.69

FIGURE 4.63 A 20-in vaneaxial fan wheel driven by com-
pressed-air jets with a 31 percent hub-tip ratio and four airfoil
blades. View from inlet side showing the compressed-air nozzles
on two of the four blades. (Courtesy of Texas Pneumatic Tools,
Inc., Reagan, Texas.)

5. The maximum power consumption in the operating range is 7.7 bhp. It occurs at
9600 cfm, close to the point of maximum static pressure.

6. The no-delivery brake horsepower overloads the motor by a moderate 20 per-
cent.

7. The sound-level curve has two plateaus, one around 84 dB in the operating range
and one around 100 dB in the stalling range, for a considerable 16-dB difference.

AXIAL-FLOW FANS DRIVEN
BY COMPRESSED AIR

Most fans are driven by electric motors, either by direct drive or by belt drive or
occasionally by gear drive. However, there are three other methods for driving a fan:

1. It can be driven by an engine (gasoline, propane, or diesel). As an example, a mul-
tistage turbo blower, driven by a diesel engine, will be described in Chap. 7.

2. A fan can be driven by a turbine (compressed air, steam, or water). Figure 4.58
shows a 15-in tubeaxial fan directly driven by a turbine (compressed air or steam)
located on the inlet side of the fan housing. Turbine-driven fans are used in loca-
tions of hazardous atmospheres or where electric power is not available. A typi-
cal application would be a marine ventilator used to exhaust the gas from the
inside of an oil tanker.

3. A fan can be driven by reaction to compressed-air jets discharging circumferen-
tially through small openings at the blade tips and shooting toward the trailing
edge. Figure 4.59 shows how this can be accomplished. The path of the com-
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FIGURE 4.64 Same 20-in vaneaxial fan wheel
driven by compressed-air jets. View from outlet
side, again showing the compressed-air nozzles
on two of the four blades. (Courtesy of Texas
Pneumatic Tools, Inc., Reagan, Texas.)

pressed air is as follows: First, it is ducted
from the outside into a chamber inside a
stationary hub that is supported by some
struts or possibly by some guide vanes.

From this chamber, the compressed air -

flows into the inside of a hollow, rotating
shaft and then passes through some
cored airways in the rotating hub and in
the blades, first flowing radially outward
and then turning 90°to a circumferential
direction. Finally, a high-velocity jet of
compressed air is ejected through an
opening at or near the trailing edge of
the blade tip, thereby pushing the blade
forward and producing the fan rotation,
just like a jet plane is pushed forward by
the high-velocity jet ejected from the
rear of the engine.

Figures 4.59 through 4.66 show
examples of axial-flow fans driven by
compressed-air jets. Some have two
blades, and some have four blades. Some
are tubeaxial fans, and some are vane-
axial fans. They all have discharge noz-

zles at the blade tips but not necessarily on all blades. The discharge nozzles
protrude above the surface of the blades and therefore will somewhat impair fan
efficiency. To minimize this effect, the four-bladed fan wheels provide discharge noz-

FIGURE 4.65 A 20-in vaneaxial fan assembly. View
from the inlet side showing the four-bladed fan wheel and
the outlet guide vanes, partly covered by the fan blades.
(Courtesy of Texas Pneumatic Tools, Inc., Reagan, Texas.)

AXIAL-FLOW FANS 4.71

FIGURE 4.66 Same 20-in vaneaxial fan assembly.
View from the outlet side showing the outlet guide vanes
and the four-bladed fan wheel behind them. (Courtesy of
Texas Pneumatic Tools, Inc., Reagan, Texas.)

zles on only two blades. The ratio of the volume delivered diyided by the volume of
the compressed air consumed is called the delivery ratio. It is a measure of the fan
efficiency.

Compressed-air—driven fans can be used for exhaust as well as for supply. They
are particularly well suited for the ventilation of confined spaces, for the removal of
hazardous fumes or of contaminated air from welding and sandblasting operations,
and for locations where compressed air is available but electric power is not.



CHAPTER 5

FAN LAWS

CONVERSION OF FAN PERFORMANCE

There are certain general fan laws that are used to convert the performance of a fan
from one set of variables (such as size, speed, and gas density) to another. Suppose a
fan of a certain size and speed has been tested and its performance has been plotted
for the standard air density of 0.075 Ib/ft*. We then can compute the performance of
another fan of geometric similarity by converting the performance data in accor-
dance with these fan laws without running a test on this second fan.

We call them general fan laws because they apply to any type of fan: axial-flow,
centrifugal, and mixed-flow fans, roof ventilators, cross-flow blowers, and vortex
blowers.

We have already seen that the performance of a fan can be presented in the cat-

alog in two ways:

1. In the form of a performance graph, such as Fig. 4.39, showing static pressure,
brake horsepower, efficiency, and noise level versus air volume.

2. In the form of a rating table, such as Table 4.3, showing air volume, fan speed, and
brake horsepower at certain static pressures.

The performance graph is the original presentation. It is the result of a test on the
fan. The rating table then was derived from the performance graph by using the fan
laws. The calculation of rating tables is one important application of the fan laws.
However, the fan laws also are used for other purposes, such as the conversion of a
customer requirement from high temperature to the standard air density of the cat-
alog or the prediction of the performance of a new fan design.

VARIATION IN FAN SPEED

In order to convert the performance of a fan at one speed to another speed, we take
a number of points on the performance graph and convert the corresponding data
for air volume, static pressure, brake horsepower, efficiency, and noise level from the
speed of the graph to the desired speed using the following rules:

The air volume (cfm) varies directly with the speed:

cfm, _Ipm,
cfm;  rpmy (-1

The pressures vary as the square of the speed:

SP, _ (tpm, \*
SP, (rpm1 ) . (5:2)
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The brake horsepower varies as the cube of the speed:

bhp, _(rpm, \?
bhp1 - <rpm1 ) (5-3)

The efficiency remains constant but, of course, shifts to the new air volume val-
ues.

The noise level is increased (or decreased) by 50 times the logarithm (base 10) of
the speed ratio:

Ny~ Ny =50 log B

(5.4)

Ipm;
At this point, three things should be noted:

1. All pressures vary as the square of the speed: the static pressures, the velocity
pressures, and the total pressures. '

2. All powers vary as the cube of the speed: the brake horsepower and the air horse-
power. :

3. The exponents add up: 1 (for air volume) plus 2, (for static pressure) equals 3 (for
brake horsepower). This is no coincidence. The air horsepower is proportional to
the product air volume times total pressure (see Eq. 1.7). Therefore, if air volume
varies as the first power of the speed and total pressure varies as the second’
power of the speed, their product (air horsepower) must vary as the third power

of the speed, and if air horsepower varies that way, brake horsepower must vary
that way, too.

Here is an example of how these rules are applied. Let’s take the performance
graph shown in Fig. 4.57 for our 27-in vaneaxial fan at 1750 rpm and replot in Fig. 5.1
the four performance curves (static pressure, brake horsepower, efficiency and noise
level) in dashed lines. What will be the performance of this 27-in vaneaxial fan if we
run it, say, at a 50 percent higher speed, i.e., at 2625 rpm? Let’s take the performance
data for six points and enter them in the top half of Table 5.1. Our conversion factors

will be as follows: ¢
262
Air volume (cfm) conversion factor = % = T% =15

: 2 6252
Static pressure conversion factor = <m> = (%%) =225

. rpm, \3
Brake horsepower conversion factor = (__p__)

2625
Ipmy

3
Tﬁ) =3.375

Efficiency conversion factor = 1

For conversion of the noise level, we do not use a factor, but we add an amount that
can be calculated as

2650
50 lOglo —1“7%‘ =50 Iogl() 1.5

=50x0.17609 = 8.8 dB
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FIGURE 5.1 Performance of 27-in vaneaxial fan at 1750 and 2625 rpm.

i i for this 27-in
We apply these conversion factors to obtain the performance data £
vaneaxiaﬁpfgn at 2625 rpm and enter these data in the bpttom half of Table 5.1. We
now plot these new data in solid lines in Fig. 5.1. We notice the following:

1. The increased speed results in a steeper static pressure curve because the con-
version factor for static pressure is larger than the conversion factor for air vol-
ume. In other words, an increased speed boosts the static pressure more than the
air volume. . .

2. The power-consumption brake horsepower becomes considerably .hlgher bseé
cause the conversion factor equals the third power of the spee:,d ratio. At 17
rpm a 7%-hp motor is adequate, but at 2625 rpm a 25-hp motor is needed.

3. The efficiency remains the same.

. 4. The noise level increases by 8.8 dB.

Figure 5.1 also shows two parabolic curves (dotted lines) co_nnecting correspond-
ing points on the pressure curves. These parabolic curves indicate how the perfor-
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TABLE 5.1 Conversion of Fan Performance to a Different Speed

Free In-between Maximu, i i
delivery Point efﬁciencr}lf1 Ma)g;[’l o St:cilligng deﬁi/(;
27-in ' cfm 14,200 13,020 11,500 9,200 6,100 0 &
;/:I?eamal .'tS)'lIl’ 0 1.25 2.50 7 3.30 ’ 2.64 5.59
fan, p 3.45 5.10 6.65 7.70 580 900
rpm ME 0.630 0.776 0.828 0.700 0.421
| Noise 832 83.5 847 89.6 91 1013
27-in . cfm 21,300 19,530 17,250 13,800 9,150 .
;/aneaxlal SpP 0 2.81 5.63 , 7.43 ’ 5.94 1(2) 58
221;,5 bhp 11.64 17.21 22.44 25.99 19:58 30:38
rpm ME 0.630 0.776 0.828 0.700 0.421 0
Noise 92.0 92.3 93.5 98.4 107:9 110.1

mance points would move if the speed wer i i
15 We il say o e i he rp ¢ varied gradually rather than by the ratio

VARIATION IN FAN SIZE

gzr;oitsh‘f]:;rlir:g(ﬁanttffan law concerns the conversion of fan performance if the fan
- Most fan companies manufacture a certain fan desien i i i
and offer a complete line of geometri imi ey do mot have to rum teats
¢ rically similar fans. They d h
on all sizes of the line. The ires (eay 12, 24, and 43 1n) oo
- They usually test only three sizes (say 12, 24 i
compute the performance of the in- i i ! e e 1_1‘1) -
i sioe and o between sizes by using the fan laws for variations
The fan laws for size, howeve i
. . X I, can be used only if the two fans are i i
proportion. Here is what geometric proportionality means: ©in geometric

1. Both fans have the same number of blades.

2. Both fans have th b
o B e same blade angles and any other angles on the fan wheel and

3. If the diameters of the two fan wheel
. ‘ . s are Dy and D,, for a size rati
other corresponding dimensions of wheel and housin; have thez;;:eorgizt/)Dl’ o

If all these requirements are fulfilled i
Sion using the e e ! 1lled, we can proceed with the performance conver-

The air volume (cfm) varies as the cube of the size:

CfmZ _ D2 3
(;fn]1 - D, (55)

The pressures vary as the square of the size:

S, _ (D,
SP, \D, (5.6)
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The brake horsepower varies as the fifth power of the size:

bhp, (DY
s _( Dl) 57)

The efficiency remains almost constant.
There is a minor increase in efficiency for larger sizes. For a size ratio of 1.5, the

maximum efficiency will increase by less than 1 percent. This is called the size effect.
The noise level is increased (or decreased) by 50 times the logarithm (base 10) of

the size ratio:

NZ—N1=50 logm& (58)
D,

Again, we note that the exponents add up:3 (for air volume) plus 2 (for static pres-
sure) equals 5 (for brake horsepower).

Let’s again apply these rules in a specific example, the performance of our 27-in
vaneaxial fan at 1750 rpm, as shown in Fig. 4.57. We replot the four performance
curves in Fig. 5.2 in dashed lines. What will be the performance of this fan, converted
in geometric proportion to, say, a 50 percent larger size, i.e., to 40%2 in. Again, we take
the performance data at six points and enter them in the top half of Table 5.2. Our

conversion factors will be as follows:

D,\* [405\?
Air volume conversion factor = =)= 4035 =1.5*=3.375

D, 27

, D,\* (405

Static pressure conversion factor = 22 === =1.52=225
D, 27
D,\* [405)°

Brake horsepower conversion factor = (ﬁ) = (-—2—7—) =1.5=7.59
1

Efficiency conversion factor =1

For the conversion of the noise level, we add an amount that can be calculated as

40.5
50 logso =7 = 50 logy 1.5
=50x0.17609 = 8.8 dB

This is not quite accurate. It is approximate.
We apply these conversion factors to obtain the performance data for the 40%2-in

vaneaxial fan at 1750 rpm and enter these data in the bottom half of Table 5.2. We
now plot these new data in solid lines in Fig. 5.2. We notice the following:

1. The geometrically similar, larger fan results in a flatter static pressure curve
because the conversion factor for air volume is larger than the conversion factor
for static pressure. In other words, the increased size boosts the air volume more
than the static pressure. Note that we found the opposite condition for an

increased speed.
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FIGURE 5.2 P i i ; .
ning at 1750 rpm.erformance of two geometrically similar vaneaxial fans, 27 and 40%: in, both run-

2. The power-consumption brake horsepower becomes very much higher because
the conversion factor equals the fifth power of the size ratio. In the 27-in size a
7v-hp motor is adequate, but in the 40%-in size a 60-hp motor is needed. Note
that only a 25-hp motor was needed for the increased speed. .

3. The efficiency remains the same, as it did for the increased speed.

4. The noise level increases by about 8.8 dB, a i
orcasd spocd. , approximately the same as for the

VARIATION IN BOTH FAN SIZE AND FAN SPEED

If both the fan size D and the fan speed (rpm) are varied, the two sets of rules dis-
cussed above can be applied consecutively, in either sequence. In fact, this is the

FAN LAWS 5.7

TABLE 5.2 Conversion of Fan Performance to a Geometrically Similar, Larger Fan

Running at the Same Speed

Free In-between Maximum Maximum Stalling No
delivery point efficiency SP dip delivery
27-in cfm 14,200 13,020 11,500 9,200 6,100 0
vaneaxial SP 0 1.25 2.50 3.30 2.64 5.59
fan, bhp 345 5.10 6.65 7.70 5.80 9.00
1750 rpm  ME 0.630 0.776 0.828 0.700 0.421 0
Noise 832 .. 835 84.7 89.6 99.1 101.3
40v5-in cfm 47,925 43,943 38,813 31,050 20,588 0
vaneaxial SP 0 2.81 5.63 7.43 5.94 12.58
fan, bhp 26.20 38.73 50.50 58.47 44.04 68.34
1750 rpm  ME 0.630 0.776 0.828 0.700 0.421 0
Noise 92.0 923 935 98.4 107.9 1101

safest way to proceed. It most likely will avoid any possible errors. However, the
two sets of rules also can be combined. The combined rules then will read as

follows:

cfm, 9_2 3 rpm,
cfm, <D1> % rpmy (59
SP, (D,\_ (rpm. 2
P, - <D1> X (—_rpml (5.10)
bhp, (D2 (rpmz )3
bhp, '<D1> “\rpm, (11
I;féj =1 (5.12)
Ny N = 50 Togio 22 +50 logi o (5.13)
2 1= £10 D, 10 rpm; .

" VARIATION IN SIZE AND SPEED
WITH RECIPROCAL RATIOS

A special case of variation in size and speed occurs when the speed ratio is the recip-
rocal of the size ratio. This can be expressed as

rpm, D
——=— - (514
rpm; D, ( )
This equation also can be written as

D, x rpm, = Dy X 1pm; (5.15)

which means that the two fans will have the same tip speed. Our rules then will read
as follows:
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% = (%j)z (5.16)
g—% =1 (5.17)
o, ~(0:) 519
1\M/1§f =1 (5.19)
Ny =N, (5.20

Note that the exponents still add up:2 + 0 =2.
Let’s apply these rules to a specific example, the performance of our 27-in

vaneaxial fan at 1750 rpm, as shown in Fig. 4.57. We replot the four performance -

curves in Fig. 5.3 in dashed lines. What will be the performance of this fan, converted
in geometric proportion to 40 in (a 50 percent larger size) and running at 1750/1.5
=1167 rpm so that the higher speed is 50 percent larger than the lower speed. Again,

we take the performance data at six points and enter them in the top half of Table
5.3. Our conversion factors now will be as follows:

D,\*  [40.5\2
Air volume conversion factor = (——3> = <—O——) =1.52=225

Static pressure conversion factor = 1

2 2
Brake horsepower conversion factor = (%) = <i297-5—> =152=225
1

Efficiency conversion factor = 1
N,~N; =0 (approximately)

We apply these conversion factors to obtain the performénce data for the 40%5-in
vaneaxial fan at 1167 rpm and enter these data in the bottom half of Table 5.3. We
now plot these new data in solid lines in Fig. 5.3. We notice the following:

1. The larger fan again results in a flatter static pressure curve because the conver-
sion factor for air volume is larger than the conversion factor for static pressure.
In other words, the increased size boosts the air volume more than the static pres-
sure. Even though the reduced speed works against this trend, the combination
still boosts the air volume more than the static pressure.

. The static pressure remains the same as a result of the same tip speed for both
fans—an important observation.

The power-consumption brake horsepower becomes moderately higher. For the

27-in fan at 1750 rpm a 7%-hp motor is adequate, but the 40%5-in fan at 1167 rpm
requires a 15- or 20-hp motor.

4. The efficiency remains the same.
5. The noise level remains approximately the same.

{

FAN LAWS 5.9
T RaEmnE +
RRREaaREEE AN 80
i:::Mech,:;:E_ IS Eff. =X o H
EERSEEEAY. — 110 70
:::F E:_ | [ N NEBERRN _
;*L:' ' f - -+ 100 é 60 S
"] — — 5 \;\
ERARES ; 850 2
EERESELEREA . Y EERER SNFNE ] &
8 1 - o 80 40 E
20 R Eamas s
EaS T ¥ ] S
ERERE et ] T E
£ 10 S BHP R xS - 30 5
n "— Bi T H 8
0 mEaaE H 20 =2
5 R RES=mEES _“': ‘ 10
:_\7*:::4# I _m,__v: —+H
—~ NN ] L 0
O 4 FANTT
= 4 N SSifiasstaca
E FEENTTTZOS LA NG
E 3 i X % ‘t 1] N _({6_ N
- T e
A w2, (RN
g’ L 5
3 2O %
1 ° = N2
7 T O = < 1
- . T 1
i I} L 1 N
0 10,000 20,000 30,000 40,000
CFM

FIGURES5.3 Performance of two geometrically similar vaneaxial fans having the
same tip speed, 27 in at 1750 rpm and 40% in at 1167 rpm.

VARIATION IN DENSITY

VARIATION INDENSITY

i i ltitude where the air density is
i law is used when the fan operates at high altit . > air d
;[e‘k;;sézré "E:lee 1.1), where the fan handles hot or cold air (the air density is 1ﬁvert;eil};
roportional to the absolute temperature), or.whcre the fan handles a gas ot ; :Sr than
Iazir while the size and speed of the fan remain constant. Our conversion ru
will read as follows:

The air volume remains constant:

cfm, -1 (5.21)
cfm,
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TABLE 5.3 Conversion of Fan Performance to a Geometrically Similar, Larger Fan Having
the Same Tip Speed and Resulting in the Same Static Pressure

Free In-between Maximum Maximum  Stalling No
delivery point efficiency SP dip delivery
27-in cfm 14,200 13,020 11,500 9,200 6,100 0
vaneaxial SP 0 1.25 2.50 3.30 2.64 5.59
fan, bhp 345 5.10 6.65 7.70 5.80 9.00
1750 rpm ME 0.630 0.776 0.828 0.700 0.421 0
Noise 83.2 83.5 84.7 89.6 99.1 101.3
40%-in cfm 31,950 29,295 25,875 20,700 13,725 0
vaneaxial SP 0 1.25 2.50 3.30 2.64 5.59
fan, bhp 7.76 11.48 14.96 17.33 13.05 20.25
1167rpm ME 0.630 0.776 0.828 0.700 0.421 0
Noise 83.2 83.5 84.7 89.6 99.1 101.3

The pressures vary directly as the density p:

SP. 2 pz
= 5.22
SP; py (522)
The brake horsepower varies directly as the density p:
bhp2 pz
— = 5.23
bhp1 P1 ( )

The efficiency remains constant.
The noise level remains constant.

Again, we note that the exponents add up: 0 +1 = 1.

Let’s again apply these rules to a specific example, the performance of a 27-in
vaneaxial fan at 1750 rpm, as shown in Fig. 4.57. We replot the four performance
curves in Fig. 5.4 in dashed lines. What will be the performance of this fan if it han-
dles air of 335°F instead of standard air at 70°F? The high temperature of 335°F
corresponds to an absolute temperature of 460 + 335 = 795 K. The standard air tem-
perature of 70°F corresponds to an absolute temperature of 460 + 70 = 530 K. The
ratio of these two absolute temperatures is 795/530 = 1.5. This ratio (or its reciprocal)
also will be the ratio of the two air densities. Since the density of standard air is 0.075
1b/ft’, the density of the 335°F air will be 0.075/1.5 = 0.050 1b/ft.

Again, we take the performance data at six points in Fig. 4.57 and enter them in
the top half of Table 5.4. Our conversion factors will be as follows:

Air volume conversion factor = 1

. . _p 0050 1
Static pressure conversion factor = 00515 0.667
Brake horsepower conversion factor = p—i = 88752 = I% = 0.667
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FIGURE 5.4 Performance of 27-in vaneaxial fan at 1750 rpm at
two air densities: 0.075 and 0.050 1b/£t>.

Efficiency conversion factor =1
Noise difference = N, - N; =0

We apply these conversion factors to the data in the top half of Table 5.4 to obtain
the performance data for the lower density and enter these new data in the bpttom
half of Table 5.4. We now plot these new data in solid lines in Fig. 5.4. We notice the
following:

1. The smaller air density results in a flatter static pressure curve because the con-
version factor for static pressure is smaller than the conversion factor for air vol-

ume.

2. The power-consumption brake horsepower becomes moderately lower because
the conversion factor equals only the first power of the density ratio. While for
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TABLE 5.4 Conversion of Fan Performance to a Different Density p
Free In-between Maximum Maximum = Stalling No
delivery point efficiency SP dip delivery
27-in cfm 14,200 13,020 11,500 9,200 6,100 0
vaneaxial SP 0 1.25 2.50 3.30 2.64 5.59
fan, bhp 345 5.10 6.65 7.70 5.80 9.00
1750 rpm, ME 0.630 0.776 0.828 0.700 0.421 0
p=0.075 Noise 832 83.5 84.7 89.6 99.1 101.3
b/t
27-in cfm 14,200 13,020 11,500 9,200 6,100 0
vaneaxial SP 0 0.83 1.67 2.20 1.76 3.73
fan, bhp 2.30 3.40 4.43 513 3.87 6.00
1750 rpm, ME 0.630 0.776 0.828 0.700 0.421 0
p=0.050 Noise 83.2 83.5 84.7 89.6 99.1 101.3
b/ft®

standard air density a 7¥4-hp motor is needed, for the lower air density a 5-hp
motor might suffice. To be on the safe side, however, we probably will do the fol-

lowing two things:

a. Use a 7%-hp motor anyway, even for the lower air density, so that the motor
will not be overloaded if the fan should ever be operated at standard air con-

ditions.

b. Use belt drive rather than direct drive so that the motor will be located outside
p by the hot air stream passing through

the housing and will not be heated u
the fan housing,

3. The efficiency remains the same.
4. The noise level remains the same.,

Again, this fan law for density can be combined with other fan laws whenever
required in either sequence.

&

MACHINING DOWN THE FAN WHEEL
OUTSIDE DIAMETER

Suppose that a company manufactures a line of turbo blowers. These are centrifugal
fans for high static pressure and relatively small air volumes. They will be discussed
in more detail in Chap. 7. Suppose that this line consists of the following eight sizes:
9,12,15,18,21, 24,27, and 30 in and that the fan wheels are aluminum castings. The
company has patterns for these eight sizes of fan wheels. They have narrow blades
and run at high speeds, often at 3500 rpm for direct drive.

Figure 5.5 shows the static pressure and brake horsepower curves for two sizes of
the line: a 15-in fan (dashes) and an 18-in fan (solid lines), both running at 3500 rpm.
A customer wants one turbo blower to deliver 1600 cfm against a static pressure of
18 inWC. Figure 5.5 indicates that this is somewhat below the performance of the
18-in fan. Obviously, the company does not want to build a new pattern for just one
unit with about a 17-in wheel diameter. Thus the company decides to use the 18-in
fan wheel machined down to 17 in. The dotted lines in Fig. 5.5 show the performance
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i i i in this predicted performance?
T, frorglSt;nESlg)-u;é?ln(';?‘flo?lfr‘av:izggrtlain size, lflsing the ratios (1{7)/;8)2
Pt ulse Eqs(’1%/i852 for static pressure, and (17/18)° for brake horsepower? etroic
onlty. Wi ume,t’7 Because these equations apply only if the units are in gle70m tric
Y tion %o ﬁlachining the wheel outside diameter down from 18 tod fl%ein
Iv)vrl(l)epecir;[rllcl)gt. di};meter and the blade width will relinair;l gllle; 23%2 \:{r;s‘;zi erel \mﬁ

i i em - :

r?ducedli‘nt%gorrnneotrréca?: %ﬁﬁn{lfgnoitfh\i; V;I’eriség reduce all the dimensions in geo-
rgrll‘g:r‘ilcs Srlc%pog[ion. We should modify our formulas as follows:

The air volume will vary as the square (not the cube) of the size:

cfm, (&)2 (5.24)

cfm; \D;

The static pressure will still vary as the square of the size:
§_P_2 = <_D_2>2 (5.25)

SP; \D:
the same as in Eq. (5.6).
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TABLE 5.5 Conversion of Fan Performance to a Machined- in
T S So0cs ‘Machined-Down Fan Wheel Running at

18-in wheel outside diameter
24-in blade width, L e 28?8 o o 2(1) 2
3500 rpm bhp 13.4 12.5 8.5 47 0:9
17-in Wheel outside diameter, cfm 3113 2569 1650 847 4}
2V5-in blade width, SP 0 8.92 17.84 21.41 18.91
3500 rpm bhp 10.66 9.95 6.76 374 0:72

The brake horsepower will vary as the fourth (not the fifth) power of the size:"

bhp, (Dz )4

D,

bho; (5.26)

The efficiency will remain constant.

The noise level will be slightly decreased by 50 ti i
fine noise lev y y 50 times the logarithm (base 10) of

D
N, — N;=501logy Ff (5.27)

the same as in Eq. (5.23).

These formulas are not based on theory, as the other fan laws ar

A e, so they may not
be 100 percent accurate, but they are close enough for practical purposes,y and};hey
help to solve a problem that is encountered often. Table 5.5 shows the data we
obtained by using the preceding formulas. ’

This much for the fan wheel. What about the scroll housing? If it is fabricated
(not a casting), we could reduce the scroll dimensions in geometric proportion
except we would still have to keep the housing width and the housing inlet diametex;
unchapged_so that they yv111 fit the machined-down fan wheel. Furthermore, the
redulft}llons in the scroll dimensions will be small, so we might as well use the s’ame
scroll housing as for the 18-in fan. This will be the simplest soluti it wi
close enough to be acceptable. P solution, and it will be

CHAPTER 6

SYSTEM RESISTANCE

AIRFLOW SYSTEMS

In Fig. 4.38 we showed a typical static pressure versus air volume curve for a vaneax-
ial fan. It showed the different static pressures a specific fan will produce when
choked down to certain air volumes. This curve, then, is characteristic for this specific
fan. It can be called the fan characteristic.

An airflow system consists of a fan (or several fans) and of various elements
through which the airflow can pass. These may be ducts, elbows, expanding or con-
verging transitions, heating and cooling coils, screens and guards, dampers, louvers
and shutters, nozzles, bag houses and other filters, or bubble pools. Each component
will offer some resistance to airflow, and the fan has to develop sufficient static pres-
sure to overcome all these resistances. The total of all these resistances is called the
system resistance or the resistance pressure. The static pressure produced by the fan
has to be equal to the resistance pressure.

An airflow system also will have a characteristic curve of resistance pressure ver-
sus air volume. It will show the different static pressures that will be required to
force certain air volumes through this specific system. This curve is called the system
characteristic.

If we will plot the fan characteristic and the system characteristic on the same
sheet of graph paper, usually there will be a point of intersection of the two curves.
This point of intersection will be the only point that will satisfy both the fan charac-
teristic and the system characteristic. It therefore will be the point of operation.

AIRFLOW THROUGH A POOL
OF STATIONARY LIQUID

Normally, the system resistance (i.e., the static pressure needed) will increase with
the velocity and therefore with the volume of the air passing through the system. An
exception is a pool of stationary liquid through which air or a gas is forced in bub-
bles, as in the aeration of sewage or of molten iron. Here the system resistance will
be constant, regardless of the volume, because it is simply the hydrostatic pressure
presented by the liquid. This hydrostatic pressure will be proportional to the depth
of the pool and to the specific gravity of the liquid (so it will be very high for molten
iron). However, the hydrostatic pressure obviously will not depend on the air vol-
ume forced through the liquid. (The air volume will depend only on the amount of
air made available by the fan.) No air can bubble through if the maximum pressure
produced by the fan is smaller than this hydrostatic pressure. This is shown in Fig.
6.1. Note that the system characteristic is a straight horizontal line. However, if the
pressure produced by the fan is adequate, the bubbles will flow. From here on, no
extra pressure (only more fan capacity) is needed to force more air through the lig-
uid. Figure 6.2 shows the fan characteristic and the system characteristic for this case.

6.1
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System characteristics
SP=K

Sp

/ Fan characteristics
K

CFM

FlGURE 6.1 _Fan c!laracteristic and system characteristic for a bubble
pool with no point of intersection. No bubbles can pass through the liquid.

Fan characteristics

SP Point of operation

\

System characteristics
SP=K

CFM

FIGURE 6.2 Fan characteristic and system characteristic for i i
( . a bubbl
of intersection. Gas bubbles will pass through the liquid. e poolwitha point

The system characteristic is again a strai i ine, indicati

ght horizontal line, indicating that the static
pressure needed to force bubt_)les through the liquid is constant, regafdless of the air
velocity, from O cfm to the point of operation and beyond. The formula for this sys-

tem characteristic is
SP=K(cfm)°=K - (61)

The constant K determines the height of the horizontal line above the air volume.

SYSTEM RESISTANCE 6.3

Apart from this exceptional case, the static pressure needed to blow or draw air
through an airflow system is not constant, but it increases with the air volume or
velocity, i.¢., with the cubic feet per minute (cfm). The question now is: How fast will
it increase? The answer is: It depends on the air velocity and on the resulting type of
airflow (laminar or turbulent). )

AIRFLOW THROUGH FILTER BAGS

The total area of filter bags in a bag house is made large in order to keep the flow
resistance low, even when the bags start to get plugged up by the dust. As a result of
the large area, the velocity of the air passing through the fabric is very low, about
3 to 4 ft/min (fpm), and the corresponding Reynolds number Re is small. For stan-
dard air, we can calculate the Reynolds number from Eq. (1.6) as

Re = 6375VR = 6375 X % x1=319

This is far below the 2000 value where turbulent airflow might start. This means that
the airflow through the filter bags is laminar. The system characteristic for laminar
airflow can be calculated from the formula

SP=Kxcfm (6.2)

This is a straight, inclined line through the origin, as shown in Fig. 6.3. The constant
K determines the steepness of the straight line: K =tan o. As the bags get plugged up
by dust, the filter efficiency will improve and the system resistance and the steepness
angle o will increase, but it will still be a straight line.

/ Fan characteristics

Sp Point of operation

System characteristics
SP =K X (CFM)

CFM

FIGURE 6.3 Fan characteristic and system characteristic for laminar airflow, such as
air passing through filter bags.



6.4 CHAPTER SIX

AIRFLOW THROUGH A GRAIN BIN

Various grains, such as corn, soy beans, barley, and wheat, have to be dried after har-
vesting to prevent spoilage of the grain. For this purpose, they are stored in cylindri-
cal grain bins that can be from 15 to 80 ft high. Vaneaxial fans or centrifugal fans are
used to force heated air through the grain bin. :

The static pressure needed to overcome the resistance of the system depends on

the height of the bin and on the type of grain. It can be from 3 to 20 inWC. For the

lower pressures, vaneaxial fans can be used, but for the higher pressures, centrifugal
fans are needed. However, whatever the static pressure, the velocity of the air pass-
ing through the grain is about 20 fpm, approximately six times as large as the 3 to
4 fpm through filter bags.

The corresponding Reynolds number, then, is about 2100, the beginning of
slightly turbulent airflow, and the formula for the system characteristic is

SP = K(cfm)'* (6.3)

This is a curve through the origin, as shown in Fig. 6.4. The constant K determines the
steepness of the curve. For higher grain bins and for greater grain compaction (such
as wheat), the curve gets steeper.

Fan characteristics

SP Point of operation

System characteristics
SP =K X (CFM)!1-5

CFM

FIGURE 6.4 Fan characteristic and system characteristic for slightly turbulent airflow,
such as air passing through grain bins.

AIRFLOW THROUGH A VENTILATING SYSTEM

In a conventional ventilating system, such as used in buildings, both the air velocities
and the Reynolds number are considerably larger than in bag houses or grain bins.
(Only in the filter section are they still low.) Let us check this statement. In our
example on page 4.56 in Chap. 4, we discussed a 27-in vaneaxial fan delivering
11,500 cfm against a static pressure of 2.5 inWC. Our 27%4-in i.d. duct has an area of
4.050 £t thus our air velocity will be V =11500/4.050 = 2840 fpm = 47.3 fps, and the

SYSTEM RESISTANCE 6.5

velocity pressure will be VP = (2840/4005)* = 0.503 inWC. Let’s assume that our sys-
tem will consist of this 27%-in i.d. duct plus some other equipment, resulting in a
total resistance pressure of 2.5 inWC. Our Reynolds number will be Re =6375VR =
6375 x 47.3 x (27.25/24) = 342,400. Since this Reynolds number is far above 2000, this
is definitely turbulent airflow, as is normal in ventilating systems. The formula for the

system characteristic now is’
SP = K(cfm)? 6.4)

This is a parabola through the origin, as shown in Fig. 6.5. If one point of the system
characteristic is known, the othér points can be calculated, and the parabola can be

plotted.

Fan characteristics

Point of operation

Sp

System characteristics
SP =K X (CFM)2

CFM

FIGURE 6.5 Fan characteristic and system characteristic for turbulent airflow pre-
vailing in ventilating systems.

It might be interesting to note that on page 1.5 in Chap. 1 we showed in Eq._ (1.4)
that the friction loss fin a duct is proportional to (cfm)> Now our Eq. (6.4) indicates

the same thing for a ventilating system.
Table 6.1 summarizes our findings for four different airflow systems.

TABLE 6.1 Comparison of Flow Conditions for Four Airflow Systems

Type of Type of Air velocity ~ Reynolds ~ Formula for system

system airflow (fpm) number characteristic
Bubbling pool — SP = K(cfm)°
Filter bags Laminar . 3 320 SP = K{(cfm)
Grain bins Slightly turbulent 20 2,100 SP = K(cfm)*?
Ventilating system  Turbulent 2840 342,000 SP = K(cfm)?
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COMPARISON OF SYSTEM CHARACTERISTIC
CURVES AND CHANGING SPEED CURVES

Coming back to our 27-in vaneaxial fan running at 1750 rpm and delivering 11,500
cfm against a resistance pressure of 2.5 inWC, the performance of this fan was shown
in Fig. 4.57 and again in Fig. 5.1. At 1750 rpm, this fan consumed a maximum of
7.7 bhp in the operating range.

Suppose that we want to boost the air volume passing through our system by
50 percent, from 11,500 to 17,250 cfm, as shown in Fig. 5.1. Our air volume ratio will
be 17,250/11,500 = 1.5. How much static pressure will the system require so that
17,250 cfm will pass through it? According to Eq. (6.4) for the parabolic system
characteristic, the static pressure will increase as the square of this ratio: 1.5* x 2.5 =
5.63 inWC. This will be the static pressure required to force 17,250 cfm through the
system.

Here we note something interesting: The parabolic system characteristic curves
are identical with the parabolic curves indicating how fan performance points move
when the fan speed is changed. When we plotted the parabolic curves in Fig. 5.1, it
was strictly to illustrate the fan laws for a variation in speed. The concept of system
characteristics (how the resistance pressure of a system changes for a variation in air
volume) did not enter our discussions. Now, in discussing system characteristics in
ventilating systems, we find that the parabolic curves in Fig. 5.1 also represent system
characteristics. Consequently, if we consider a fan-system combination, the point of
operation (intersection) will remain at the same relative location on the pressure
curve (corresponding points) if the fan speed should be changed. This is not a mat-
ter of course, it could be different, and in fact, it is different for low air velocities, as
in grain bins or filter bags. However, in the range of the higher air velocities used in
ventilating systems, the system characteristics are parabolic, and we are grateful for
this because it simplifies our calculations in the application of fans. What a friendly
gesture of nature!

On the other hand, since a system characteristic will always connect correspond-
ing points on the fan performance curves, we cannot shift the performance to a point
at a different relative location on the pressure curve by changing the speed. Suppose
system resistance was underestimated, resulting in a vangaxial fan, installed on a
system, operating in the stalling range, which, of course, is %ighly undesirable (inad-
equate air volume, low efficiency, noisy operation). The customer suggests: Let’s
increase the speed, even if a larger motor will be required. This would not be a good
solution. At the larger speed, the air volume, of course, would be increased, but the
fan would still operate in the stalling range, at low efficiency and a high noise level.

SHIFTING THE OPERATING POINT OUT
OF THE STALLING RANGE

System characteristics are a useful tool. Skill in manipulating them can be of practi-
cal value in selecting the right fan for a system. Figure 6.6 illustrates this point. It
shows a comparison of three fan curves and two system curves. The two solid lines
are the same as in Fig. 4.42. They show the performance of two 29-in vaneaxial fans
running at 1750 rpm with 7%-hp motors and 52 and 68 percent hub-tip ratios. The
long dashes show a parabolic system characteristic that intersects the 52 percent fan

SYSTEM RESISTANCE 6.7
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FIGURE 6.6 Comparison of static pressure curves for three fans: a 29-in vaneaxial fan with a 52

percent hub-tip ratio, 1750 rpm, 7¥5-hp motor; a 29-in vaneaxial fan with a 68 percent hub-tip ratio,
1750 rpm, 7¥:-hp motor; and a 15-in mixed-flow fan, 3500 rpm, 5-hp motor.

* curve in the stalling range but the 68 percent fan curve in the good operating range.

This illustrates a case where an increased hub diameter will solve the problem. The
short dashes show a steeper parabolic system characteristic that intersects even the
68 percent fan curve in the stalling range. A mixed-flow fan, as shown by the dotted
line, will solve this problem. It will deliver far less air volgme in the low-pressure
range, but it will outperform both vaneaxial fans in the high-pressure range, even
though it requires only a 5-hp motor instead of a 7v-hp motor. All this is due to the
following three features of the mixed-flow fan:

1. It has a higher presshre capability than vaneaxial fans.
2. It runs at 3500 rpm rather than at 1750 rpm.

3. At the steeper system characteristic, the mixed-flow fan operates in its efficient
range, whereas the two vaneaxial fans operate in their inefficient stalling ranges.

Note that all three fans have approximately the same tip speeds.

PRESSURE LOSSES IN VENTILATING SYSTEMS

As mentioned earlier, a fan has to produce sufficient static pressure to overcome the
friction in the various components of the ventilating system. Equation (1.4) showed
that the friction loss fin a straight, round duct with constant diameter D and with
smooth walls can be calculated as
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L
f= 0.01955VP

This friction loss in a duct, therefore, is proportional to the velocity pressure VP This
is true not only for the duct friction but also for the friction loss in the other compo-
nents (except for filters) in a ventilating system. The friction loss in all these com-
ponents is proportional to the velocity pressure:

f=KxVP (6.5)

Only the factor K changes, depending on the type of equipment.

For example, for elbows, K is usually between 0.3 and 0.4, depending on the angle -

and the sharpness of the turn and on the cross section of the elbow (round, square,
rectangular). In other words, elbow loss is approximately one-third the velocity
pressure.

In the same manner, the friction losses in screens, transitions, coils, dampers, and
so on are proportional to the velocity pressure; only the factor K will vary. Later we
will discuss this in more detail.

Another loss to be considered is at the outlet of the system, where one velocity
pressure is lost, whatever the velocity pressure at that point happens to be. This, too,
has to be included in the static pressure required from the fan. We should attempt,
therefore, to make the area at the outlet of our system not too small so that the
velocity pressure and the resulting loss will not be too large. This can be accom-
plished with a gradually expanding outlet, whenever this is possible.

HOW THE STATIC PRESSURE VARIES ALONG
A VENTILATING SYSTEM

Let’s suppose our ventilating system consists simply of a fan blowing into a round
duct that is of constant diameter and which contains some additional resistances
such as screens, dampers, etc. Figure 6.7 shows how the static pressure will vary as we
move along this ventilating system. We note the following: * "

1. The ambient static pressure near the fan inlet is zero.

2. The fan raises the static pressure to a maximum positive value.

3. The duct friction reduces the static pressure at a slow rate.

4. The resistance of certain components reduces the static pressure at a steeper rate.
5. The slow rate, due to duct friction, is resumed.

6. The velocity pressure at the outlet is a loss, as mentioned previously. This reduces
the remaining static pressure at the outlet of the system to the zero ambient static
pressure again.

Figure 6.8 shows how the static pressure will vary along the system if the fan is
exhausting from rather than blowing into the system. We note the following:

1. The ambient static pressure near the inlet of the system is zero again.

2. As the air velocity increases from zero to a certain value in the duct, the static
pressure decreases to a negative value equal to the velocity pressure in the duct
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FIGURE 6.7 Variation in the static pressure along a ventilating
system with the fan blowing into the system. All static pressures are

positive.
plus a turbulence loss. This decrease would be smaller if the duct were equipped

with a venturi inlet. ' 1
3. The duct friction reduces the static pressure at a slow rate to a more negative vaiue.

4. The resistance of certain components reduces the static pressure at a steeper rate
to an even more negative value.
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FIGURE 6.8 Variation in the static pressure a )
ing system with the fan exhausting from the system. All static pressures
are negative, except the velocity pressure loss at the end of the system.
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5. The slow rate, due to duct friction, is resumed and reduces the static pressure to
an even more negative value.

6. The fan raises the static pressure from its maximum negative value to a slightly
positive static pressure.

7. The velocity pressure at the fan outlet is a loss that reduces the static pressure at
the outlet back to the zero ambient static pressure.

Figure 6.9 shows how the static pressure will vary along the system if the fan is

located somewhere in the middle. This means that the fan is exhausting from the left

" portion of the system and is blowing into the right portion of the system. We note the
following:

1. The ambient static pressure near the inlet of the system is zero again.

2. As the air velocity increases from zero to the duct velocity, the static pressure
decreases to a negative value, as pointed out in Fig. 6.8.

3. The duct friction reduces the static pressure at a slow rate to a more negative
value.

4. The resistance of certain components reduces the static pressure at a steeper
rate to a more negative value.

5. The sk_>w rate, due to duct friction, is resumed and reduces the static pressure to
an even more negative value.

6. The fan raises the static pressure from its maximum negative value to a maxi-
mum positive value.

7. The duct friction reduces the static pressure at a slow rate.

Duct Duct Duct Duct

Dampers, etc. Fan Dampers, etc.
\ \ \ Outlet velocity
- :
—_—

r

SP Positive static pressures

Negative static pressures

FIGURE 6.9 Variation in the static pressure along a ventilating system, with the fan located some-
where in the middle. The static pressures are negative in the exhaust section and positive in the blow-
ing section.
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8. The resistance of certain components reduces the static pressure at a steeper
rate.
9. The slow rate, due to duct friction, is resumed.

10. The velocity pressure at the outlet is a loss that rf;duces the remaining §tatic
pressure at the outlet of the system to the zero ambient static pressure again.

So far we have assumed a constant duct diameter. Now let’s copsid'er the sta.tic
pressure variation due to a converging conical trans}tmn, as shown in Fig. 6.10, with
the fan blowing into the system. We note the following:

1. The ambient static pressure near the fan inlet is zero.
2. The fan raises the static pressure to a maximum positive value.
3. The duct friction reduces the static pressure at a slow rate.

4. The converging conical transition reduces the static pressure at a steeper rate not
only because of the friction on the transition walls but also ‘prlmarlly because the
increase in velocity pressure (kinetic energy) must be obtained at the expense of
the static pressure (potential energy). v o

5. A somewhat slower rate of static pressure reduction, due tq duct friction, is

resumed, but not as slow as in item 3, because the smaller duct diameter results in

an increased friction loss.

The velocity pressure at the outlet is a loss that @s considerable here, due to the

reduced duct diameter. This loss reduces the static pressure at the outlet back to

the zero ambient static pressure.

!

Large outlet velocity
Duct  Converging conical transition

Fan Smaller duct

+ Positive static pressures

SP

FIGURE 6.10 Variation in the static pressure along a ventilating system containing a con-
verging conical transition, with the fan blowing into the system. All static pressures are positive.
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Smaller fan
(higher RPM)

Smaller duct

Converging conical transition

L tlet
Duct arge outle

velocity

e

/'

SP /\

Negative static pressures

FIGURE 6.11 Variation in the static pressure along a ventilating system containing a
converging conical transition, with the fan exhausting from the system. All static pres-
sures are negative, except the velocity pressure loss at the end of the system, which is
considerable, due to the smaller outlet diameter.

Figure 6.11 shows how the static pressure will vary along a system containing a

converging conical transition if the fan is exhausting from the system rather than
blowing into it. We note the following:

1.
2.

3

The ambient static pressure near the inlet of the system is zero again.

As the air velocity increases from zero to the duct velocity, the static pressure
decreases to a negative value, as pointed out in Fig, 6.8.

The duct friction reduces the static pressure at a slow rhte to a more negative
value.

. The converging conical transition reduces the static pressure at a steeper rate to

a more negative value, mainly because the increase in velocity pressure must be
accomplished at the expense of the static pressure and also somewhat because of
friction on the transition walls.

A somewhat slower rate of static pressure reduction, due to duct friction, is
resumed, but not as slow as in item 3, because the smaller duct diameter results in
an increased friction loss.

The fan raises the static pressure from its maximum negative value to a positive
static pressure.

The velocity pressure at the outlet is a loss that is considerable, due to the smaller
duct diameter. This loss reduces the static pressure at the outlet back to the zero
ambient static pressure.

Now let’s consider the static pressure variation due to a diverging conical transi-

tion, as shown in Fig. 6.12, with the fan blowing into the system. We note the following:

SYSTEM RESISTANCE 6.13

Smaller fan

(higher RPM)

Diverging conical transition Duct

Smaller duct Outlet velocity

SP Positive static pressures

FIGURE 6.12 Variation in the static pressure along a ventilating system containing a diverg-
ing conical transition, with the fan blowing into the system. All static pressures are positive.

The ambient static pressure near the fan inlet is zero.

The fan raises the static pressure to a positive value, possibly the maximum.

The duct friction reduces the static pressure at a fairly fast rate due to the small
duct diameter.

The diverging conical transition has two opposing effects: It slightly reduces th.e
static pressure due to wall friction, but it increases the static pressure by static
regain, as discussed in Chap. 1,and this will outweigh the sl§ght friction loss. While
air normally flows from higher static pressure to lower static pressure,a gr_adually
diverging cone is an exception: Here air flows from lower to'hlgher static pres-
sure. The general rule, however, is that air will flow frotp points of higher total
pressure to points of lower total pressure without exception.

. The duct friction reduces the static pressure at a slow rate.
. The velocity pressure at the outlet is a loss. It reduces the remaining static pres-

sure at the outlet of the system to the zero ambient static pressure again.

Figure 6.13 shows how the static pressure will vary along a system containing a

diverging conical transition, with the fan exhausting from the system. We note the
following:

1

. The ambient static pressure near the inlet of the system is zero.

2. As the air velocity increases from zero to the duct velocity, the static pressure

decreases to a negative value, as pointed out in Fig. 6.8. Due to the smaller duct,
this negative value is considerable.

3. The duct friction reduces the static pressure at a fairly fast rate, due to the smaller

duct diameter, to a more negative value.



6.14 CHAPTER SIX

e

Diverging conical transition Fan

Duct

Smaller duct Outlet velocity

N

——

el

SP /\

- Negative static pressures

glGU_RE 6.1} Variat.if')n in .the static pressure along a ventilating system containing a
iverging conical transition, with the fan exhausting from the system. All static pressures are
negative, except the velocity pressure loss at the outlet end of the system.

The diverging conical transition will agai i i

Thy : : vill again have two opposing effects, as discussed
in item 4 of Fig. 6.12, with the static regain outweighing the slight friction loss. The
negative static pressure, therefore, will become slightly less negative.

A slow rate of static pressure reduction in the duct will make the static pressure
slightly more negative.

The fan raises thg static pressure from its negative value (it may or may not be a
maximum) to a slightly positive static pressure.

The velocity pressure at the outlet is a loss. It i
. It reduces the static pressure at the
outlet back to the zero ambient static pressure. ¢ P

CHAPTER 7

CENTRIFUGAL FANS

FLOW PATTERN

Figure 3.17 showed a typical centrifugal fan wheel with backward-inclined blades.
Figure 3.18 showed the same fan wheel in a scroll housing. The airflow enters the
unit axially, the same as in an axial-flow fan, but then spreads out in a funnel-shaped
pattern, turning 90° into various radially outward directions before meeting the
blades. The blades then deflect these individual air streams into a spiral pattern to an
almost circumferential direction. All these air streams are finally collected by the
scroll housing and are reunited into a single air stream that leaves the unit at a right

angle to the axis.

OPERATING PRINCIPLE

As discussed previously, the operating principle of axial-flow fans is simply deflec-
tion of the airflow by the fan blades from an axial direction into a helical flow pat-
tern. In centrifugal fans, the operating principle is a combination of two effects:
centrifugal force (this is why they are called centrifugal fans) and again deflection of
the airflow by the blades, but here the deflection is from a radially outward direction
into a spiral flow pattern, as can be seen from Figs. 3.17 and 3.18. As the fan wheel
rotates, the air located between the blades and rotating along with them is, of course,
subject to centrifugal force, and this is the main cause for the outward flow of the air.
Simple outward deflection of the air by the blades is a contributing factor, but to a
lesser degree in most types of centrifugal fans. Only in the case of forward-curved
blades does the air deflection have a strong influence on the flow pattern and on the
performance. In' the other types of centrifugal fans, the centrifugal force is the pre-
dom “effect. This results in the following two differences between the perfor-
mances of axial-flow and centrifugal fans:

1. Centrifugal fans normally produce more static pressure than axial-flow fans of
the same wheel diameter and the same running speed because of the additional
centrifugal force, which is missing in axial-flow fans. ;

2. Since in centrifugal fans the airfoil lift\iif w’é: can call it that) contributes only a
small portion of the pressure produced (while most of it is produced by centrifu-
gal action), the improvement due to airfoil blades (over single-thickness, back-
ward-curved sheet metal blades) is not as pronounced in centrifugal fans as it is

in axial-flow fans.

What did we mean by saying “if we can call it that”? Repeating a passage from
Chap. 2: In a centrifugal fan wheel with backward-curved airfoil blades, the convex
side of the airfoil is the pressure side. This is abnormal for an airfoil, even though the

airfoil contours are stiperimposed on a spiral line. This type of blade may have the
appearance of an airfoil, but it does not really have the function of an airfoil, since

ey
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there is no lift force in the conventional sense. It is simply a backward-curved blade
with a blunt leading edge, which helps broaden the range of good efficiencies and
which improves the structural strength of the blade.

DRIVE ARRANGEMENTS

A centrifugal fan, as shown in Fig. 3.18, consists of a fan wheel and a scroll housing
plus such accessories as the inlet cone, the cutoff, and the various supports for the
housing and for the drive arrangement (motor, pulleys, bearings, and shaft). Most
centrifugal fans use belt drive because it has the following three advantages:

1. Either 1750 or 3450-rpm motors can be used, and expensive slow-speed motors
are avoided.

2. The exact fan speed for the required air volume and static pressure can be
obtained.

3. The speed can still be adjusted in the field, if desired, by simply changing the pul-
ley ratio.

On the other hand, direct drive is preferable whenever possible, particularly in
small sizes, because it has the following three advantages:

1. Itreduces the first cost whenever a 1750-rpm motor can be used, since extra sup-
ports, pulleys, bearings, and shaft are avoided.

2. It avoids a 5 to 10 percent loss in brake horsepower, consumed by the belt drive.

3. New belts usually stretch 10 to 15 percent in operation, requiring belt adjust-
ments. Direct drive avoids this maintenance. ’

TYPES OF BLADES

According to their blade shapes, centrifugal fans can be subdivided into the follow-
ing six categories: AF (airfoil), BC (backward-curved), BI (backward-inclined), RT
(radial-tip), FC (forward-curved), and RB (radial blade). Figure 7.1 shows these six
commonly used blade shapes. Each of them has its advantages and disadvantages.
Accordingly, each is well suited for certain applications. Figure 7.1 also shows the
approximate maximum efficiencies that usually can be attained with these blade
shapes. Many fans, however, are built for low cost and have maximum efficiencies
below those shown, and occasionally—as we will see—even higher efficiencies are

BN AR RN AR AR, SRR

92% 85% 78% 70% 65% 60%

FIGURE 7.1 Six blade shapes commonly used in centrifugal fans. The approximate maximum effi-
ciency attainable for each type is shown. (From Bleier, F. P, Fans, in Handbook of Energy Systems
Engineering. New York: Wiley, 1985, used with permission. )
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i i icienci be obtained with airfoil
i th BI and RT blades. The highest efficiencies can be 0
g}l);g::r;eglgllowest with flat radial blades. Let us examine these six blade shapes and

point out their features.

Centrifugal Fans with AF Blades

Airfoil centrifugal fans are the deluxe centrifugal fans. They have the following fea-

tures: N B

1. They have the highest efficiencies of all centrifugal fans.

2. They have relatively }vgw”nqi“sg}qyels. .

3. They have high structural strength so that they can run at high spee
duce up to 30 inWC of static pressure. .

4. They have stable performance, without surging or pulsation.

imari i icati d for general venti-
. used primarily for clean air and gas gpphca"uons an -
° rlgtliegn?l’-l?hey arg good for systems with changing resistance because the perfor

mance curves have no stalling range. They can operate in parallel. N
adjacent blades are gradually expanding for minimum tur-

ds and pro-

6. The passages between

bulence. . o
7. The blades are usually made as hollow airfoils of steel, welded to the back plate

and shroud (Fig. 7.2). In small sizes, the entire fan wheel is sometimes made as an
aluminum casting (Fig. 7.3)-

a schematic sketch of a typical airfoil centrifugal fan wheel. It

e e showsf the airflow and the symbols for the principal dimensions. The

shows the pattern o

FIGURE 7.2 Angular-view of 16-in centrif'uga'l
fan wheel (5 hp, 3450 rpm) with eight hollow airfoil
blades, of welded steel, with flat back plate and
spun shroud for tapered blades. ( Coyrtesy of Cop-
pus Division, Tuthill Corporation, Millbury, Mass. )
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FIGURE 7.3 Angular view of a 10-in centrifugal fan
wheel (1 hp, 3450 rpm) of cast aluminum with ten air-
foil blades. (Courtesy of Chicago Blower Corporation,
Glendale Heights, IlL.)

same symbols will be used in other types of centrifugal fans. In Fig. 7.4, notice the fol-
lowing:

1. The fan wheel has a back plate, a sh_roud, and ten backward-curved airfoil blades.

2. The principal dimensions, as shown, are the blade outside diameter d,, blade
inside diameter d;, blade length /, blade width b, and the blade angles f; and B,.

3. The leading edge of the blade is the blunt edge on the inside. It has a blade angle
By, which is measured between the tangent to the circumference of the inner cir-
cle and a line bisecting the leading edge of the blade. o

The trailing edge of the blade is the pointed edge at the Hlade tip. It has a blade
angle f3,, which is measured between the tangent to the circumference of the
outer circle and a line bisecting the trailing edge of the blade.

The figure also shows a spun inlet cotie guiding the airflow into the wheel inlet
and helping it turn radially 6utward with a minimum of turbulence.

The shroud shown in Fig. 7.4 has a curved portion at the inlet plus a flat portion
extending outward. Some shrouds have a curved portion plus a conical (instead
of a flat) portion so that the blade width is not constant but gets harrower toward
the tip, making the area for the airflow constant. In other words, the blade width
varies from b, at the leading edge to a smialler b, at the blade tip so that the areas
dinb, = dynh,. This used to be the generally accepted design because the constant
area and the reduced angle for the airflow turning outward was thought to result
_ inbetter efficiencies. This reasoning, however, overlooked the loss caused by the
e sudden expansion at the blade tip, from the blade width to the much larger hous-
ing width. A flat outer-shroud portion turned out to be just as efficient or even
slightly more efficient because it results in less acceleration of thé absolute air
velocity as the air stream passes from the leading edge to the blade tip, and the

e

»

a

sudden expansion at the blade tip, therefore, is less severe. As an added bonus, the
airfoil blade is simpler and more economical in production if b, = b,.

S
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’l :Back plate
b
Shroud F

1 centrifugal fan wheel with ten backward-curved

i issi i . Note: dy, blade i.d.; d,, blade o.d.; b,
irfoi ing the maximum permissible Wldth b. la o
gllgfgél\x]?i?gle'sl }li?;,élré%ength' B;, blade angle at leading e?ge; Bz(lzlad)e ::1%112 32 ]ﬂ;fl%}':pélet ’iveaaii
b ngth; by, . ; e ey |
velocity (fpm) at leading edge of blade; Vi, blade velocity .tp;, et piad tip e ring

i i ; lative air veloci ¢ /
Vemc1lty (me) ;nc}iet;dmg e o e of blade esulting absolute air velocity (fpm) at
absolute air velo

blade tip.

Rotation

FIGURE 7.4 Schematic sketch of a typica

(fpm) at leading edge of blade; V>, 1

city diagrams at the leading and
ke some observations and some
om the requirements for speed,

Velocity Diagrams. Figure 7.4 'c}lSO shows the velo
trailing edges. Looking at these diagrams, we can mfa
calculations and we can derive certain dimensions fr
air volume, and static pressure as follows:

ity W and the blade velocity Vi results in

. ) . i
1. The vector sum of the relative air velo o e cdge a5 locity ¥ re eail

the absolute air velocity V. This is true a

s i ditions exist:
. the leading edge, the following con itions exist: ) .
? f tThZ fylind%icalgarea A, through which the airflow will pass is

=4 _ 6021824, (7.1)
144
in i is i feet.
d, and b are in inches and Al is in square
b ﬁzrbelaée velocity Vi at the leading edge can be calculated as
(7.2)

Vi =%t- x rpm = 026184, X rpm

where Vi, is in feet per minute (fpm). ol outward and there-
i ity V, at the leading edge is radially outwa
6 T e tar o th Ejl'iliiidﬁc‘al' area A;. It can becalculated as
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Vi=—— =458— (7.3)

where V; is in feet per minute (fpm).
d. The blade angle B; at the leading edge can be calculated from

Vi cfm

tan B =— =1755—"—
i B'I VBI d%b X rpm (74)

It usually is between 10 and 30°.

e. The relative air velocity W; at the leadi i i
- ing oo Of ths blage y W, ading edge is about tangential to the lead-
. As we move from the leading edge to the blade ti i
T : 4 , the blade vel in-
creases, the relative air velocity W decreases somepwhat (due t\ge flfel:t}(]:h‘;i:lrell

between adjacent blades becoming wid: 4
g wider), and the a i i i
the vector sum of the two) increases. ) brolute airvelocity V (being

4. At the blade tip, the following conditions exist:
a. The cylindrical area A, is

Az - dzTCb
- 144

=0.02182d, b (7.5)

where d, and b are in inches and A4, is in s
2 quare feet.
b. The blade velocity Vp, at the blade tip can be calculated as

v, =28
Vi =5 x1pm= 0.26184d, x rpm (7.6)
:IN]Illerenglz is in feet per minute (fpm).
¢. The absolute air velocity V), at the blade tip is no longe i
: y V2 1 radiall
g;erpqndlcular to the cyhndrlcal area A,. By the time i% reached tyhglgl‘zgidtio y
g .a1111' stream got considerably deflected in the direction of fan rotation frog;
i ?h ia by outwar.d to an gngle of only about 20° to 30° from the circumfer’ence
e absolute air velocity V, can be resolved into two components: a radialls‘l

outward component V,, and a circumfi i ’
erential componen i
ponent can be calculated easily as d Ve The radial com-

cfm cfm
- Vo= =458—
= 5.8 &b (7.7)
The formula for the circumferential component V. is
SP
V.= K——
2 rpmx d, (7.8)

:;xz;ltarl to Itlhe corresponding equation (Eq. 4.6) for vaneaxial fans, but unfor-

fun fgryz;itrci lcc:nstaﬁt K) cc})lntalns two correction factors (for hydraulic losses
latory flow) that can only be estimated but c tb

accurately. The preceding equation for V., oy of et

accu ) 2 therefore, is only of theoretical

\ ;Iéﬁrest. Whereas Eq._(4.6) gave us an accurate value for the circumferential

ponent in vaneaxial fans, the preceding equation for centrifugal fans will

not g us an urat ‘ 2 U fele““al C()]“[)()nent f()] cen-
(e} ve acc (53 Value for “ the circum
Lt}

%
|
ﬂi
|
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e. The blade angle B, at the blade tip theoretically could be determined from

V2 r

tan Br=—5—"75"

P V= Vi

but since Vs, cannot be determined accurately, B, cannot be determined accu-
rately either.

As an indication of the general trend, it may be said that an increase of the blade
angles B, and B, results in an increase in air volume and static pressure, but in a
decrease in the fan efficiency. However, if B and B, becomie too large, the passage
between adjacent blades may become so wide and short that the airflow is no longer
sufficiently guided and the circulatory flow will become excessive. In this case, a
simultaneous increase in the number of blades will correct the situation by making
the blade channel narrower. T o

Hydraulic Losses and Circulatory Flow. These two terms were mentioned earlier
as the reason why we can not accurately calculate the circumferential component
V,. of the absolute air velocity V, at the blade tip. The reader, therefore, deserves an
explanation of what these two terms mean. The hydraulic losses are the pressure
losses due to friction as the air stream passes over the various surfaces. The circula-
tory flow is a peculiar phenomenon that takes place as the blade channel rotates
around the axis of the fan wheel. Let’s explain this in more detail.

The air particles occupying the space between the blades do not quite keep up
with the rotation of the channel walls but—because of their inertia—Ilag behind.
Relative to the channel, they therefore rotate slowly in the opposite direction. This
relative vortex, called circulatory flow, which is superimposed on the main relative

flow, is comparatively small, yet it is large enough to notably reduce the pressure
produced by the fan. What is the mechanism of this pressure loss? The circumferen-
tial component V;, is responsible for the pressure produced. Since the circulatory
flow is an undesirable phenomenon that negatively affects fan performance, a cor-
rection factor has to be applied to the formula for V.. to compensate for the pressure
drop due to circulatory flow. This correction factor tends to increase Vc and thereby
the blade outlet angle B, The determination of this correction factor is difficult. The
shape, width, and number of blades will affect it: The poorer the guidance of the air
is while passing through the channel, the stronger will be the circulatory flow and the

larger will have to be the correction factor. -

Conclusion. In view of the preceding, the design calculation for centrifugal fans is
not as accurate as the design calculation for vaneaxial fans. In other words, if the
requirements for speed, air volume, and static pressure are given for a vaneaxial fan,
it is entirely possible, without any previous experience, to go through the various for-
mulas, as shown on page 4.63, to calculate the principal dimensions and to obtain a
test sample (the first prototype) that will be satisfactory with respect to air volume,
static pressure, and efficiency. For centrifugal fans, on the other hand, only an expe-
rienced fan designer who has some empirical data for this type of fan in his or her
file will be able to meet the requirements with the first prototype.

Wheel Diameter d, and Blade Inside Diameter d, for an Airfoil Centrifugal Fan.
In Chap. 4 we pointed out that in designing a vaneaxial fan for a certain set of
requirements (speed, air volume, static pressure), we can calculate the minimum hub
diameter dni, by Eq. (4.1) and the minimum wheel diameter D by Eq. (4.3). Equa-
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tion (4.1) indicated that the minimum hub diameter is only a function of speed and
static pressure but not of air volume, which sounds reasonable. Equation (4.3) indi-
cated that the minimum wheel diameter is a function of speed, air volume, and hub
diameter, thus also of static pressure. The minimum wheel diameter obtained from
Eq. (4.3) tells us whether the wheel diameter requested by the customer is accept-
able.

In designing an airfoil centrifugal fan, the procedure is different. Again, we want
to calculate the wheel diameter d, and the blade inside diameter d, from the require-
ments (speed, air volume, static pressure). To calculate the blade inside diameter ds,

we use the formula
- *efm
dl,min = 10 (79)
Ipm

and note that the blade inside diameter depends only on speed and air volume but
not on static pressure. This sounds reasonable. Obviously, a larger air volume and a
smaller speed will result in a larger blade inside diameter. The static pressure will be
produced after the blade inside diameter has been passed, by blades which start at d;
and extend to d,.

To calculate the wheel diameter d,, we use the formula

18,000
dy min = 0 VSP (7.10)
rpm

ously, a larger static pressure and a smaller speed will result in a larger blade outside
diameter, but what about the air volume? Won’t air volume tend to increase the
blade outside diameter, too? The answer is that the blade angles B; and f3, will have
to take care of the air volume. We have Eq. (7.4) to calculate B;, and it contains air
volume, as it should. The formula for B, also contains air volume, but it is inaccurate,
as pointed out on page 7.7. The fact is that B, has a strong influence on both the air
volume and the static pressure, as we will discuss in more detail in the section on
forward-curve blades. An ing_r_e_a_sggﬁlgv_il_l__rpsul_t____i_g_g_c_gggi;d_ef;@l@_vigcvrwga_se in the air-
volume, but at the expense of the efficiency. Therefore, while a larger air volume
could be obtained by increasing B,, it sometimes is preferable to keep B, smaller, for
better efficiency, and instead increase the wheel outside diameter beyond the value
of d min according to Eq. (7.10).

Blade Width b.  Earlier we pointed out that the airflow enters a centrifugal fan axi-
ally and then turns 90° into various radially outward directions. In doing so, the air-
flow first passes through the circular area A, of the shroud inlet and then—after the

90° turn—through the cylindrical area A7 at the blade inside diameter, as can be seen
in Fig. 7.4. These two areas can be calculated as follows:

A, = (;—Q)Zn (7.11)

where d; is the shroud inside diameter in inches and A, is the circular shroud inlet
area in square feet.

_ dlﬂ:b
T 144

(7.1)
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where d, is the blade inside diameter in inc_:hes, b is.the bladefwidth in inches, and A,
is the cylindrical area at the blade inside diameter in square feet.

* Let’}sl examine the three variables in these two formulas: dy, d,, and b. d; has been
calculated from Eq. (7.9) as a function of speed and air volume. It has already been
determined. d, can be calculated as

d,=0.94d, (7.12)

The difference dy ~ d, is small, just large enough to allow fo.r the curved portion of th_e
shroud. d, therefore has already been det.ern}ined, tqo, b is the only Varlablf: that is
still open for choice. How can we determine it? Obviously, the value of b will affect
the air volume. As the blade width increases, so VYIH the air voh}me, at least'up to a
point. When this point has been reached, a further increase in b will not result in a fu.rl—1
ther increase in the air volume because the constant inlet cone inside d1a.met'er wi

act as a choke. It simply will not let any more air pass through. The question is how
large can we make b for optimal performance, i.e., for maximum air volume, w1t}1110ut
impairing the fan efficiency. The answer to this question is: bmax should be such that

A =21A, (7.13)

is i iri i i i kes allowance
This is an empirical formula. It is the result of experimentation. It ma war
for the inlet cI:)one inside diameter being somewhat smaller than the shrou.d inside
diameter d,. Inserting thé expressions of the Egs. (7.1), (7.11), and (7.12) into Eq.
(7.13), we'get

dmb . (094d, )2 (114)
144 ”2'1< 2% )"
or
b = 0.46d, , (7.15)

r words, if A; = 2.14, according to Eq. (7.13), which means a 52 percent decel-
?;ac’ggrei of the air_ﬂolw) making the 90° turn from axial to radially outward, then the
blade width b will be 46 percent of d;, according to Eq. (7.15). This is the maximum

ded blade width b. o
recoAniIig;?-aenglé' turn with a 52 percent deceleration (or with any deceleration) is a
ticklish proposition. The air stream tends to follgvy its inertia and to shoot across the
blade width. In other words, instead of evenly filling the space between shroud and
back plate, the airflow will crowd toward the back plate, aqd less air will flow near
the shroud. Obviously, such an uneven condition is undesqable, even though the
flow pattern is much improved by the smooth curves at the inlet of the shroud and
at the outlet end of the inlet cone, as shown in Fig. 7.4. -

While the blade width according to Eq. (7.15) is the maximum recommgnded,
smaller blade widths are often used, whenever the requirements are for less air vol-
ume at the same static pressure. Such a reduced blade Wldth, then, will result in less
deceleration or even in some acceleration during the right-angle turn from axial to
radially outward and, therefore, in a more even flow pattern. Acceleration will take

place whenever
b<0.2214d, (7.16)

e

i.e., whenever the fan wheel has nafrbw blades (such as in turbo blowers with flat
blades, which will be discussed later).
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FIGURE 7.5  Air volume (cfm) versus blade width b for an airfoil centrifugal fan.

Figure 7.5 shows how the air volume will vary with the blade width b. It is not in
direct proportion (which would be a straight line), as is sometimes assumed. As the
blade width increases, the corresponding increase in air volume is (1) smaller than in
proportion and (2) at a sacrifice of flow conditions. The line in Fig. 7.5 is somewhat
curved so that at by, (close t6 the point of saturation) the curve is almost horizon-
tal. In the region of accelerated flow and narrow blades, the air stream will more
evenly fill the space between back plate and shroud.

Summarizing, it may be said: Narrow blades have the advantage of being more
compact;i.e., they deliver more air volume per inch of axial width. Wide blades have
the advantage that the total air volume delivered is larger. Flow conditions are
smoother in narrow wheels, but average air velocities age lower in wide wheels.
Resulting efficiencies therefore can be comparable.

Number of Blades. The decision regarding the number of blades is based on a
compromise between two conflicting requirements. On the one hand, the channel
between the blades should be narrow enough for good guidance of the air stream.
On the other hand, it should be wide enough so that the resistance 6 airflow is not
too great. Between 8 and 12 blades is a good selection for most designs, but occa-
sionally, up to 16 blades are needed for designs having large diameter ratios d,/d, or
large inlet blade angles B,.

It has been suggested that partial blades could be placed between the main
blades, but only in the outer portion of the annular space, so that the channel width
would be reduced where it is largest. However, tests on such a configuration have
indicated that this will not improve the performance. The reason is that the partial
blades result in double the number of blade edges, which—as mentioned previ-
ously—are a main source of turbulence. o

Blade Length I. The blade angle B, at the leading edge has been calculated from'
Eq. (7.4). The number of blades has been determined as a compromise, as explained

i
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i i f an airfoil shape, as
ier. blade length /, then, will be found by simple layout o : .
:l?:)hwerf ;rrlh Igigs.a 7.2 thr%)ugh 7.4. The trailing edge of a blade should just slightly over-
lap or not overlap at all with the leading edge of the adjacent blade.

ing. As mentioned earlier, the various air streams leaving the blade

g;ZO;igglﬁil;%d in the scroll housing and are reunitedginto a §1ngle air strebzlirré tli'at
leaves the unit at right angles to the axis. Thej absolute air velocity V; at thel gt e 01‘13
(see the velocity diagram in Fig. 7.4) is considerably larger than the air VOeVoc1 y o
at the housing outlet. As the air stream gradually decelerates from V, to ésom > of
the difference in velocity pressure is converted into static pressure, per ern(z ulh
(see pages 1.10 and 1.11). This is true for any type of blade. The ¢ effect gglgg(iic)_%ges
forward-curved blades, which have the largest ?}}‘»‘-Y?}VQQ}tles Vzatthea3 661 y 1p- -

Figure 7.6 showsa schematic sketch of a typical scroll housing fora ) 5-in cer n
trifugal fan with airfoil, backward-curved, or backward-inclined blades, for gene
ventilation. You will notice the following:

1. The spiral shape is approximated by three cirpglar sections. Their radii are 71.2,
83.7,and 96.2 percent of the wheel diameter. .
2. The fenters O? these three circular sections are located off the center lines by
intervals of 6%4 percent of the wheel diameter. ' o
3 ;“ri): I’;;;e maximupm blade width (which is 0.46d,), the housm'g width is 75 percent
' of the wheel diameter, or 2.14 times the blade width. (Here is that sudden expan-
sion mentioned on page 7.4.) If the blade width should be reduced by a certain
amount, the housing width will be reduced by the same amoupt.
4. The height of the housing outlet is 112 percent of the wheel diameter. _
5. The size of the spiral increases at an even rate. Some manufacturers dev1at‘ie
. from this even rate and let the spiral increase faster at first and slower toward the

outlet.

lat——— 2714 ———]

— 1234 |-— 4014

FIGURE 7.6 Schematic sketch of typical scroll housing assembly for‘a 3{61/z-in cer'ltlrifugal fan with
airfoil, backward-curved, or backward-inclined blades for general ventilation (scale: %s).
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6. At the housing outlet, you will notice a so-called cutoff, which looks like a con-
tinuation of the spiral and which protrudes into the housing outlet. Two types of
cutoffs are in use. They can be described as follows:

a. One design uses a one-piece cutoff, as shown in Fig. 7.7, running all the way
across the housing width. It continues the curvature of the scroll and is fas-
tened to the scroll and to the two housing sides. It protrudes into the housing
outlet by 20 to 30 percent of the outlet height. The top of the cutoff is the point
closest to the blade tips. It leaves a cutoff clearance of 5 to 10 percent of the
wheel diameter. The purpose of the cutoff is to minimize the recirculation of
the bypassing air (which, of course, is a loss in air volume and efficiency) with-
out producing excessive noise due to a small cutoff clearance. In other words,
the 5 to 10 percent cutoff clearance is a compromise between prevention of
recirculation and quiet operation.

b. The other design uses a two-piece cutoff placed only on the inlet side of the
housing, opposite the inlet cone, where the fan wheel is not, as shown in Figs.
7.6 and 7.8. One cutoff piece is fastened to the scroll. The other piece extends
all the way to the inlet cone and is fastened to the inlet cone. The fan wheel
then discharges into the wide-open housing outlet, and the cutoff completely
prevents recirculation on the inlet cone side but not at the wheel. For this type
of cutoff, a better term is recirculation shield, particularly for the piece that is
fastened to the inlet cone. The recirculation shield protrudes into the housing
outlet by 30 to 35 percent of the outlet height.

Inlet Clearance. On pages 4.38 to 4.39, we discussed the tip clearance of vaneaxial
fans, i.e., the gap between the rotating fan wheel and the stationary housing shell. We
presented the performances we had obtained from a series of tests in which the tip
clearance had been varied from very small to very large. We found that the smallest

FIGURE 7.7 Angular view of scroll housing  FIGURE 7.8 Angular view of scroll housing
showing drive side (shaft and bearings) and outlet showing inlet side (inlet collar and inlet cone)
side with cutoff running all the way across the  and outlet side with recirculation shield oppo-
housing width. (Courtesy of Chicago Blower Cor- site the inlet cone only. (Courtesy of General
poration, Glendale Heights, Iil.) Resource Corporation, Hopkins, Minn. )
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possible tip clearance results in the best performance in all respects (static pressure,
ici and noise level). .

effllgi)ern((:;%ntrifugal fans, t)here is a correqunding parameter. It is the Hsmall. glap
between the rotating fan wheel and the stationary inlet cone. It occurs at the 1; et
edge of the wheel shroud, where the inlet cone overlaps the shroud, as shown in i%
7.4. 1t is called the inlet clearance. Again, the smallest possible inlet clearance reizubs
in the best performance. a 30-in wheel diameter, .the_mlet cl.earance shou 1e
not more than ¥ in. Sometimes a labyrinth configuration is used instead of a bsmllp E
overlap, to keep any possible back leakage to a minimum. However, such all lq yr1ntll
configuration requires some machined surfaces and therefore is used only in sma

sizes. In larger sizes, it would be too costly.

i i ith i i ifugal fan can be
Inlet Boxes. For installations with inlet duct's, tl}e inlet of a centrift 1
equipped with an inlet box, bolted to the housing inlet, as shown in Fig. 7.9. The inlet

box has two purposes:

FIGURE 7.9 Centrifugal fan with inlet box added, allowing
connection to a vertical inlet duct. (Courtesy of Chicago Blower
Corporation, Glendale Heights, IlL.)

L ‘If the configuration of the system requires an inlet duct that is perpfan.dicular to
the fan shaft, the inlet box will provide a tight, space-saving elbqw guiding the air
stream from the direction of the inlet duct into a 90° turn to the inlet of the scroll

housing. . . o
2. If the fan is wide in an axial direction so that a bearing on the inlet side is
required, the inlet box will keep the inlet bearing out of the air stream.

inlet box has a rectangular cross section. Its width (parallel to the housing
sider[;h Es:ﬁillly is three times thegdiametgg_ of the housing inlet. However, the depth of
the inlet box (in the axial ditection) is often only one-half the diameter of the hous-
ing inlét. This is what makes the inlet box spacé-saving and tight, but it testilts in con-
siderable losses in air volume delivered (about 30 percent) and in static pressure
produced by the fan. These Tossés can be reduced by the following two methods:
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1

2.

By an increase in the axial depth plus a taper in the lower portion of the inlet box,
as shown in Fig. 7.9.

By providing one or two turning vanes inside the inlet box.

One inlet box is used on a single-inlet fan. Two inlet boxes are used on a double-
inlet fan. ' et

Double-Inlet, Double-Width Centrifugal
Fans. 'The fans shown in Figs. 7.2 through
7.4 and 7.6 through 7.9 are of the single-
inlet, single-width type. By combining a
clockwise and a counterclockwise fan into
one unit, a double-inlet, double-width cen-
trifugal fan, as shown in Figs. 7.10 through
7.12,is obtained, delivering about 1.9 times
the air volume against the same static pres-
sure while consuming approximately dou-
ble the brake horsepow
the two-in-one fan wheel usually are stag-
gered for more even flow conditions. This
construction is a practic
solution for many appl
air volume requis

e Ic ize and speed of the'
unit. In other words, a scroll housing
is avoided; only the total width of the hous-
ing is increased.

Performance of Airfoil Centrifugal Fans.
As mentioned previously, centrifugal fans
of any type are for higher static pressure
than vaneaxial fans. This means that for
the same wheel diameter and for the same
running speed, dentrifugal fans produce a

FIGURE 7.10 Two views of a double-inlet, higher maximum static pressure. Figure
double-width centrifugal fan wheel with 12 7.13 shows the performance curves for a
backward-curved, hollow-steel airfoil blades typical 27-in airfoil centrifugal fan directly

in staggered positions. (Courtesy of Chicago
Blower Corporation, Glendale Heights, Ill.)

1

driven from a 5-hp, 1160-rpm motor. You
will notice the following:

The maximum efficiency here is 88 percent, a high efficiency. For larger sizes, the
maximum attainable efficiency can be even slightly higher. The optimal operating
range is between 50 and 75 percent of the free-delivery air volume.

—— R

The maximum efﬁcieﬁ'éi}mrégc‘:urs at about 85 percent of the maximum static
pressure.

The maximum static pressure is 3.7 inWC. If this fan were to run at 1750 rpm
instead of 1160 rpm, the maximum static pressure (according to the fan laws)
would be (1750/1160)* x 3.7 = 8.4 inWC. Comparing this with the 3.3 inWC max-
imum static pressure produced by the 27-in vaneaxial fan at 1750 rpm, as shown
in Fig. 4.21, the maximum static pressure produced by this airfoil centrifugal fan
is 2.3 times higher.

economicaly;
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FIGURE 7.11 Scroll housing with inlet cones in place
for a double-inlet, double-width centrifugal fan. Short
cutoff permits full view into the inside, showing the two
inlet cones. (Courtesy of Chicago Blower Corporation,
Glendale Heights, I11.)

FIGURE 7.12 Double-inlet, double-width centrifugal
fan assembled with inlet cones, fan wheel, shaft, bear-
ings, and braces in place. (Courtesy of Chicago Blower
Corporation, Glendale Heights, IiL.)

4. The static pressure at the no-delivery point is slightly lower than the maximum

static pressure, but there is no stalling dip such as usually occurs in the static pres-
sure curves of forward-curved centrifugal fans and of vaneaxial faq units. There is
no surging or pulsation. The performance is stable over the entire range. f[l_ns
makes airfoil centrifugal fans (and also backward-curved and backward-inclined
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FIGURE 7.13 Performance of a typical airfoj ; . . :
drive from 2 5-hp, 1160.1pm mmor.yplca airfoil centrifugal fan, 27-in wheel diameter, direct

centrifugal fans) suitable for fluctuating systems and for operation of two fans in

5. The maximum brake horse i
! _ POWer occurs at a static pressure of 2.8 inWC.
El}ghﬂ}il below the 3.2 1nWC point where the maximum efficiency occurs an’d];l:;
om the free-delivery point. In other words, the brake horsepower curve is

?Q&Qgg?rl‘ggging. Regardless of where thé pointof operation is Tocated on the per-
1 ormance curves, the motor can never be overloaded. By comparison, forward-

— §& curved centrifugal fans (to be discussed later) overload the motor at free

I delivery. Vaneaxial fans sometime >"tip 1s wider tha ‘
j oeive etimes (when the blade T
iwidth at the hub) overload the motor at no aelive'ry;e‘“ 2 Y!lgér"t'h'a'n the blade

6. The minimum noise level occurs at the point of maximum efficiency.
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Centrifugal Fans with BC and Bl Blades

Centrifugal fans with backward-curved (BC) or with backward-inclined (B]) blades
are similar in design and performance to those with backward-curved airfoil blades,
except for a moderate decline in the maximum efficiency and in the structural
strength. The BC centrifugal fan used to be the most efficient and popular type until
the airfoil centrifugal fan took its place.

Most of our discussions about airfoil centrifugal fans apply to BC and BI cen-
trifugal fans as well. In particular, the velocity diagrams are the same. The formulae
for di, dy, and by, are the same. The discussions on number of blades, blade length,
scroll housing, cutoff, inlet clearance, inlet boxes, double-inlet, double-width fans
and nonoverloading brake horsepower curves all apply to BC and BI centrifugal
fans as well. The advantages of BC and BI centrifugal fans are as follows:

1. They are less costly in production.
2. They can tolerate somewhat higher temperatures and slightly dust-laden gases.

Figure 7.14 shows a schematic sketch of a typical BC fan wheel. The outer portion
of the shroud is flat, but it could be conical. The blade shape is a smooth curve. Often

Rotation

Inlet / h

<d— b P

Back plate

Shroud

FIGURE 7.14 Schematic sketch of a typical centrifugal fan wheel with ten backward-curved
single-thickness blades having the maximum permissible width b. (Note: d;, blade inside diam-
eter; d,, blade outside diameter; b, blade width; /, blade length; B, blade angle at leading edge;

B,, blade angle at blade tip.)

it is just a simple circular arc, but sometimes it is a shape with more curvature near
the leading edge, simulating an airfoil shape. The blade channel should be gradually
expanding so that the relative airflow will decelerate gradually and at an even rate
while passing through the blade channel. If the airflow is smooth and has a minimum
of turbulence, a conversion from velocity pressure to static pressure can take place
with a minimum of losses. To analyze the blade channel, the following procedure is
employed: Circles are inscribed at different stations along the blade channel, as
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shoyvn in Fig. 7.14, and the area of passage for the relative flow is determined at each
station by multiplying the diameter of the inscribed circle by the blade width corre-
sponding to the circle center. These areas of passage should increase at a slow and
even rate. By calculating the radii of equivalent circles (having equal areas) and by
plotting them against the center line of the channel, the shape of an equivalent cone
can now be obtained. It should at all places have a cone angle of less than 7° with the
center line; otherwise, the design should be revised. e

For a centrifugal fan wheel with straight BI blades, there is a simple relationship
between the blade angles 8, and B,.. After we have determined the ratio d;/d, and
the blade angle B, at the leading edge, we can calculate ,, from

! d,
v cos B, =;2 cos fB; (7.17)
where d; = blade inside diameter in inches

d, = blade outside diameter in inches

B; = blade angle at the leading edge

B,, = blade angle at the blade tip for straight blades

Suppose that we have found dy/d, = 0.75 and B, = 11°, then we get cos By, = 0.75 x
0.98163 = 0.73622 and B,, = 42.6°. B, = 11° is a good blade angle for an efficient

design, but larger angles up to 30° are acceptable. If Eq. (7.4) should result in a B, )

Iarger than 30° or 35° at the most, it will be advisable to increase d; (and probably d,)
so that Eq. (7.4) will give us a smaller B;. Figure 7.15 gives a graphic representation
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FIGUR_E 7.15 Tip angle B, as a function of the inlet blade angle B, and of the diameter ratio d,/d,
for straight blades.
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of By, as a function of B; and of di/d, according to Eq. (7.17). If the blade were BC
instead of BI, then B, would have to be somewhat smaller than By, =™

Effect of Inlet Turbulence on the Sound Level of AF. BC, or Bl Fans

The velocity diagrams in Fig. 7.4 indicated that the absolute air velocity increases
from V, at the leading edge to V, at the blade tip as the airflow passes through the
blade channel between adjacent blades but that the relative air velocity decreases
from W, to W,. This means that the highest relative air velocity occurs at the leading
edge of the blade and therefore that correct design of this blade portion (tangential
flow and the resulting conditions of minimum turbulence) is important.

As in the casé of axial-flow fans, the sound level is affected by turbulence in the
inlet air stream, but the sensitivity to inlet turbulence here is less than it is for axial-
flow fans. The reason for this decreased sensitivity is found in the fact that the air
stream meeting the leading edge of a centrifugal fan blade is turbulent already, from
the 90° turn just performéd. Some ads al'turbulénce is thérefore less noticeable
than in the casé of Vanéaxial fans, wheré the inlet flow conditions are relatively
smooth. Nevertheless, inlet turbulence produced by elbows ahead of the centrifugal
fan inlet, such as inlet boxes, should be kept to a minimum. As mentioned earlier, this
can be done by increasing the axial depth of the inlet box and by providing turning

vanes inside the inlet box.

Types of Discharge

In most centrifugal fans, a scroll housing is provided, as shown in Figs. 7.6 through
7.8. Its main function is to collect the individual air streams from the blades and to
reunite them into the single air stream discharging through the outlet opening. The’
location and direction of the discharging air stream relative to the incoming air
stream will vary according to the demands of the installation. Sixteen different dis-
charge arrangements (eight for each rotation) have been adopted as standards by
the Air Movement and Control Association (AMCA). Additional in-between posi-
tions are also used occasionally. Most large centrifugal fans are designed in such a
manner that the manufacturer can furnish them for any discharge arrangement
required to suit the customer’s need. Some designs are for universal discharge,
meaning that even after complete assembly the discharge arrangement can still be
changed, simply by removing a few bolts and moving the scroll housing to a differ-
ent angular position.

A different type of discharge is sometimes used for applications in which air is
exhausted from a space or from some equipment and delivered into a large space
rather than into a duct. In such cases (roof ventilators, plug fans, old mine exhaust
fans), the scroll housing is omitted, and the individual air streams leaving the blade
channels simply diffuse outward into space. This arrangement is called radial dis-
charge or circumferential discharge. The term radial discharge is used more often,
even though the term circumferential discharge comes closer to the truth because the
direction of the flow velocity is closer to circumferential than to radial. This type of
discharge has the advantages of lower cost, greatly increased air volume (almost
double) at low static pressure, and a considerable reduction in the sound level
because the cutoff (a major source of noise) is eliminated. The maximum negative
static pressure is reduced by about 15 percent. FC wheels cannot be used for this
application because they require a scroll housing for the conversion of velocity pres-
sure into static pressure, and without a scroll housing, their performance would be
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FIGURE 7.16 BI centrifugal fan wheel with cir-
cumferential discharge.

poor, as indicated in Fig. 7.31. Figure 7.16 shows a BI centrifugal fan with ci
ential discharge exhausting from a space. gelfan with cireumfer-
Figure 7.17 illustrates another example of radial dischar i
] : : ge, an RB centrifugal fan
W%}eel drawing cooling air through the narrow passages of a truck generat%r. An
axial-flow fan would not develop sufficient suction to overcome the resistance of the
narrow passages; it would operate in the stalling range.

Centrifugal Fan Groups per AMCA

Figure 7.1 showed six types of centrifugal fans, classified i i
: , according to their blade
shapes. The AMCA (Air Movement and Control Association, Inc., Arlington
]
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FIGURE 7.17 Radial-blade centrifu

al fan wheel drawi i i
sages of a truck generator. 8 rawing cooling air through the narrow pas-
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Heights, I11.),in their publication 99-85 (Standards Handbook), shows two groups of
centrifugal fans, classified according to their general application. AMCA calls these
two groups (1) centrifugal fans and (2) industrial centrifugal fans. Let’s describe
these two groups in more detail.

Centrifugal Fans. The centrifugal fans we have discussed thus far (AF, BC, BI)
belong in this group. They can be used for exhaust or for supply. With exception of the
models with reduced blade width, these fans are for large air volumes and for mod-
erately high static pressures. They have high efficiencies and nonoverloading brake
horsepower ciirves. They are for general ventilation, forced or induced draft, boilers
and bag houses, and clean or slightly dirty air. This means that they are for industrial
applications, too, even though the heading does not indicate this. The AMCA stan-
dards show 25 standard sizes and specify the maximum wheel diameters and maxi-
mum outlet areas for each size. The maximum wheel diameters range from 12% to
132% in, progressing in a ratio of 1.105. These fans can have wide blades (as dis-
cussed), large dy/d, ratios (about 0.65 to 0.80), medium blade angles (10° to 30° at the
leading edge, 35° to 50° at the tip), large scroll housings, and large inlet and outlet
areas. They have an inlet ring with a diameter about 9 percent larger than the wheel
diameter, for connection to an inlet duct, with a circular area about 15 percent larger
than the reactangular outlet area. A spun inlet cone connects the large-area inlet ring
with the much smaller wheel inlet, with a small overlap. These fans are available as
single-inlet, single-width (SISW) and as double-inlet, double-width (DIDW) fans.

Industrial Centrifugal Fans. Most fan manufacturers offer these units with a
choice of the following four different wheel types in each size:

Air-handling (AH) wheels (back plate, shroud, ten BI blades)
Material-handling (MH) wheels (back plate, shroud, six mostly radial blades)
Long-shavings (LS) wheels (same as MH, but no shroud)

Long-shavings open (LSO) wheels (no back plate, no shroud, six radial blades)

These fans used to be called industrial exhausters because the MH, LS, and LSO
wheels are used predominantly for exhausting sawdust, shavings, and granular mate-
rial. The AH unit, however, is used for supply as well as for exhaust. The AMCA
standards show 16 standard sizes and specify the maximum wheel diameters, the
maximum inlet diameters, and the maximum outlet area for each size. The maximum
wheel diameters range from 19% to 1044 in, and the corresponding maximum hous-
ing inlet diameters range from 11 to 60 in. These inlet diameters are only 57.5 per-
cent of the wheel diameters, and they match the wheel inlets. A simple cylindrical
housing inlet leads to the wheel inlet, again with a small overlap whenever there is a
shroud, such as in AH and MH wheels. No inlet cone spinning is needed as long as
the unit is connected to an inlet duct. If the unit is used for blowing only (without an
inlet duct), a venturi inlet is connected to the inlet ring, but this venturi inlet is not as
large as the spun inlet cone used in group 1 fans. Compared with the group 1 fans,
these group 2 fans, for equal size and speed, have a steeper pressure curve and
deliver less air volume but produce a higher maximum static pressure.

Figure 7.18 shows an angular view of a scroll housing for an industrial centrifugal
fan of group 2. It is smaller than the scroll housing for the group 1 fans, as shown in
Figs. 7.7 and 7.8. The size of the scroll spiral is about 80 percent, the housing width is
about 60 percent, and the outlet area is 32 percent. The housing has no extra cutoff,
since the small outlet area brings the cutoff point up high enough. All four types of
wheels use the same scroll housing; only the wheels are different. These fans are
SISW only.
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FIGURE 7.19 Angular view of a type AH
FIGURE 7.18 Angular view of scroll  industrial centrifugal fan wheel showing the BI
housing for an industrial centrifugal fan  blades and the conical shroud with a smooth
showing drive side (shaft and bearings)  inlet curve.

and outlet side with small outlet area.

Air-Handling (AH) Fans. Figure 7.19 shows a typical AH wheel. It has a back
plate and a conical shroud. Compared with the centrifugal fans of group 1, the AH
wheel has a smaller diameter ratio d,/d,, narrower blades, and steeper blade angles.
The leading edge may be slanted. The AH wheel is for handling air, gas, or fumes that
are clean or only slightly dusty. It usually has ten BI blades, with blade angles of
about 23° at the leading edge and about 62° at the blade tip. The blade width b, at the
leading edge is again 0.46d,, according to Eq. (7.15), but since d,/d, is smaller than for
group 1 fans, b, is smaller, too. The blade width b, at the tip is even smaller, about
65 percent of the tip width for group 1 fans. Figure 7.20 shows in solid lines the per-
formance of a 26Y%s-in AH unit (26% in is one of the AMCA standard sizes) at 1160
rpm. For comparison, we have plotted in dashed lines the performance of the group
127-in airfoil centrifugal fan at 1160 rpm (Fig. 7.13), converted according to the fan
laws from 27 to 264 in. We note the following;

1. The AH unit has a steeper static pressure curve than the airfoil centrifugal fan,
resulting in less air volume but in a higher maximum static pressure. ’

2. The brake horsepower curve of the AH unit reaches its maximum at free deliv-
ery, but the brake horsepower curve is not steep, so any overload at free delivery
will be moderate. ’

3. The maximum mechanical efficiency of the AH unit is 79 percent, lower than the
88 percent of the airfoil centrifugal fan, but still a very good efficiency.

Selection of an AH Centrifugal Fan from the Rating Tables. In Chap.4 on axial-
flow fans we showed two rating tables for belt-driven vaneaxial fans and two
possible selections for a fan delivering 20,600 cfm against a static pressure of 2
inWC. Let us now discuss in a similar way how we could select an AH centrifugal fan
to deliver 7200 cfm against a static pressure of 5 inWC (less air volume but higher
static pressure).
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FIGURE 7.20 Performance of a type AH industrial centrifugal fan (solid lines) and of an airfoil
centrifugal fan (dashes), both with 26%-in wheel diameters and 1160 rpm.

Table 7.1 is a rating table from a General Blower catalog for a 21-in AH unit. This
means a 21-in-diameter housing inlet, corresponding to a 36%-in wheel diameter.
The table again has the usual arrangement in which the performance of belt-drive_n
fans is presented in catalogs, for convenient selection by the customer, with the static
pressures shown on top, the volumes (cfm) and outlet velocities shown on the left
side, and the speeds and brake horsepowers shown at the cross points. This particu-
lar table also shows the fan efficiencies (both the static and mechanical efficiencies)
at the cross points. All these data were derived from the performance curves (solid
lines) shown in Fig. 7.20. Later in this book we will explain how these data can be cal-
culated from the performance curves.

Table 7.1 indicates that this fan, in order to deliver 7200 cfm at a static pressure of
5inWC, will run at 888 rpm and will consume 8.07 bhp. A 10-hp, 1750-rpm motor will
be used, with a pulley ratio of 888/1750 =0.507. The table also claims that this fan will
operate at a mechanical efficiency of 78 percent, which is a good efficiency for a BI
centrifugal fan with flat blades. Let’s check this efficiency value.

Since this fan has an outlet area of 2.40 ft, our outlet velocity will be 7206/2.40 =
3000 fpm, and the velocity pressure will be (3000/4005)* = 0.561 inWC. The total
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pressure, then, will be 5 + 0.561 = 5.561 inWC, the air horsepower will be (7206 x
5.561)/6356 = 6.30, and the mechanical efficiency will be 6.30/8.07 = 0.781 =78.1 per-
cent, as claimed in the rating table.

The table also shows that for 884 rpm and a static pressure of 4 inWC (instead of
5inWC), the fan will consume 9.88 bhp, so the 10-hp motor will still be safe,even if
the static pressure should be somewhat lower than anticipated. However, if the static

ressure should be as low as 3 inWC, this fan at 888 rpm would consume about 11.3
bhp, which might be too much overload for the motor. For larger pressures, on the
other hand, the brake horsepower will be lower, and the 10-hp motor will be safe.

Suppose the customer says that a 362-in wheel diameter seems kind of large for
a 7200-cfm requirement and asks, “Couldn’t we use a smaller size?” A good ques-
tion. Let’s look at Table 7.2, which is the rating table for the next smaller size, the 19-
in AH unit, having a 19-in diameter inlet ring, corresponding to a 33-in wheel
diameter. This table indicates that this fan, running at a somewhat higher speed of

1047 rpm, will deliver 7458 cfm against a static pressure of 5 inWC, thus consuming
8.78 bhp. The table also shows that for 1041 rpm and a static pressure of 4 inWC
(instead of 5 inWC), the fan will consume 9.89 bhp, so the 10-hp motor will still be
safe, even if the static pressure should be somewhat lower than anticipated. We will
tell the customer, yes, we can use the next smaller size with the same 10-hp motor,
but the 33-in fan will run at 1047 rpm (instead of 888 rpm), the brake horsepower
will be 9 percent larger (8.78 instead of 8.07 bhp), and the tip speed will be 7 percent
higher for a slightly higher noise level. These are minor disadvantages that probably
will be acceptable.

Material-Handling (MH) Fans. Figure 7.21 shows an MH wheel. It still has the
same back plate and the same conical shroud as the AH wheel, but it has only six
blades that are mostly radial; only the inner portion of the blade is somewhat back-
ward inclined, similar to a radial-tip blade. The MH wheel can handle air or gases
containing small-particle dust and granular materials from wood or metal working

FIGURE 7.21 Angular view of a type MH indus-
trial centrifugal fan wheel showing the RT blades
and the conical shroud with a smooth inlet curve.
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10205
10598
10990
11383
11775
12168
12560

from the Catalog of General Blower Co,

TABLE 7.2 Performance Table for a
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operations without plugging up the blade passages. The blades are wider than for an
AH wheel but in such a way that the same shroud can be used: At the leading edge
they are wider by 22 percent and at the blade tip by 30 percent. The blades are still

not as wide as the maximum-width blades of group 1 wheels.
Long Shavings (LS)- Fans. Figure 7.22 shows an LS wheel. Back plate and

blades are the same as for the MH wheel, but the shroud has been omitted, so the
risk of plugging up has been further reduced and even long shavings and abrasive
materials can be handled. Temperatures up 1600°F can be tolerated.

Long Shavings Open (LSO) Fans. Figure 7.23 shows an LSO wheel. It has no
back plate and no shroud and only six radial blades welded to a heavy spider and
reinforced by heavy ribs. It is a rugged wheel that can handle not only long shavings
but extremely abrasive and corrosive materials and can tolerate high temperatures.
The pressure side of the blades can be protected by wearplates that can be replaced
when worn.

Performance of Industrial Centrifugal Wheels.  Figure 7.24 shows a comparison
of the performances for the four types of industrial centrifugal fans of group 2. We

note the following:

1. The static pressure curves of the four types are only slightly different. Particularly
in the important operating range from 2 to 5 inWC of static pressure, the differ-

ences are minor.

2. For all four wheels, the brake horsepower curves reach their maximum at free
delivery. Any overload at free delivery is moderate for the AH wheel but consid-
erable for the three other wheels as a result of their radial blades.

3. The efficiencies decrease in the sequence AH, MH, LS, and LSO. The maximum
efficiencies are 79 percent for the AH wheel, 71 percent for the MH wheel, 67
percent for the LS wheel, and 63 percent for the LSO wheel.

FIGURE 7.23 Type LSO industrial
centrifugal fan wheel showing the
radial blades and the reinforcement

ribs.

FIGURE 7.22 Type LS industrial centrifugal fan
wheel showing the back plate and RT blades.
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for a 26Y4-in wheel diameter and 1160 rpm}.]p Pirielcentrifugal fans (AH, MH, LS, and LSO)

Conclusion

L Sihrouds improve the smooth inlet flow pattern and thereby increase the fan effi-
ency.
2. Radial blades improve ruggedness, but they i
A ess, y increase the brake horsepo t
free delivery and reduce the efficiency, mainly because of the poor ﬂol\?v j:v(f;d?—
tions at the0 leadn:g edge, where the relative air velocity hits a radial blade at an
angle of 60° to ‘70 (thf{reby producing considerable turbulence), instead of being
neaély te}nlgentlllal. Radial blades handle the air stream with brute force They are
used mainly when the air stream is contaminated with ial
not be tolerated by other fan types. 1 granular material that can-
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Centrifugal Fans with RT Blades

Figures 7.20 and 7.24 indicated that the industrial centrifugal fans of group 2 pro-
duce higher static pressure but deliver less air volume (steeper pressure curve) than
the AF, BC, and BI fans of group 1. We also indicated that the AH and MH wheels
of group 2 have fairly good efficiencies (79 percent for the AH wheel, 71 percent for
the MH wheel) and that the AH wheel can handle only clean or slightly dusty air,
while the MH wheel can handle air carrying granular material without material
buildup on the blades. ) .

Another type of centrifugal fan that is somewhat similar to the MH centrifugal
fan is the radial-tip (RT) centrifugal fan. It is used mainly in large sizes for forced
and induced draft, for process exhaust, for industrial applications involving hot gases
up to 800°F, and in combination with bag houses for air pollution control. The shape
of the RT blade results in a self-cleaning action, an important feature in the presence
of dust, fly ash, and granular material. Again, material buildup on the blades (which
would cause unbalance and vibration) is avoided.

Inlet boxes are often provided on RT units. Renewable wearing plates, fastened
to the pressure side of the blades, and interchangeable scroll linings are sometimes
provided. The bearings are often water cooled. Instead of RT blades, BI blades with
steep blade angles are sometimes used advantageously to handle dust-laden air.
They still have the self-cleaning feature, if the blade angles are large enough, and the
efficiencies are slightly higher, the brake horsepower curve is less overloading, and
the manufacturing cost is lower.

We mentioned earlier that the RT fan is somewhat similar to the MH fan. The
similarity between these two types is in the following four respects:

1. They both can handle granular material.

2. At the same size and speed, they will produce the same maximum static pressure,
which is higher than for AF, BC, and BI fans.

3. They both have a maximum efficiency of about 71 percent, not quite as high as
the AF, BC, B, and AH types but higher than the FC and RB types.

4. They both have steadily rising pressure curves and therefore stability of perfor-
mance for systems with fluctuating resistance and for parallel operation, which is
frequently encountered in mechanical draft (this feature is also found in AF, BC,
and BI fans but not in FC fans). They both have steeper pressure curves than FC
fans, which is desirable in case of fluctuating operating conditions (air deliveries
will remain more nearly constant despite pressure fluctuations).

However, the RT and MH fans are different in the following three respects:

1. At the same size and speed, the RT centrifugal fan will deliver almost twice as
much air volume as the MH fan (see Fig. 7.27).

2. The RT fan is of more rugged construction; therefore, it can run at higher speeds
and can produce up to 40 inWC of static pressure compared to about 18 inWC for
the MS fan.

3. The RT fan can be built both SISW and DIDW, while the MH fan is SISW only.

In some respects, the RT fan takes a place between the BI and the FC fan, but it
is closer to the BI fan. This holds true not only for the shape of the blade and other
design features but also for the resulting performance (see Fig. 7.30).

Figure 7.25 shows a typical RT wheel. Different designs are available from vari-
ous manufacturers. The wheel diameters range in size from 26 to 110 in. The inlet,
again, is equipped with a converging inlet cone, providing a small inlet clearance,



7.34 CHAPTER SEVEN

the same as for BI blades. The diameter
ratio d,/d, may vary from 0.5 to 0.8. Thisis a
wide range, wider than for other types of
centrifugal fans. The number of blades usu-
ally is between 12 and 16 but occasionally up
to 24. More blades are desirable for large
diameter ratios. The shroud is conical rather
than flat. The maximum blade width at the
tip is 0.46d,, but at the leading edge it may
be as large as 0.6d;. The blade angles are 25°
to 40° at the leading edge and 80° to 90° at
the blade tip. An 80° tip angle is, of course,
not quite radial, but it will result in a better
fan efficiency, at the expense of slightly less
air volume and static pressure. The scroll
size is about the same as for group 1 fans,
but the maximum housing width is only
about 75 percent of that for group 1 fans. At
the housing outlet, the bottom is often
extended like an outlet diffuser, simulating a

FIGURE 7.25 Centrifugal fan wheel with

12 radial-tip blades, diameter ratio of 0.70. . .
Blades are spaced far enough apart to long cutoff. This results in an outlet area

prevent material buildup. Welded of abra-  almost as large as for group 1 fans.

sion-resistant steel. (Courtesy of Chicago A special type of RT centrifugal fan was
Blower Corporation, Glendale Heights, Ill.) designed and tested by me in 1970 for the

Coppus Division of the Tuthill Corporation
(Millbury, Mass.). It was a small fan for welding fume exhaust. The wheel outside
diameter was 8% in. The fan was designed for direct drive from a ¥2-hp, 3450-rpm
motor. Figure 7.26 shows the configuration of the fan wheel. It had 12 airfoil blades
with radial tips, a design not commonly used by manufacturers. Both the fan wheel
and the scroll housing were cast aluminum. Please note that here the concave side of
the airfoil is the pressure side, the way it is in a normal airfoil. The housing inlet over-
lapped with the wheel shroud in a labyrinth-style arrangement for minimum leakage
through the inlet clearance. This unit had a surprising 84 percent maximum effi-
ciency, a high efficiency considering the small size of the unit and the radial-tip
blades. ¢

Performance of RT Centrifugal Fans. Figure 7.27 shows a comparison of the per-
formance curves for the three types of centrifugal fans we just discussed, all con-
verted by the fan laws to the same size and speed. Table 7.3 lists the principal design
data for the three fans, again converted to the same size. The solid lines are for a typ-
ical RT centrifugal fan. The dashes are for an MH centrifugal fan. The dots are for
the special design with airfoil RT blades. You will note the following:

1. The RT fan delivers the largest air volume, even though it has the narrowest
blades. This large air volume is a result of larger inlet and outlet areas, a larger
scroll size, and more blades, resulting in better airflow guidance. The airfoil
RT fan delivers the smallest air volume, even though it has the widest blades.
This small air volume is a result of small inlet and outlet areas and a tight
scroll.

2. The RT and MH fans produce the same maximum static pressure, but the airfoil
RT fan produces a 15 percent higher static pressure as a result of the efficient air-
foil blades.

|
|
|
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FIGURE 726 Cast-aluminum centrifugal fan wheel with 12 radial-tip airfoil blades and with a con-
ical shroud. (a) Sketch (shroud omitted in right-hand view). (b) Photograph. (Courtesy of Coppus
Division of Tuthill Corporation, Millbury, Mass.)

3. The static pressure curves are still stable (no dip).
4. All three fans consume approximately the same brake horsepower and are some-
what overloading at free delivery.

5. The RT and MH fans have the same 71 percent maximum efficiency, but the air-
foil RT fan has a much higher 84 percent maximum efficiency.
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FIGURE 7.27 Comparison of perf;
. performance for th -
trifugal fans, all converted to 30 in, 1750 pm. ree cen

Centrifugal Fans with Forward-Curved (FC) Blades

lf th take a flat BI bladp and curve the outer portion in the forward direction of

ana;ifl?euéltﬂ the b:ladi ltlg is radial, we will obtain a radial-tip (RT) blade. If we now
urving the blade even i irecti il i

foneimue Curvir e e more in the forward direction, we will obtain a

Forward-curved centrifugal fans are special in that they deliver considerably

more air volume and also produce higher static 3C, or B
. produg 1er pressures than AF, BC, or BI -
trifugal fans of the same size and speed (but at the expense of lower efficiencic:sI;.

CENTRIFUGAL FANS

TABLE 7.3 Principal Design Data for the Three Fans Compared in

Fig.7.27,30-in, 1750 rpm.

7.37

;. RT MH AFRT

Diameter ratio d,/d, 0.50 0.59 0.50
Number of blades z 16 6 12
Blade width at

Leading edge (in) 9.3 11.2 16.5

Blade tip (in) 6.5 8.6 9.4
Blade angles

At leading edge 30° 70° 48°

At blade tip 80° 90° 90°
Shroud i.d. (in) 20 17.7 12.7
Scroll outlet height (in) 325 26.4 23.5
Scroll housing width (in) 16.8 14.2 12.3
Outlet area (ft?) 49 1.62 0.79
Brake horsepower at free delivery 74 55 32

Conversely, FC fans can run at about half the speed needed to operate in.a compa-
rable range of air volume and static pressure.

FC centrifugal Tans are often used for furnaces, for various heating, ventilating,
and air-conditioning applications, and for the cooling of electronic and other equip-

ment where low operating speeds are desirable to prevent vibration. They are used

mainly in small and medium sizes (2- to 36-in wheel diameter) where their lower
efficiency is less objecti le but occasionally in sizes up to 73-in wheel diameter.
To accommod . which s Targe relative to size and speed, the diameter
ratio dy/d, is also large, from 0.75 for small
sizés to 0.90 for Targe sizes. This results in
the typical appearance of FC fan wheels,
as seen in Fig. 7.28. They always have a
large blade inside diameter d, and a nar-
row annular space left for the blades. This
narrow annulus calls for a greater number
of blades, usually between 24 (in the small
sizes) and 64 (in the larger sizes). In other
words, the passages between adjacent
blades are short and A€ made narrower
(by using more blades) for better guidance
of the airflow. -

The shroud is a flat ring, so b; = b,. The
shroud inside diameter is often slightly
larger than the blade inside diameter so
that portions of the blades protrude in-
ward beyond the shroud inside diameter.
This will somewhat improve the flow con-

' ditions by leaving more room for the
FI.GURE 7.28 Typical centrifugal fqn wheel right-ang‘fé‘ turn f ym axial t fﬁaidlly out-
with 52 fprward-curve_d blades al}d with a flat ward. The inlet clearance i€ made larger
shroud ring, shown with a spun inlet bell for .
guiding the airflow into the wheel inlet. Be- than for AF, BC’ BL or RT fans. The maxi-

mum blade width is large, often as much as

cause of its appearance, this type of fan wheel <, 0 L
is sometimes called a squirrel cage wheel. 65 percent of the blade inside diameter d,.
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The blade angles are very large to obtain the large air volume. At the leading edge,
the blade angle B, is usually between 80° and 120°, so the relative airflow hits the
leading edge of the blade at a large, unfavorable angle, far from any tangential con-
dition. At the blade tip, the blade angle B, is even larger, between 120° and 160°. This
results in a large and almost circumferential (about 20° from circumferential) abso-
lute air velocity V; at the blade tip. V, is larger than the tip speed, i.e., the velocity of
the blade tip itself. This is a result of the scooping action of the blades. The scroll
housing is the same size and shape as for AF, BC, and BI fans, but the cutoff pro-
trudes higher into the outlet. The large air velocity V; (kinetic energy) is"gradually
slowed down in the scroll housing and partially converted into static pressure
(potential energy). A good portion of the static pressure is produced in the scroll
housing as a result of this conversion from velocity pressure into static pressure. For
this reason, FC centrifugal fans can function properly only in a scroll housing.
For this reason, FC centrifugal fans cafi function properly only in a scroll housing,
For radial discharge, as in plug fans or in roof ventilators, AF, BC, and BI centrifugal
fans can be used, but not FC fans (see Fig. 7.31).
Figure 7.29 shows a water jet hitting an egg cup (a forward-curved surface), which
reverses its flow by almost 180°. A similar action can be observed when children play

FIGURE 7.29 View of a water jet being reversed when
hitting a forward-curved surface. (From Bleier, EP, Fans,
in Handbook of Energy Systems Engineering. New York:
Wiley, 1985. Used with permission.)

in a pool. By curving their fingers forward and scooping the water at the surface,
they can produce water jets of high velocities, higher than the velocity of their mov-

ain reason for the lower efficiency of FC fans is that the airflow through the
blade channels of FC fans has to change its direction by almost 180°, i.e. more than
in other centrifugal fan types. The air stream can hardly follow the strong curvature
of the blades, tangential conditions are no longer prevailing, and the flow is far from
being smooth. It is more turbulent than in AF, BC, BI, or RT fans. Because the fan
efficiency is comparatively ‘anyway, slight manufacturing inaccuracies will not
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reduce it much further and therefore will be less objectionable than with BI blades.

Aerodynamic conditions are often secondary in the design of FC fans. Refinements

such as overlapping at the inlet, sloping of the shroud, and so on can be left olut. '
The shape of FC blades is a smooth curve: In small sizes, it is a simple circular arc;
in larger sizes, a shape with more curvature near the leading edge is of advantage,

since it results in a gradual expansion of the blade channel at a more everi rate.

] i ison of four
nce of FC Centrifugal Fans. Figure 7.30 shows a comparison ‘
5Z”cfigr[:'rlgssure {urves, all for 27-in wheel diameters. You will note the following:

e RT fan delivers slightly more air volume and prqduces slightly
t Qgr%%%ﬁ)c%rzhssure than the BI fang, but the FC fan delivers cops1derably more
air volume (about 2.5 times as much) and produces a much hlgher_mayim?u;ri
static pressure (about double) than the BI fan. This, as mentioned previously, is
the expense of a lower efficiency for the FC fan.

) i range com-
. If the FC fan runs at half the speed, the static pressure curve covers a :
2 IIJara?)le with that of the BI fan. To be more specific, thg FC fan at 570 rpm still
delivers about 28 percent more air volume at free ‘dehvery, and the maximum
static pressure is about one-half. It should be meptloned that the FC fan I}aﬁla
much higher noise level than a B fan of the same size ,3{;1@,,,_5,99‘3-@51“3?9 the h1gF ():I
turbtilent airflow. The noise levels of the two fans are only comparable if the FC
fan riifis at half the speed. N o
static pre i i ions m
. The static pressure curve of the FC fan has a dip that in some installa
’ calfse unstgble operation. Precaution, therefore, should be taken so that EC fanj
are not used for applications such as fluctuating systems or parallel operation an
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FIGURE 7.30 Comparison of static pressure curves for BI, RT, and FC centrifugal fans, 27-in wheel
diameter.
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that even in other installations the unit will not operate in the unstable range of
the static pressure curve.

Figure 7.31 shows the complete performance (static pressure, brake horsepower,
efficiency, and sound level versus air volume) for a 27-in FC fan at 570 rpm. Note
that the air volume scale here is double that in Fig. 7.30. You will note the following:

1. The brak_e_hg;\sgpoyyegwcp;vg is overloading in the low-pressure range. At free
delivery, the brake h sepower is more ‘than twice the brake horsepower in the

range of maximum efficiency. This shape of the brake horsepower curve results in
power requirements outside the operating range that are higher by far than those
within the operating range. While centrifugal fans in general are not built for
operation at or near free delivery (propeller fans or tubeaxial fans perform this
function with greater efficiency and at lower cost), the overloading brake horse-
power curve is a serious disadvantage of FC fans. In small sizes, an oversize motor
with a horsepower rating equal to the maximum brake horsepower at free deliy-
ery is normally selected so that operation at any condition will be safe. For larger
units, however, the increased price of the oversized motor would be prohibitive,
and the motor horsepower is selected only slightly larger than the brake horse-
power for the prospective operating condition. Precaiition must bé takefi so that
the unit, when inistalled in the field, will Dot operate against too low a static pres-
sure because this would result in an overload for the motor. The permissible
operating range of the FC fan, being limited to the left by the dip in the static
pressure curve and to the right by the rising brake horsepower curve, therefore,
is narrower than that of AF, BC, or BI fans,

2. The sound-level curve has its minimum in the range of best efficiencies.

LT T T TTT LT
L] Meeheft 7T T 60
TN
%5 H/AIVHJ[HH\H 50
A 80 | \U/ Sound level (Db L N{"‘H/ S
u yEREEN Yz
;(2) § 3 E Static pressure 30§
% 8 Ez - ~4- 20
: § 1 [/ ok horsepo: g 10
2 :r:fjﬁ
0 5,000 10,000 1\5,000
Volume (CFM)

FIGURE 7.31 Performance curves for a typical FC centrifugal fan, 10 hp, 27-in wheel diameter,
570 rpm. The dashes show the performance for radial discharge (no scroll housing). (From Bleier,

EP, Fans, in Handbook of Energy Systems Engineering. New York: Wiley, 1985. Used with permis-
sion.)

7.41
CENTRIFUGAL FANS

Note the dashed line, indicating a poor performance, if an FC fallll1 wgssu(s)?dr (f)(())i
" ferential discharge, i.e., without a scroll housing, as in p 1g s or roof
o lato Without a scroll housing, AF, BC, and BI fans will deliver larger o
ventllatorg- t Il*“C fans would deliver smaller air volumes because they need dtd e
Y s to convert some of the high air velocity at the blade tips into a 1:
s?roglt;?allltsii:ngressure. Without this conversion, the FC fan ‘w41’11 have “a gg/oé ?ei :
E)Orrrlnance, as shown by the dashes in Fig. 7.31. i/,;j ;/:ﬁ: = fé o

Summarizing, we can say that BC and BI blades have the following advantages
ummarizing, 2 a
over FC blades:

1. Stable static pressure curve (no dip)

2. Higher efﬁcien;iesk, resulting in lower operating costs
3. Nonoverloading brake horsepower characteristic

4. Higher operating spééﬁs, which for direct drive may result in less expensive -

FC blades, on the other hand, have the following advantages over BC and BI blades:

1. Compactness ' .
2. Lower running speeds, resulting in easier balancing

3. Lower first cost, particularly in small sizes

Conclusion

ding i i FC) has its advantages for cer-'
ding it appears that either type (BI or : !  for cer-
F;i?llg;g‘fif;ggis.l II% small)lll) sizes, the advantages of FC fans will outweigh their disad

S e D e ST Farh takees the
i7es Ho BI'fan will be preferable. The RT fan ta
vantages. Iwg@}gg%gqgis,e ‘;hthf-as indicated in Fig. 7.30—it is closer to the BI

en BI an 1
?;ﬁceﬂlziestviv:termediate condition is true for pgrformance{-l,gl;gksnlgtotr}slzgogg;retfkflle
: er
i und level. The RT fan, howeve(, is a more either t
cBl?éiy&?: g‘(slofan and therefore can tolerate higher running speeds_(resull{}Elgf ;ﬁshgé
static pressures), higher temperatures, and severe service Cgmltltlm\l; RT fans ar
often employed for conveying materials, sufch as gng%m%n el;sc 1,1 ia}[her us <0 nar—’
i TO
i havings, if the blades are spaced far enoug :
%é:én;:sl;l:g;aare %wbided, which would tend to beqome plugged up by deposits of

dirt or of the material conveyed.

Centrifugal Fans with Radial Blades

in Fi discussed the first five types in
i de shapes shown in Fig. 7.13 we have :
c?eftztl}ille\;}?tl?lfegearsd tlz) the sixth type, radial bla}des, we hgve alrea?}y ?xtslglslssgci) ;1(':1162
LSO (.long shavings open) wheel, as shl;)lw(til in F11g(.i7a2§(.)’1;hﬁz ;Sy(zp\?ld :re e s
d has only six radial blades welded t der. :
Iv)vllallgz:lotrhsa}irg;rf t?)rllerate higg temperatures apd co;rosw}c;: and.abé?gm;ez glei}geer;ili,frgf
i ficiency (60 to 63 percent maximum), as shown in Fig. 7.24.
gal;ziiii?xg\fwlggcigng:ies are due to the lack of back plate and shroud and the poor

flow conditions at the leading edge, as pointed out earlier.
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PRESSURE BLOWERS, TURBO BLOWERS
\K\\\

Another type of centrifugal fan where radial blades are often used is the pressure
blower or turbo blower. These units are used for high pressures and Telatively small

air volumes. Their fan wheels have a back plate and a shroud, resulting in maxitium
efficiencies up to about 70 percent. The blades are narrow, usually welded or riveted
to back plate and shroud. In small sizes, back plate, shroud
times one-piece aluminum castings. The blades extend far inward so that the diame-
ter ratio dy/d, is small, usually between 0.4 and 0.55. Because of the narrow blades
these fan wheels are structurally strong, can run at high speeds, and produce high
pressures. These units can be 4s: itive pi

(negative pressures).

sed for blowing (positive pressures) or for exhatsting

Applications of High-Pressure Blowers and Exhausters
Here are some of the applications for these high-pressure blowers and exhausters:

Pneumatic conveying of agricultural grains (corn, oats, barley, wheat, rice) and
other materials

Aeration of waste water, molten iron, and other fluids
Central vacuum cleaning systems

Gas boosting

Combustion air

Air flotation systems

Various industrial processes

Pressure Blowers with Radial Blades

Let’s discuss a few examples of such pressure
blowers and exhaustery. Figure 7.32 shows a typi-
cal turbo blower wheel that was designed for
pneumatic conveying. It has a 26-in blade outside
diameter, a back plate, a spun shroud and 14 radial
blades, so the blade angles are 90° at the leading
edge as well as at the blade tip. The blade width
varies from 1% in at the leading edge to % in at the
blade tip. The diameter ratio is 0.5.

Pressure Blowers with Steep Bl Blades

As mentioned previously, a 90° blade angle at the

leading edge results in poor flow conditions. The
FIGURE 7.32  Turbo blower wheel efficiency of pressure blowers, therefore, can be
with a diameter raﬁg of 0.50 and gy p improved if the blades are not strictly
Fih L ot il bt Somema backonaly e !
riveting to the back plate and litle  the blade angle af the leading edge is more favor-
tabs that fit into slots in the shroud  able. These are still inexpensive flat blades, but the

for fastening, blade angle at the tip is 65° to 75°_Vin§tead of 90°.

1743
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i i t 30°
The blade is extended inward until the blade ?lnglle Eclit élgnz éegaed}Ir}é Sei%ﬁ ;rsl élrl;z;le o
ial flow conditions at the leadi - Thi _
for mr(r)lfliilzéflfrilc}ilc:ig}g (;;lotiﬁ 7000r 71 percent to about 79 percent, without a Io§s in the
maxi
i i re produced. _ e
maX%mum7Sg%tli(1:1111)srterzstlés(atlll)is improvement. It shows a compansondog lth;elisl%?}rén‘?ary_
f rlt:\lwgc‘)l r]?? iﬁ turbo blowers, both having diameter ratll(fshofu (;115g a:nd bE:) Rngrdion
o . i scroll ho
i Both blowers use the same s 0 e diectly
g o 1 ta Iting in a tip speed of 16,500 fpm.

i - 500-rpm motor, resulting et
driven l;y arla(zi}:}[)’glades deashes); the other has ten steep BI Il:la];ifi Igételé rtg:ult ian X
e s van ing from 30° to 70° (solid lines). You Wlu note that the fades resut in o
g W crgease in the maximum static pressure,ina 10 to 18 percen increase In the
2.perclent lnin an 8 percent reduction in the brake horsepower, and in ane lat ety
agi‘c/:?egglfec,)f 11 percent at the maximum efficiency ;;glr;t .bl&l eéveig ;&S; a1 lower pres-
. inWC. .

i for the BI blades is . S
SureS'.dqe‘?szrlg?frllglrf\rfleﬁf:;iﬁepeiformance obtained with BI blades over radial blades.
consi

80 L T~ -
W - Lo
<70 Ele e
~ 60 // Mech eff SN~ ~ IS
= / ~ M
[ j'/ <N q ~
= 50 F \
~ N
O / N \\
= 40 / N N
-
30 “K
II " aon R o A Mo
- ™~ NG
Pads < ~
/ \\ ~N
N ™\
20 NN
N T TN
9 KNEAN
= S SP N
g \ N det
£15 TN CF -
= LN
7 |3
/"‘/ \
p” A N
10 BHP =1 A
Py e AY \
== \ N
-~ \
[a W A i/, N
E / N
1z \ N\
A > \L
N
el
1,000 2,000 3,000
0 CEM

» = - ol tor.
drive fr hp, 3 Tpm m
FIGURE 7.33 Performance of two 18-in turbo bl¢ YWETS, direct om a 10 500 (¢}
D ter ratio = 0.44, blades 3 to 2 in Wlde, blade a gies 0° to 70 (SOl d lin S) and
lameter ra N e angles 3 7 1 e 90° to 90

(dashes).



7.44 CHAPTER SEVEN

FIGURE 7.34 (a) A 54-in pressure blower wheel with spun shroud, 0.54 diameter ratio,
18 BI blades, 6% to 47 in wide, blade angles 31° to 64°, ( Courtesy of General Blower Com-
pany, Morton Grove, Ill.) (b) A 54-in pressure blower showing scroll housing with angular
discharge and housing inlet and outlet. (Courtesy of General Blower Company, Morton
Grove, Ill.} (c) A 54-in pressure blower showing scroll housing with angular discharge, hous-

ing outlet, and drive side with shaft and bearings. (Courtesy of General Blower Company,
Morton Grove, Iil.)

Another example of a pressure blower is shown in Fig. 7.34. This unit has a 54-in
wheel diameter, which is three times as large as the 18-in blower wheel we just dis-
cussed. It is directly driven by a 150-hp, 1140-rpm motor, which is about one-third
the 3500 rpm used in the 18-in unit. This means that the tip speed is about the same
for the two units. The 54-in blower wheel has a diameter ratio of 0.54, 18 flat BI
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Y 7% in wide, with blade angles varying from 31° to 64°. Smce.the 54-in
bla'fiséf Zﬁ)to(l)l'? t/fl;nszvr;ie%ip speed as thg 18-in unit, the two units—according to the
fan laws—will produce the same maximum static pressure if the two blowers are in
faIé)metric proportioﬂ. Actually, the 54-in pressure blower produces a maximum
gteatic pressure of only 20 inWC (even though it has 18 BI blades, while the 18-in

(b)

FIGURE 7.35 (a) A 25-in turbo blower, DIDW, 50 hp, 3500
rpm, diameter ratio of 0.55, 15 radial blades, 3 in wide on each
side, viewed from the motor side. ( Cou{'tesy of General Blower
Company, Morton Grove, Ill.) (b) A 25-in turbo t_)lower, DH;W,
50 hp, 3500 rpm, diameter ratio of 0.5_5, 15 rad1§1 blades, 3 in
wide on each side, viewed from the side opposite the motor.
(Courtesy of General Blower Company, Morton Grove, 1ll.)
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turbo blower has only 10 BI blades), compared with the 23.9 inWC produced by the
18-in unit. This 16 percent deficiency in the maximum static pressure is caused by
some deviations from geometric proportionality, such as a larger diameter ratio
(shorter blades) and lower blade angle at the tip (64° instead of 70°).

Still another example of a high-pressure turbo blower is shown in Fig. 7.35. This
figure shows two views of a unit with a 25-in wheel diameter, DIDW, directly driven
by a 50-hp, 3500-rpm motor. The blower wheel has a diameter ratio of 0.55 and 75
radial blades, 3 to 3 in wide, on each side. This unit delivers 4000 cfm against 24 oz/in?
=41.5inWC (1 oz/in*=1.73 inWC). It has a tip speed of 22,910 fpm. Let’s try to com-
pare the maximum static pressures of this unit and of the 54-in pressure blower we
just discussed, even though this 25-in wheel has 15 radial blades, while the 54-in
wheel has 18 BI blades. Applying the square ratio of the two tip speeds to the maxi-
mum static pressure of the 54-in blower, we get

22,910
16,120

2
) %x20=40.4 inWC

which is close to the 41.5 inWC actually produced by this 25-in blower.

TURBO COMPRESSORS

Pressure blowers and turbo blowers, as discussed earlier, will produce static pres-
sures up to about 50 inWC. Even higher pressures are required for some applica-
tions. There are three ways to produce these higher pressures: increased speed, two

separate blowers connected in series, and multistage turbo blo Let’s discuss

these three methods. ™™

Increased speed, resulting in higher tip speeds and in higher pressures, can be
obtained with belt drive or—for even higher speeds—with gear drive, using speed
ratios up to 4.5. Figure 7.36 shows an example of a gear-driven turbo blower/exhauster.
The 17%-in o.d. impeller has ten backward-curved blades, as shown in Fig. 7.36a. The
scroll housing is mounted to a gear box, as shown in Fig. 7.36b. Different gear boxes
are used to produce different blower speeds, varying from 6000 to 11,000 rpm. With a
motor speed of 3450 rpm, the corresponding gear ratios vary from 1.8 to 3.2. The units
consume up to 100 hp.

Figure 7.37 shows the performance as a blower; Fig. 7.38 shows the performance
as an exhauster. The blower produces pressures up to 8.3 psig =230 inWC (1 psi =
27.7inWC). The exhauster produces vacuums up to 10.9 inHg =148 inWC (1 inHg =
13.6 inWC). The reason for the lower vacuum will be explained later. It is customary
to measure high pressures in pounds per square inch (psi) and high vacuums in
inches of mercury (inHg).

Eight pounds per square inch (8 psi) really is a high pressure, considering that the
atmospheric pressure at the surface of the earth equals 14.7 psi. A blower producing
8 psi, therefore, adds 54 percent to the atmospheric pressure. These very high pres-
sure units, often called turbo compressors, have good efficiencies (80 to 85 percent),
better than multistage units. Due to the high tip speeds, the noise levels are high, but

""" ing the unit is hot, due to adiabatic

¢ they are reduiced by silencers. The air stfeas
© compression, with temperature rises of 60 to 80°F.

In order to preverit excessive running speeds and noise levels and still produce
such high pressures, one can use two turbo blowers in series, as shown in Fig, 7.39. By
connecting the outlet of the first blower to the inlet of the second blower, the two

CENTRIFUGAL FANS 7.47

NON SPARKING PRECISION MACHINED
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NON-CONTACT SEAL \ /

DUAL ANGULAR CONTACT SINGLE ROW
SUPER CONRAD DALY BEARINGS

100,000 HR RATING IS0 P4 CLASS
SINGLE HELICAL PINION GEAR
AGMA
TRAIGHT ROLLER BEARING
fm’@ HR RATING B, NON SPARKING SINGLE STAGE
180 P4 CLASS BACKCURVE MIXED FLOW DESIGN
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s U [

CAST INON GEAR CASE /

SINGLE MELICAL BULL GEAR
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AVAILABLE W 45° INCREMENTAL POSITIONS

®)
FIGURE 7.36 High-pressure (vacuum) turbo blower (exhauster), 6000 to 11,000‘ rpm. (a.)
Impelier, 17%-in o0.d. (b) Assembly of housing, impeller, and gear box. (Courtesy of Invincible Air
Flow Systems, Baltic, Ohio.)

static pressures (or vacuums) add up, and the total produced wi.ll be about doubled.
(As mentioned previously, two fans in parallel will double the air volume, while two
fans in series will about double the préssure.) . '

Another method to produce higher static pressures (without excessive speed and
noise) is the muliistage turbo blower, as shown in Figs. 7.40 through 7.42. In these

units, as can be seen, the air stream flows radially out and in again, thereby making
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Series 8000 Blower Performance Curves

100
2111
BARQMETER: 29.92°HG.(14.7 P.S.A.} —-——
INLET TEMPERATURE: 68'F 50
[ Lz
= ———
| s &u
— = S0
= 70
= [ —
1 a - -— i i U a:
e = = °x
[t — B ]
L [ | S0 m
. | bt an
e — — v e 40
— - —— 2
[ [ 01 30
e o ot 8072
o s g A O ot 08 et
. 9 === 2 i 10
q g e e Per Curves
— - are ‘certified to meet
M -~ AMCA 21085 ond
N - = ~ ASHE PTC~10
a ., N N
I P ] ™~
5 . —— I~ ~ N
o e = SRR
5 4 - o~ = . -
- —— N\ )
3 3 —— T . N 810
e ] \\ n 200 A
Pt
e = — o NG N NN N
T~} 8071 N N N
1 ~ 7, N M
206 N A, N N
18082
) AN \
400 600 800 1000 1200 1400 1600 1800 2000 2200 2400 2600 2800 3000

Volume -~ S.C.F.M. - Air
ININCIBLE, s,
AirFlow Systems

PAX: {218) 897-3400
FIGURE 7.37 Performance of high-pressure turbo blower at 12 different speeds. (Courtesy of
Invincible Air Flow Systems, Baltic, Ohio. )

several 180° turns. This results in lower efficiencies, but the pressure produced can
always be increased simply by adding more stages. A typical unit is shown in Fig.
7.40. It has six stages and 8-in o.d. blower wheels, with 18 radial blades, %s to %s in
wide. The diameter ratio is 0.4. A stator is located between each two blower wheels.
The stator has 10 curved vanes, removing the air spin past the wheel before the air-
flow enters the next wheel. The unif is driven by a shaded-pole motor, ¥-hp, 3300
rpm. It delivers 30 cfm against 13 inWC, but the maximum static pressure produced
is 15 inWC, or an average of 2.5 inWC per stage (the early stages produce less, the
later stages more). The tip speed is 6900 fpm. An important figure is the ratio of
housing inside diameter to blade outside diameter. It is called the diffuser ratio
because it indicates the radial space available beyond the blade tip for the airflow to
diffuse before making the 180° turn inward. This 8-in turbo blower, shown in Fig.
7.40, was designed for compactness and low cost. It has a diffuser ratio of only 1.2,
which results in low efficiencies. In larger units, consuming up to 10,000 hp, good effi-
ciencies are important, and long diffuser passages are provided, resulting in diffuser
ratios of 1.5 to 2.0.

As mentioned previously, the maximum pressure produced per stage by this 8-in
turbo blower is 2.5 inWC and the tip speed is 6900 fpm. Let’s try to compare this with
the 18-in turbo blower with radial blades that has a tip speed of 16,500 fpm and pro-
duces a maximum pressure of 23.3 inWC., Applying the square ratio of the two tip
speeds to the maximum static pressure produced by the 18-in blower, we get
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Series 8000 Exhauster Performance Curves
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FIGURE 7.38 Performance of high-vacuum turbo exhauster at 12 different speeds. (Courtesy of
Invincible Air Flow Systems, Baltic, Ohio.)

FIGURE 7.39 Two turbo blowers, directly firiven from a
double-shaft extension motor, connected in series by external
ducting. (Courtesy of Andritz Sprout-Bauer, Muncy, Pa.)
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Mortor

FIGURE 7.40  Six-stage turbo blower with direct drive fro

[ 4 2 ) m a shaded-pole motor, ¥ h
8-in wheel diameter, diameter ratio of 0.4, 13 radial blades, %s in wide, di?fuser ratci)g o; 1.%.3300 P

FIGURE 7.41 Four-stage turbo blower, belt drive f i i ‘
: - 8 rom 300-hp engine, 26-in wheel di
rpm, for grain conveying. (Courtesy of Christianson Systems, Inc., Bl%)mkest, Mimzje femeters 4500
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FIGURE 7.42 Performance of 26-in turbo blower at 4800 rpm, diameter ratio of 0.50, 14 radial
blades, diffuser ratio of 1.4. .

( 6,900

2
M) x23.3=4.1inWC |

We find that the 2.5 inWC per stage actually produced by the 8-in blower is far
below the 4.1 inWC produced by the 18-in blower after conversion for size and
speed. There are three reasons for this lower maximum static pressure:

1. The small diffuser ratio of the 8-in blower

2. The multistage configuration of the 8-in blower with the 180° turns, which results
in losses, even for large diffuser ratios

3. The smaller size of the 8-in blower, which normally is somewhat less efficient
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We now will discuss three multistage units that were designed for three different
applications:

1. A 26-in four-stage turbo blower for pneumatic conveying
2. An 8-in three-stage turbo blower for inflating flotation bags

3. A 5-in two-stage turbo exhauster for a vacuum cleaner 9,000
Figure 7.41 shows a 26-in Jour-stage turbo blower for pneumatic conveying of 8,000
grain and other materials. The blower wheels have radial blades, as shown in Fig. ’
7.32. It runs at 4800 rpm, driven by belt drive from a 300-hp, 2400-rpm engine. Al 2 7,000
parts (engine, blower, cyclone for separating and loading, and various accessories) &
are mounted on a four-wheel trailer for easy transportation. 6,000
Figure 7.42 shows the performance of this 26-in turbo blower at 4800 rpm for one,
two, three, and four stages. It shows how the addition of stages affects the perfor- 5,000
mance:
Number of stages 1 2 3 4 /
Maximum SP (inWC) 75 152 231 312
Difference in SP 77 79 82

You will notice that the maximum static pressure becomes slightly larger than in
proportion with the number of stages because the density of the air becomes some-
what larger after each stage.

Figure 7.43 shows an 8-in three-stage
turbo blower that was used to inflate the
flotation bags of an army tank to make it
amphibious. It runs at 8000 pm, with
direct drive from a 3-hp dc motor. Figure
7.44 shows the performance of this unit.
It delivers 150 cfm against 50 inWC. Here
the high static pressure is obtained by a
combination of multistage design plus
increased speed.

Figure 7.45 presents a schematic sketch
of a centrifugal fan wheel for a vacuum
cleaner. These fan wheels usually have six
to eight blades, 5 to 6 in o.d. and about 14
in wide. The blades usually have a strong

-backward curvature, with blade angles of
about 35° at the leading edge and of 35° to
40° at the blade tip. These exhausters for
vacuum cleaners have one or two stages
and are directly driven by single-phase
universal motors of ¥4, ¥ or 1 hp, running
at anywhere between 16,000 and 24,000
rpm. The motor speed varies considerably
between free delivery and no delivery,
often as much as 4000 rpm. There are var-

lous ways to test vacuum cleaners, as will be explained in Chap. 19. A typical vacuum
cleaner will deliver about 40 cfm against 40 inWC of vacuum at a maximum efficiency
of 40 to 45 percent.

FIGURE 743 An 8in three-stage turbo
blower showing housing inlet and outlet.
(Courtesy of Pesco Products Division, Borge-
Warner Corp., Bedford, Ohio.)
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FIGURE 7.45 Schematic sketch of a typical centrifu-
gal fan wheel for a vacuum cleaner. Such wheels usually
are 5 to 6 in 0.d. and have six to eight BC blades, about

Y4 in wide.
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High Pressure versus High Vacuum

Most ventilating fans produce maximum pressures of § i

?lbout the same regardless of whether they gre blowing or é?(hlasusl?ir;%;gdhggigrem
1s no longer true for the high-pressure units we just discussed. Here, the z;ir densitr,
bccome§ larger th:cln 0.075 1b/ft® when blowing but smaller than 0.675 1b/ft> wh y
exhausting, and this results in larger pressures and smaller vacuums. However tﬁz

pressure ratio is the same either way. This can b i i
Bt = 407 WG e o y. ¢ expressed mathematically (using 1

407+P 407
407 T 407-V (7.18)

h p (5 ()f water C()lunlll. SOlVIIl t
where 1 aIld “ are the ressure and vacuum in lnCh S
g hlS

__407P
T 407+ P (7.19)

Figure 7.46 presents Eq. (7.19) graphi i i
(7. phically, as a curve showing the maximum
produced by an exhauster versus the maximum pressure progduced by the sa‘sgl::g;

mun
300 7
4
/
i
4
4
I/
o~ 4
O /
Z 200 S
£ 2 =
g i -
§ vd 4 l/'
> ]l
7/
’ "
100
7 - | ||
/7 /, ‘
'l/ .
Pa
100 200 300

Pressure (in. WC)

FIGURE 7.46 For a high-pressure unit, the vacuum i :

e ah 2 produced is less than th

indicated b_y the solid line. The dashes show what the vacuum would be if it vevgrree sesulizlptr: ttilllmed’ .
sure. The difference between the two curves shows the deficiency. 4 © pres:
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used as a blower. You will notice that the deficiency (the difference between the
straight line and the curve) is negligible for pressures up to 20 inWC, but becomes
more and more important as we move to higher pressures.

TWO CENTRIFUGAL FANS IN PARALLEL

As mentioned previously, two centrifugal fans in parallel are used occasionally when
the air volume required is larger than that available from a certain fan size. Using
two fans in parallel rather than one larger fan can have the following advantages:

1. When air is blown into a large space, such as a bin for storing and drying grain, a
more even distribution can be obtained by two fans operating in parallel. (This
principle applies to axial-flow fans as well.)

2. If one motor should fail, at least the other fan can still be used. In fact, a second
fan is sometimes used as a standby, either just to be on the safe side or if later
need for additional capacity, due to a change in the system (e.g., a mine), can be
anticipated.

3. Two small fans may fit into the space available, whereas one larger fan may not.
The conditions here are somewhat similar to those of a DIDW fan replacing a
larger SISW fan.

4. Two smaller fans and motors may consume less power, particularly if they oper-
ate in the efficient performance range, whereas one larger fan may not.

AF, BC, and BI fans are safe for operation in parallel. FC fans are not recom-
mended, since there is a risk of instability (dip in the pressure curve) or of resonance
conditions.

VOLUME CONTROL

In many installations, the fan is selected for maximum output requirements, and
means are provided so that the airflow can be reduced at times, either manually or
automatically. A discussion of the three most common methods to accomplish this

follows.

Variable Running Speed

This method can be applied to any type of fan. The effect of speed reduction on the
pressure-volume curve of a BC fan is shown in Fig. 7.47. As mentioned previously,
each point on the curve follows the fan laws and moves along a parabolic system
characteristic. The fan efficiency remains unchanged, and there is no.; f any
shifting info an unstabl :
advantage i§ that this method of flow reduction results in the greatest pow
omy, since the brake horsepower of a fan va hird p - of the speed. A
third advantage is that—because of the reduced speed—the noise level is corre-
spondingly reduced. The disadvantage of this method is that the first cost usually is
high, especially if continuous variation is desired. e

rformance range (in.the case of an FC fan). Another
econ-
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ings are small at an

y rate. For i . .
other two methods. medium and large sizes, it shares the field with the

Adjustable inlet Vanes

Not only do adjustable inlet vanes throttle the
INg air stream a spiral motion in the directio

reduction in air volume, static pressute, and brake ho

SUMMARY
- _  _

We have discussed 12 types of centrifu,
ciple but greatly differing in design, ap
some typical data for these 12 types of

gal fans, all having the same operating prin-

pearance, and performance. T
centrifugal fans. e Table 74 shows

" CHAPTER 8

FAN SELECTION,
SPECIFIC SPEED,
AND EXAMPLES

SELECTION OF AXIAL-FLOW FANS

Chapter 4, on axial-flow fans, had a section on the selection of axial-flow fans. Since
there are only three types of axial-flow fans (propeller, tubeaxial, and vaneaxial), the
decision on which type to select for a certain application is easy. If the air is to be
moved across a wall, without any duct work, and if the static pressure needed is less
than 1inWC, the obvious solution is a propeller fan, the least expensive of all fans. If
duct work is needed, the best fan is either a tubeaxial or a vaneaxial fan. If the duct
work is short and not more than 24 inWC static pressure is needed to overcome the
resistance, a tubeaxial fan will be adequate, particularly if the fan exhausts from the
system so that the air spin past the fan will be no problem. For static pressures of
more than 1 or 2 inWC, a vaneaxial fan might be preferable (see Table 4.2). The
static pressure ranges of the three types of axial-flow fans overlap, and the decision
in favor of one type of fan often will be made on the basis of first cost versus oper-

ating cost.

SELECTION OF CENTRIFUGAL FANS

For centrifugal fans, the selection is more complicated, partly because there are 12
types (see Table 7.4) instead of three types and partly because some types can toler-
ate hot or contaminated (dust or granular material) air streams and some types can
handle only clean air or gas. Some of these 12 types, therefore, may have to be elim-
inated because of the contamination in some applications. This will narrow down the
number of feasible types from 12 to perhaps 5 or 6. As we choose among these
remaining types, with their ranges again overlapping, usually several types and sizes
will be possible for a certain application.

For a start, recall that the sequence axial-flow, mixed-flow, centrifugal (AF, BC,
BI, RT, RB, FC), turbo blower, and multistage indicates the general trend of an
increasing pressure-volume ratio (SP/cfm) or of a decreasing volume-pressure ratio
(cfm/SP). Furthermore, according to the fan laws, an increase in speed boosts the

. static pressure more than the air volume, whereas an increase in the wheel diameter

D boosts the air volume more than the static pressure. Thus, for pressure fans, we will
favor centrifugal fans and high speeds combined with small size. For volume fans, we
will favor axial-flow fans and low speeds combined with large size. This does not
mean that axial-flow fans can never be used in high-pressure applications. It does
mean that they will require a higher tip speed than centrifugal fans in order to pro-
duce the same static pressure.

8.1
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SPECIFIC SPEED Ns, SPECIFIC DIAME TER D

The specific speed N, is a characteristic number

» DOt an actual running speed. It can
be calculated from a formula tha

t has been derived from the fan laws:

N = Pm X Vefm ®.1
L (SP)3/4 . )

speed (called the specific speed N,), this fan model then wou
a static pressure of 1 inWC. Obviously, such a fan would be

purposes. Its size could be calculated from the following formula:

D x (SP)
D,= ?(Cme | 8.2)

Note that SP¥ = \/ VSP, SP3 = sp12 5 spis _ VSPxVVsp

. Some calculators

The specific speed can be considered a mathematical too

I (rather than an actual
running speed) for determining the type of fan to be used for a certain application,
For our convenience, Eq. (8.1) is more useful in the followin

g form:
N, Vefm

We note that the ratio R = Ny/rpm classifies fans with respect to their volume-
pressure ratio or, to be more accurate, with respect to their (cfm)"?/(SP)3 ratio,
which is more significant. For volume fans, the ratio R will be large; for pressure fans,

Extreme

Extreme
volume fans pressure fans
S You
N, varies from 500,000 to 1000
Ny/rpm varies from 200 to 0.1

8.3
FAN SELECTION, SPECIFIC SPEED, AND EXAMPLES
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static pressure for large fans.

2in

29in 29in
21,000 rpm 21,000 rpm 1750 rpm
44 cfm 134,140 cfm 11,178 cfm
2inWC SP 421 inWC SP 2.92inWC sp

The point 11,178 cfm at 2.92 inWC SPis fairly close to thé two performances shown
in Fig. 4.42 but somewhat beyond the two curves, Let’s try a 2¥4-ini vaneaxial fan:

t
225in

SO

00 12,000 14,000 1‘6,000 18,000 20,000
CFM

=specific speed/fan pm as a function of air volume and

29in 29in
21,000 Ipm 21,000 rpm 1750 rpm
44 cfm 94,210 cfm 7851 cfm
2inWC sp 332inWC sp 2.31inWC sp
The point 7851 cfm at 2.31

inWC SP is somewhat below the two curves. This is fine,
It will take care of the fact that a much smaller fan will deliver slightly less than

ill
according to the fan laws. It also will provide a nice safety margin. A hub-tip ratio of
about 0.55 will be best so that we will o i

eter D, and at the specific speed N, the fan WO
1inWC, as stated in the definition above. From Eq. (8.2) we get

TABLE 8.1 Specific Speed Ranges and Other Features of Various Types of Fans

D = 2.25x 2"  2.25x1.189

Y]

s

6.63

=0.404 in

Size and

Fan Manufacturing,
efficiency cost

Static
pressure

Specific Air volume
(cfm)

speed range (rpm)

Type
of fan

weight

Small
Small

Low
Low

Low
Medium
High

Low
Low

Large
Large

Small

Medium

Medium

Large
Large

Medium
Medium

Medium
High

High
Low

Medium
Medium
High

Medium
Large

Large

Medium

Medium
High

Medium
Medium
Medium

Medium
Medium

Medium
Medium

High

Medium
Medium

Medium

Medium
Low

Medium

Medium

Medium

Medium

Large

Medium
Medium
High

Medium
Low

Medium
High
High

Low
Small
Small

500
300,

Propeller
Tubeaxial

130,

VAF, one stage

90
80

VAT, two stages
Mizxed flow
Wide FC

70.
70
40,

AF,BC,BI
Narrow FC
Radial tip

65

25
30,
8

Turbo blower

Radial blades
Muitistage

turbo blower
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By using the fan laws again, we get

2V4 in 2V4in 0.404 in

21,000 rpm 82,740 rpm 82,740 rpm

44 cfm 173 cfm 1.001 ¢fm
2inWC Sp 31.0inWC SP 0.999 inwC sp

Summarizing, we found in this Example 1 the following:

1 g‘hte splecific speed N, is ver
ut only a mathemati ini
desiredyair Volurnnelé':ltlifia;ttaot(i)cI If)(;zgsitgmmmg et
2. The specific diameter Dy is very
ter but only a mathematica] tool
3. If the fan diameter were D
would deliver 1 ¢fm at a staii

¢ pressure of 1 inWC, by definition.

Example 1a

1 f T I T 11 144 ‘Il g nst tati I I Izl]lv‘l(
We haVe j()u dthat Or ou reqUI ement o, C agai a sta Cp essure o

atio R = N;/rpm=3.94. Now let u
the ; 94.. S suppose that 400-Hz electri i i
thei, Vgﬁlt l;)é]gys gg Hz elec{nc power is available. The highest ;():orslscigl?ﬁrnlrsl ing specd
354 3500 7g%m, again frqm a two-pole motor. We then get a specific suzzg csilt)l’\efeil
»/20, a typical figure for a single-stage turbo blower. This th(; eWill i);

our Selec f()l these Chaﬂ ed COIldlthIlS. IO dete[]nlne the Wheel dlanletel Of thIS
tion g

l T. f Fl ; W (5} pel f() € Of an ]8-]” "l]])() l’l()Wel

tuIb() b owe , We refer to g. .33 ShO 11, th
g rmanci f

at 3500 l‘pm. USIng the fan laWS agaln and trylng a 51/2‘1n Wheel dlanletel we get

5% in 18in

3500 rpm 3500 rpm

44 cfm 1542 cfm

2inWCSP  21.4inWC Sp '

The point 1542 cfm at 21.4 i
r 4 inWC SP com id line in Fi
better safety margin, let’s use a 5%-in whe?esl Eili(;:ett(;rthe ol line in Fig.7.3. For a

A :
§ we compare the two selections for Examples 1 and 1a, we note the following:
1. The 5%-i i i | N
il z érL;l Ct:;b?olx::vzg ivsvglkl:): Ilaidger In size than the 2¥4-in vaneaxial fan, but it
12550 o €L, due to its much lower tip speed (5154 versus
2. As we lose the pressure-boostin
pensate for this loss by selecting
volume ratio.

g influence of the higher s
> peed, we have to com-
atype of fan that inherently has a larger presstc:rme—

Example 2

A fan Should be Selected fOI‘ i i i N g
Shlp Ventllatl()n to deli\/e “) ()()“ Ct]ll against a Statlc
pressure Of 4 m VVC and to be direCtIy driven by a 1()'hp, 1150'er motor. Ulldel

y high (82,740 rpm). It is not an actual running speed
ype of fan that will give us the

small (0.404 in). Again, it is not a real fan diame-

and the running speed were N;, this theoretical fan
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no condition must the fan overload the motor, and the noise level must be less than
83 dB. From Eq. (8.3) or from Fig. 8.2, we get R = 35.4. The specific speed N, there-
fore, is N, = 35.4 x 1150 = 40,710. Table 8.1 shows that this will be a centrifugal fan
with AF, BC, BI, or FC blades. FC blades will have to be eliminated because they
probably would overload the motor in the range near free delivery. AF, BC, and BI
blades, as mentioned previously, have nonoverloading brake horsepower curves,
so any of these will meet the requirement of no motor overload. We will select BI
blades because they are more economical than AF or BC blades. We look at the
Ammerman BIB (backward-inclined blades) catalog and find that their 30-in Bl
centrifugal fan will deliver 10,360 cfm against a static pressure of 4 inWC for belt
drive at 1194 rpm while consuming 9.31 bhp. For direct drive, the brake horse-
power will be 5 to 10 percent less, as mentioned on page 7.2. The Ammerman cat-
alog specifically states that the brake horsepower values shown include the
belt-drive losses. Most other fan catalogs state that their brake horsepower values
do not include belt drive losses. We also find that our operating point of 10,000 cfm
against a static pressure of 4 inWC is close to their point of maximum efficiency.
The tip speed will be 8960 fpm, indicating that the noise level requirement also will

be met.

- Example 2a

If the fan is to be installed in a noisy factory where the noise level requirement can
be left out, we would select a 245-in BI centrifugal fan at 1750 rpm. This fan would
have a specific speed N, = 35.4 x 1750 = 61.950, which is still in the range for a Bl cen-
trifugal fan. This fan would be less expensive, due to the smaller size and the higher
motor speed, but the Ammerman catalog indicates that this fan would not operate
near their point of maximum efficiency. It would deliver 10,410 cfm at a static pres-
sure of 4 inWC, running at 1750 rpm and consuming 11.77 bhp with belt drive. The
brake horsepower is high, due to the smaller size (high outlet velocity) and due to
the lower fan efficiency at this operating point. The brake horsepower will be too
high for a 10-hp motor, even after reducing it for direct drive. A slight reduction in
the blade width will have to be made so that the 10-hp, 1750-rpm motor will be ade-
quate. The tip speed for this 24V4-in fan at 1750 rpm will be 11,225 fpm, which is 25
percent higher than the 8960-fpm tip speed of the 30-in fan at 1150 rpm, so the noise
level will be about 5 dB higher (see Eq.5.13). The nonoverloading brake horsepower
curve will be retained.

Example 3

An inexpensive fan should be selected that will deliver 900 cfm against a static pres-
sure of 1.5 inWC while directly driven by a 1750-rpm motor. This fan will be built
into an industrial air heater and should be compact, since the available space is tight.
Power consumption and noise level, on the other hand, are of secondary importance.
From Eq. (8.3) or from Fig. 8.2, we get R = 22.1. For 1750 rpm, the specific speed is
N, =22.1 x 1750 = 38,734. Table 8.1 shows that this will be a centrifugal fan with AF,
BC, BI, or FC blades. Since compactness and low cost are required, we select an FC
centrifugal fan.

To determine the wheel diameter of this FC fan, we refer to Fig. 7.31, showing the
performance of a 27-in FC centrifugal fan at 570 rpm. Using the fan laws again and
trying an 8-in wheel diameter, we get
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8in 27 in 27 in
1750 rpm 1750 rpm 570 rpm
900 cfm 34,599 cfm 11,269 cfm

1.5inWC SP 17.1inWC SP 1.81 inWC sP

’SII};eh g(;n];te 1101‘;%? Scéntlhe}; 1881111 1};18VC StP' fcomlei close to the solid line in Fig. 7.31 and
: w it, 8- centritugal fan will be satisfact i
either blow into the heating coi 11y Blowim o oold
g coils or exhaust from them. Usually blowing i
able, because then the fan will handle cold air, so it will handle e}ll lar(:g‘::nngl;sp;?f:i?

IO detelnllne the motor hOISepO W €r, we go thI Ough a Calculatloll S]m]laI to the one

An 8-in centrifugal fan will
theretonn mon g will have an outlet area of 0.366 ft. The outlet velocity,

0
ov =2459 fpm

90
T 0366
and the corresponding pressures will be
P= <@)2 =0.38
2005 . and TP=15+0.38=1.88

The air horsepower then will be

900 x 1.88
6356

For a small FC centrifugal fan, we i ici
the brake horse ey x%/ill o » We can expect a maximum efficiency of 55 percent, so

=0.266

0.266
bhp=—""-"=
P="5 5 0.48
This means, for the point of o i
, peration, that a ¥5-hp, 1750-rpm mot i

ggsltlei,f liﬁé \;ve hid bletter use a ¥-hp, 1750-rpm motor so thatpthe m%togrv\;,'lillll gz :;jfz-
even an should operate at a lower static pressuretsince FC centrifugal f: ,

Ot have a nonoverloading brake horsepower curve, elfans do

Example 3a

Suppose the requirements for com

; compactness and low cost were it
xcs)llﬂ;i;el:;toz (c)intilfuggl fz;)n vi;lth BI (instead of FC) blades becaglsléléfidl;lz\iﬁisﬂ\;f;ﬁ

crioading brake horsepower curve, Then a ¥-hp. 175

. . -hp, 1750-

gi(;umlgtgi, z;iequfate, but. the wheel dl_ameter would be larger. To delierminerlt)l?ils I\Tvlﬁct:(e)j
Uame 11,60$ re e;‘ t% flg. 7.1.3 showing the performance of a 27-in airfoil centrifugal
fan at 1 ﬁ)ll)n.l centrifugal fan will have a similar performance, only the fan
y will be lower. Using the fan laws and trying a 12¥4-in wheel dia’meter we get

12%in 27 in 27 in
1750 rpm 1750 rpm 1160 rpm
900 cfm 9,637 cfm 6,388 cfm

1.5inWC Sp 7.29 inWC SP 3.20inWC Sp
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The point 6388 cfm at 3.20 inWC SP is slightly below the curve, so the 12V4-in Bl cen-

trifugal fan will be satisfactory.
As we compare the two selections for Examples 3 and 3a, we note the following:

1. The FC centrifugal kf‘an will be more compact, and the fan itself (due to the
smaller fan wheel and scroll housing) will be less expensive.

5. The BI centrifugal fan, with its nonoverloading brake horsepower curve, will
require only a Y4-hp motor instead of a ¥%-hp motor, so the total cost of the two
selections will be comparable.

3. In view of the preceding, the smaller FC centrifugal fan probably will be the
preferable selection. )

Example 4

A DIDW fan for induced draft should be selected that will handle air at 610°F at a
700-ft altitude and under these conditions is to deliver 48,000 cfm against a static
pressure of 4.5 inWC. To correct the static pressure to standard air density, we need
two correction factors, one for temperature and one for altitude. The correction fac-
tor for temperature is the ratio of the two absolute temperatures, that is, (460 +
610)/(460 + 70) = 2.019. The correction factor for altitude can be obtained from
Table 1.1, by interpolation between 0 and 1000 ft of altitude, as 29.92/29.178 =
1.0254. The product of these two correction factors is 2.019 x 1.0254 = 2.070. This is
our total correction factor. Converted to standard air density, the specifications,
therefore, read 48,000 cfm against a static pressure of 2.070 x 4.5 =9.32 inWC. Each
side of the DIDW fan will have to deliver 24,000 cfm against a static pressure of
9.32 inWC.

From Eq. (8.3), we get R = 29.04. Estimating a fan speed of 1140 rpm, we get a
specific speed N, = 29.04 x 1140 = 33,110. From Table 8.1, we note that this specific
speed can be met by centrifugal fans with AF, BC, BI, FC, and RT blades. RT blades
are best for induced draft, as mentioned on page 7.33, so this will be our selection. To
determine the wheel diameter, we refer to Fig. 7.30 showing in dotted lines the per-
formance of a 27-in RT centrifugal fan at 1140 rpm. By using the fan laws and trying

a 40¥4-in wheel diameter, we get

40%4 in 27in
1140 rpm 1140 rpm
24,000 cfm 7244 cfm

9.32inWC SP 4.19 inWC SP

The point 7244 cfm at 4.19 inWC SP is slightly below the dotted line in Fig. 7.30 indi-
cating that we have made a satisfactory selection. This is further confirmed by Table
8.2, showing the performance of a 40v-in RT centrifugal fan from Chicago Blower’s
catalog. For 24,000 cfm at 9.32 inWC SF, we get, by interpolation, 1182 rpm and 47.6
bhp. By dividing by the correction factor 2.070, we find that at the actual operating
conditions (610°F and 700-ft altitude), 47.6/2.070 = 23.0 bhp will be required for each
side, or 46.0 bhp for the DIDW fan. Since RT centrifugal fans do not have a nonover-
loading brake horsepower curve, we like to have a safety margin in case the actual
operating pressure should be somewhat lower than anticipated. A 50-hp motor,

therefore, will be selected.



TABLE 8.2 Performance Table for a 40v-in RT Centrifugal Fan, Belt Drive
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15000
16000
18000
20000
22000
24000
26000

1224
1226
1236
1252
1273
1298
1325
1354
1382
1410
1438
1466
1493
1518
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1120
1125
1141
1162
1186
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1716
1931

49.7

1321
1327
1339
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1403

34.1

26.9

1019
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1457
1463
1475
1492
1514
1538
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1414
1422
1436
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1478
1503
1530
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1615
1643
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58.5

1371
1381

54.2
59,

45.8

37.7

30.0

1040
1065
1093
1121
1150
1178
1205
1232
1256
1285
1326
1377
1430

1542 826 1581 876
1551
1565
1584

1606
1631

77.8

1503
1513

73.0

68.3

63.7

.1

50.3
55

417

335

2145
2360
2574
2789

94.2
101.3

89.0 1588
959 1601

74.1 79.0 84.0
103.2

69.2

1397
1417
1441

64.4

1

46.0

373

90.6
97

1529
1549
1572
1598
1625
1654
1682
1711

854

80.2

75.1

70.1

60.2

50.7
55

1214
1242
1270
1299
1326
1354
1380
1404
1432
1472

41.6

108.8
116.8
1252
134.1
143.7
153.8
164.6
176.2
188.3

1618

7

65.8 76.1 814 86.8 922
88

.8

46.3

1109 1639

105.1

99.4
107.1

93.7
101.2
109.2
117.8
127.1

.1

1467
1495
1523

82.6

1430
1459

71.8
784

61.4

511

3003

28000
30000
32000
34000
36000
38000

40000

1663
1690
1717
1745
1774
1802
1831

119.1
127.8
137.1

1131
121.5

1564
1592
1621
1649
1678
1705

954
103.2
111.6
120.6
129.8
138.6
146.7

89.6

67.5

73

55.7

3218

1658
1686
1714

115.3
124.2
1337
1438
154.2
164.4

97.2
105.4
114.0

1487
1516

85.6

.5

604

3432

130.6
140.3
150.7
161.6

1552
1580
1608
1635
1663

66.7 79.1 929

73

3647
3861

147.0
157.6
168.9
180.5

1543
1571

99.9

106.4

852
93

9

1743
1771
1799

136.9
146.6
155.7

1224 .
130.1
138.3

2

82.7

93
105.4

4076

1739
1766

1599

1625

1145

102.0
1244

112.7

4

4290
4505

172.6

1733

1699

1543

42000

29" SP

27”7 Sp 28” SP

26” SP

23” Sp

97.6
104.7
112.2
120.2
1287
137.6

1656
1661
1671
1686
1705
1727
1751

2145 1619 926

2360

20000

22000

126.5
134.9
143.8
1532
163.1
173.5
1844
201.9

1801
1806
1816
1830
1849
1870
1894
1933

121.0
129.1

1767
1773
1784
1799
1819

1155
123.4
1319

140.8

1732
1739
1752
1768
1788
1812

110.0
117.8
126.0
134.7
1439
153.6
163.8
180.2
198.2

1934 2180

1697
1705
1719

99.4

106.7
114.5
1227
1314

1625
1636
1652
1672
1695
1721

1585
168.2
1785
189.4

1935
1941
1951

1525
162.0
172.1

1903
1910
1921
1937
1956

146.6
1559
165.8
176.2
187.1

1407 1871

1839
1847
1861
1878
1899
1922
1961

2574
2789
3003

24000

26000

1879
1891

149.8

137.8
147.0
156.7
166.8
177.5
194.6

1594
169.6
180.3
191.5
209.3

1737
1758
1782
1808
1849
1892

28000
30000
32000

1966

182.8
194.0

1908
1927
1950

150.3
160.2
170.6

3218

1841
1866

147.0
157.0
1731

140.6
150.3
166.1
1834
2023

3432

198.5

1837
1878

1778
1820
1863
1905

1748
1790
1833
1875

3647

34000

187.4 1906

1920 205.8
1963 2258

3969

37000
40000
43000
46000

1948 2133

190.8
210.2

1947 2304

4290

4612

1917 2215

4934

,and outlet with evase discharge.

is for ducted inlet.

Note: Performance shown

Glendale Heights, Illinois;

3

Chicago Blower Corp.

Source: From Catalog of

FAN SELECTION, SPECIFIC SPEED, AND EXAMPLES

Exampie 5

ure blower for exhausting the dust particles from a small grinding wheel must
bAeI;re?::ted. It will be directly driven by a 3500-rpm electric motor, and it should l;an—
dle 350 cfm against a static pressure of 7 inWC. The outlet velocity should be z;: out
4000 fpm so that the grinding particles can be conveyed through the outlet ducltl. rom
Eq. (8.3) or from Fig. 8.1, we get R = 4.347. For a running speed of 3500 rpm, t c?fspei
cific speed is N, = 4.347 x 3500 = 15,215. Table 8.1 shows that this will be a centrifuga
fan with radial blades. To determine the wheel diameter of this RB f:entrlfugal fan, we
refer to Fig. 7.33 dashed lines, showing the per.formance .of an 18-in turbo blower at
3500 rpm. Using the fan laws and trying an 11-in wheel diameter, we get

1 8”

3500 RPM 3500 RPM
350 CFM 1534 CFM
77Sp  —— 18.7”SP

0.673 BHP 7.9 BHP

11”

The point 1534 cfm at 18.7 inWC SP is slightly below the dashed line, so this 11-in

i 1 fan will be a satisfactory selection. '
RB"I?he;,l tlréilr% ?)ressure blower had a back plate ar}d a shrqud, but the 11-in pressure
blower will only have a back plate. The shroud will be omitted so that there w1111n9t
be any material buildup from the grind partlgles. This lac.k of a shroud will result irzl
smaller air volumes and lower fan efficiencies. The '18-111 pressure blower has
radial blades, 3 to 2 in wide. Converted for size, the 11-in pressure blower would have
12 radial blades, 1.83 to 1.22 in wide. To compensate for the lack of the shroud, we
i ial blades, 3 to 2 in wide. o )
WIH\;/l:ewlilzl {1221:14-in-diameter duct at the housing inlet and outlet. This will result in
an area of 0.0873 ft* and in an air velocity at the housing inlet and outlet 7of
350/0.0873 = 4009 fpm, as requested. We will extend the radial blades inward to a 47-
ini.d., resulting in a diameter ratio of 4.875/11 = 0.443, the same as for the 18-in pres-
sur_e{ﬁéo&n;:ﬁed lines in Fig. 7.33 also show that for 1534 cfm, the brake horsepower
will be about 7.9. Converted back to an 11-in wheel diameter, this becomes 0.673

bhp. However, this figure will have to be increased for two reasons:

1. The lower efficiency of the 11-in pressure blower without a shroud
2. For a safety margin because of the overloading brake horsepower curve

We will use a 1-hp, 3500-rpm motor.

Example 6

A small belt-driven fan is to be selected that will be built into a §ma_ll apparatus. It will
draw a cooling air stream through some narrow passages and_ will discharge it 1qt(§7$lée
atmosphere. Thus 60 cfm should be delivered against a static pressure of 0.7 in 1.
Moreover, as a special requirement, the fan shoulq be reversﬂ.)le, and the same air Voli
ume should be exhausted regardless of the directlo_n of rotation. In view of the sma
quantities involved, efficiency and power consumption are of minor importance.
Because of the special requirement, this will have to !)e a centrifugal fan with I(;}r—
cumferential discharge, without any scroll housing, similar to the fan shown in Fig.
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7.16, except that the blades will have to b i i i
hmi:sing e sometimes called s ol fon e radial. This type of fan without a scroll
rom Eq. (8.3) or from Fig. 8.1, we get R =10.12. Let’ i
E 1 Fig. 8.1, =10.12. Let’s try belt dr: t24.
The spem.ﬁc speed then will be N, = 10.12 x 2450 = 24,798, Tgble 8.1 CIZigrmsst?l l’%:)m.
RB centrifugal fan will do the job. ' e
To determine the wheel diameter, we refer to Fi i
T > , ig. 7.24, showing the perf
of fO;lI' 261/_s-m ce.ntnfu'gal fans at 1160 rpm, two of them with radiagl bladis b(:ftni]lé; Itl}iz
usual configuration with a scroll housing. For circumferential discharge,without a

scroll housing, the static pressure i
18, produced will be so i
laws and trying a 5%-in wheel diameter, we get somewhat lower. Using the fan

5%in 26¥8in 26 in
2450 rpm 2450 rpm 1160 rpm
60 cfm : 6430 cfm 3044 cfm

0.7inWC SP 15.8inWC SP 3.54 inWC SpP

The point 3054 cfm at 3.54 inWC SP is well below the static pressure curves, so we

are on the Safe Slde cven COnSlderln the circumiere; a 1 arge a d the U
> g frntlldsch g ful h mCh

Special features of this selection i i
combaetacss are quiet operation (no cutoff) and extreme

CONCLUSION

The six examples just discussed illustrate not only the selection procedure for dif
ferent types of centrif}lgal fans but also the various problems and special requi e
ments that are sometimes encountered in the selection process. This will k I;f-
readers to make similar decisions when they run into similar probiems e

- CHAPTER 9
AXIAL-CENTRIFUGAL FANS

FLOW PATTERNS FOR VARIOUS
CONFIGURATIONS

Axial-centrifugal fans, also called tubular centrifugal fans, in-line centrifugal fans, or

mixed-flow fans, take a place between the vaneaxial fans and the scroll-type cen-
trifugal fans. Various configurations have become popular for these axial-centrifugal
fans. These various configurations differ with respect to the following features:

1. The fan wheel can have a flat back plate. or a conical back plate (as shown in
Fig.9.1). .

2. The housing can be cylindrical, square, or barrel-shaped.

3. The drive can be direct drive or belt drive.

There are 12 possible combinations of the 7 features (as can be seen from Table
9.1), but not all of these 12 combinations are practical. Six configurations are shown
in Figs. 3.23,3.24,3.25a,3.25b, 3.26, 3.27,9.2, and 9.3. These are eight (not six) figures
because Figs. 3.26,3.27, and 9.3 all use about the same configuration. Table 9.1 also
lists these figure numbers and indicates into which combinations they belong. Let’s
discuss the eight figures listed in Table 9.1.

Figure 9.2 shows a schematic sketch of a standard centrifugal fan wheel (flat back
plate) in a cylindrical housing with direct drive and with guide vanes past the fan
wheel. The guide vanes remove the air spin and convert some of the energy loss into
additional static pressure, the same as in a vaneaxial fan. The fan wheel probably will
have BI blades (for low cost), but it also could have AF or BC blades. It cannot have
FC blades because they require a scroll housing for good performance, as mentioned
in Chap. 7. The air stream makes a 90° turn at the wheel inlet (as in any centrifugal
fan wheel) and leaves the blade tips radially outward (and, of course, with a circum-
ferential spin). It now has to make another 90° turn from radially outward to axial
(or rather helical) flow. A conical guide, as shown, will help the air stream make this
second 90° turn. The conical guide is sometimes omitted, but this will reduce the
efficiency somewhat. In view of the second 90° turn, a diffuser ratio of about 1.5 is
recommended for proper flow conditions and for an acceptable fan efficiency. Com-
paring this in-line fan with a vaneaxial fan, they only have the straight-through flow
feature in common. The fan efficiency is lower for the in-line fan, and the compact-
ness of the vaneaxial fan has been lost. As a result of the 1.5 diffuser ratio, a 27-in
wheel diameter will require a cylindrical housing of 40%; in diameter.

The next figure listed in Table 9.1 is Fig. 3.23. This is a schematic sketch of a
mixed-flow fan wheel with a conical back plate and with a diverging air stream flow-
ing into a cylindrical housing with direct drive. Here the air stream has to make only
two 45° turns instead of two 90° turns. As the air stream here diverges conically
(rather than radially) outward into the cylindrical housing, a somewhat smaller dif-
fuser ratio of about 1.3 will be adequate. Figure 3.23 shows no guide vanes past the
fan wheel, but they could be added and would definitely improve the fan efficiency.
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Figure 3.24 shows a BC fan wheel with
a flat back plate in a cylindrical housing

vanes, a good, inexpensive combination,

Figure 3.25 shows a mixed-flow fap
wheel with a conical back plate in g
square housing. Two models are shown:
model] a for direct drive and mode] b for
belt drive.

Figure 3.26 shows a mixed-flow fan
wheel with a conical back plate and with
direct drive in a barrel-shaped housing,
This is a more expensive spun housing,
but it has the advantage of smaller inlet
and outlet diameters for connection to
smaller-diameters ducts plus good con-
formity with the shape of the conical fan
wheel. Here the guide vanes past the fan
wheel are even more Important because
without them the air spin at the small
FIGURE 9.1 Cast-aluminum mixed-flow fan housing outlet would become excessive,
wheel showing a conical back plate, a short con-  as Was explained in Chap. 1.
fcal shroud, and 10 backward-curved airfoil Figure 3.27 is similar to Fig. 3.26 but
blades protruding inward beyond the shroud. has a separate motor chamber to protect

the motor from hot or corrosive gases.
Figure 9.3 shows the same unit connected to small inlet and outlet ducts, with a clear
view of the motor in the separate chamber.,

Conclusion

-centrifugal fans have the advantage of easy installation as part of the duct
(like vaneaxial fans). At the same time, they produce more static pressure (and
somewhat more air volume) than vaneaxial fans of the same wheel diameter and
speed, although not as much as scroll-type centrifugal fans of the same wheel diam-
eter and speed. Unfortunately, their efficiencies are lower than those of vaneaxial
fans and scroll-type centrifugal fans, especially in small sizes. FC centrifugal fan
wheels cannot be used in this type of unit because, as mentioned previously, FC
wheels require a scroll housing for proper performance (see Chap. 7).

Axial
work

TABLE 9.1 Axial-Centrifugal Fans in Various Configurations

Flat
back plate Conical back plate
Cylindrical housing, direct drive Fig. 9.2 Fig.3.23
Cylindrical housing, belt drive Fig.3.24
Square housing, direct drive Fig.3.25q
Square housing, belt drive Fig. 3.25b

Barrel-shaped housing, direct drive Figs.3.26,3.27, and 9.3

Barrel-shaped housing, belt drive

with belt drive and with outlet guide

' 9.3
AXIAL-CENTRIFUGAL FANS

Conical guide
Standard centrifugal fan wheel

/ Guide vane, on far side

S
/3\
e

| ™~ Motor base

Inner shell
Cylindrical housing
Venturi inlet

FIGURE 9.2 Axial-centrifugal fan using a star}darc'i centrifqgal fan wheel
plus conical guide and outlet guide vanes in a cylindrical housing.

o - 1 size due t
t and 1 cts of sma
M T nnect
FIGURE 9.3 ixed. “()W(bclfu catym fan connected to € outlet du &) ) () due to
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PERFORMANCE OF AXIAL-CENTRIFUGAL FANS

Fi i i
Vaité:( 1921;1 fs;g)ws a clompar.lson of the static pressure curves for three types of f;
8, axial-centrifugal fans, and scroll-type centrifugal fans with air?(?l:
i

9 T
] _l 1"'1 ] N L O TTT
] j ] S(;roll—type centrifugal fan
8 ' with airfoil blades,

4

max. BHP = 16.8

i T 1
T H T

i i

T A B
N ;A’_In-line centrifugal fan
~iZ” max. BHP = 15.2 N

T
Vaneaxial fan

Static pressure (jn. WC(C)

CFM

FIGURE 9.4 Comparison of the stati
; 9 static
having 27-in wheel diameters and runningp ;?sls;lgg fgg ese’for fhree types of fans,all

blades. For a fair compari
! parison, the three f i i
run at the same 1750 rpm. We note the fﬁﬁi}vlvaill‘ll;:the Fame 27n wheel diameter and

L . .
The performance of the in-line centrifugal fan takes a place between the perfor-

mance of the vaneaxial fan an :
carlier. d the scroll-type centrifugal fan, as mentioned

2. The in-line centrifugal fan f
scrll iy centrjfug§1 L performs somewhat, but not too much, below the

3, - .
;I}'ie ‘:;1 nléziizclﬂ%tnfugal fan performs considerably above the vaneaxial fan but if
e veneaxi in were to have a 40%5-in housing diameter (same as the in-lin
entri bg ! an as) (with the fan wheel about 40 in 0.d.), then the vaneaxial f: .

Y 1ar outperform the two others. This means that the vaneaxial fan?s stzilﬁ

the most compact of the th
1 ree fans. Onl i i
compact, but it has a much lower efficienc};.the ¢ contifugal fan i even more

CHAPTER 10
ROOF VENTILATORS

FOUR WAYS TO SUBDIVIDE ROOF VENTILATORS

Roof ventilators can be seen on many buildings. They have become popular partly

because they require little or no duct work and partly because they do not take
up valuable space inside the building. They can be subdivided in the following

four ways:

e e

Exhaust or supply
Upblast, radial discharge, or downflow
Axial-flow or centrifugal fan wheels

. Direct or belt drive

Let’s discuss these four classifications in more detail.

1. Most roof ventilators are for exhaust from buildings, but some are supply units

for makeup air. Exhaust units draw air from the building and emit it either by
upblast or by radial discharge. Supply units draw in outside air and blow it down into

the building.

2. Radial discharge results in a lower, more pleasing silhouette, with various alu--

minum spinnings, but upblast is required for the exhaust of grease-laden air from
restaurant kitchens because an accumulation of grease on the roof would be a fire
hazard. Upblast is also used on some machine shops, foundries, and other buildings
where a considerable amount of oil or dust is in suspension in the air. Radial dis-
charge and upblast, of course, can only be used on exhaust units. Supply units obvi-

ously require downflow.

3. Axial-flow fan wheels are less expensive and therefore are used in most

installations without any duct work. Also, all supply units use axial-flow fan wheels.
Centrifugal fan wheels in supply units would be impractical because they would
result in a complicated flow pattern with several 90° turns. In exhaust units, cen-
trifugal fan wheels produce more negative static pressure and therefore are often
used in connection with duct work. Most of them have BI blades; some have BC
blades. Centrifugal fan wheels with airfoil blades are more expensive and in roof
ventilators are not of much extra benefit. FC blades, as mentioned previously,
will not function without a scroll housing and therefore cannot be used in roof ven-

tilators.

4. Direct drive is simpler and requires less maintenance; it is generally used in

small sizes. Belt drive is used in large sizes to avoid expensive low-speed motors and
to obtain greater flexibility with regard to air volume and static pressure.
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TABLE 10.1 Ten Configurations Used in Roof Ventilators

Exhaust Upblast, Axial or Direct
Configuration or radial discharge, centrifugal or belt Figure
no. supply or downflow fan wheel drive no.
1 Exhaust Upblast Axial Direct 10.1
2 Exhaust Upblast Axial Belt
3 Exhaust Upblast Centrifugal Direct 102
4 Exhaust Upblast - Centrifugal Belt - 103
5 Exhaust Radial Axial Direct 104
6 Exhaust Radial Axial Belt 105
7 Exhaust Radial Centrifugal Direct 10.6
8 Exhaust Radial Centrifugal Belt 10.7
9 Supply Downflow Axial Direct 10.8
10 Supply Downflow Axial Belt 10.9

TEN CONFIGURATIONS OF ROOF VENTILATORS
=2 CARAIORs .

By combining the various features discussed, we can obtain 10 practical configura-
tions. (Some combinations, as mentioned earlier, would not be practical.) Table 10.1
is a list of these 10 configurations. They are illustrated in Figs. 10.1 through 10.9.

Posltive Damper Stops Automatic Butterfly Dampers

Wind Guard

Non-Clog Ralnshed

Damper Bearings

Condensate Drain

"Totally Enclosed Motor Airfoil Propellor

FIGURE 10.1 Exhaust roof ventilator, upblast, with an axial-flow fan wheel and direct drive. Note
butterfly dampers to keep out rain, etc. ( Courtesy of Lau Division, Tomkins Industries, Inc., Dayton,
Ohio.) '

10.3

ROOF VENTILATORS

1 blast, with a centrifugal
URE 10.2 Exhaust roof ventilator, up last,
falrf; wheel and direct drive. (Courtesy of FloAire, Inc., Bensalem, Pa.)

. i blast, with a centrifugal
URE 10.3 Exhaust roof ventilator, up "
gr? wheel and belt drive. (Courtesy of FloAire, Inc., Bensalem, Pa.)

. . . . f

The figures indicate that many spinnings are used in the various mo;i(;,;sb ?fc ;(t)é)d

ventilators. In large sizes, when these spinnings become too e%pens%\;}el,e  Labricated
hood can be used instead, as shown in Fig. 10.10. The two flat sides o

be made angular, for better flow conditions.
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FIGURE 10.4 Exhaust roof ventilator, radial discharge, with an

axial-flow fan wheel and direct drive. ( Courtesy of FloAire, Inc., Ben-
salem, Pa.) ’

FIGURE 10.6 Exhaust roof ventilator, radial dis-
charge, with a centrifugal fan wheel and direct drive.
(Courtesy of FloAire, Inc., Bensalem, Pa.)

| FIGURE. 10.5 Exhaust roof ventilator, radial dis-
charge, with an axial-flow fan wheel and belt drive.
(Courtesy of FloAire, Inc., Bensalem, Pa. )

FIGURE 10.7 Exhaust roof ventilator, radial discharge, with
a centrifugal fan wheel and belt drive. (Courtesy of FloAire,
Inc., Bensalem, Pa.)
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FIGURE 10.8 Supply roof ventilator with an axial-flow fan wheel and direct drive. (Courtesy of
FloAire, Inc., Bensalem, Pa.)

FIGURE 10.9 Supply roof ventilator with an axial-
flow fan wheel and belt drive. Note the guide vanes past
the fan wheel. (Courtesy of FloAire, Inc., Bensalem, Pa. )

ROOF VENTiLATORS

FIGURE 10.10 Exhaust roof ventilator, radial discha‘rge, with an
axial-flow fan wheel and belt drive, with a fabricated hood in large sizes.

10.7



CHAPTER 11

VENTILATION
REQUIREMENTS
AND DUCT SYSTEMS*

OSHA REGULATIONS

The Occupational Safety and Health Act (OSHA), which became law in 1971, en-
sures safe and healthful working conditions for all Americans. Much of this act deals
with adequate ventilation and noise limitation, important aspects of environmental
control. By establishing specific ventilation requirements, such as the elimination
of heat, moisture, dust, and harmful vapors, more healthful working conditions are
. ensured. OSHA pays particular attention to the following:

1. Exhaust of excessive heat and humidity from oven and furnace rooms, laundries,
and other drying and washing operations

2. Exhaust of airborne contaminants from polishing, grinding, buffing, and blast
cleaning operations

3. Exhaust of paint fumes from spray booths
4. Exhaust systems in areas used for brazing, welding, and cutting operations

5. Introduction of makeup air to relieve negative-pressure buildup caused by air
exhaust (This replacement air usually has to be heated or cooled, humidified or
dehumidified, and cleaned, by filters or electrostatic precipitators, in order to
obtain acceptable working conditions.)

Limitation of noise exposure

S

COMFORT CONDITIONS

Chapter 8 explained how the specific speed can be used in selecting the type of fan
(vaneaxial fan, centrifugal fan with airfoil, backward-inclined, forward-curved, or
radial-tip blades) for a certain application. However, before we can select a fan type,
we have to determine the air volume (cfm) and static pressure required in the appli-
cation. The air volume will depend on the type of space (office, factory, apartment,
school, hospital, auditorium, store, or kitchen) to be ventilated. The static pressure
will depend on the duct system required to distribute the air to the various spaces.
The comfort of the occupants will depend—in order of importance in most cases—
on the following five parameters:

* Some of the information presented in this chapter has been taken from Bleier, F. P., Fan Design and
Application Handbook. (Hopkins, Minn.: Ammerman Company), and from the Ventilation Guide (Ben-
salem, Pa.: FloAire, Inc.)
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. Dry-bulb temperature
. Air quality

. Relative humidity

. Noise level

[ S

wm A W

. Air movement
Let’s discuss these five parameters in more detail.

1. The dry-bulb temperatures desirable for certain spaces are shown below:

Offices 72 to 76°F Hospital rooms 74 to 76°F
Factories 62 to 68°F Operating rooms 74 to 78°F
Apartments 74to76°F  Auditoriums 68 to 72°F
Classrooms 72 to 75°F Stores 66 to 68°F
Gymnasiums 60 to 65°F Kitchens 66 to 68°F

2. For healthful conditions, the air should be free of excessive impurities such as
dust, fumes, vapors, and other contaminants.

3. The most desirable relative humidity is 50 percent, but deviations of plus or
minus 15 percent are acceptable in most spaces.

4. OSHA specifies the following noise levels as a function of the maximum num-
ber of hours of exposure:

Maximum Maximum
Noise, dB hours Noise, dB hours
90 8 102 1%
92 6 105 1
95 4 110 1%}
97 3 115 Va
100 2

oo b .
Note: Even these OSHA noise limitations seem on the liberal side. For safety, ear

protectors are recommended for noise levels above 94 dB, even for short periods of
exposure.

5. Some slight air motion from air outlets such as grills or diffusers is desirable in

offices, classrooms, and auditoriums where many sedentary occupants are expected,

but high air velocities up to 4000 fpm are used occasionally for cooling the workers
in extremely hot factories.

The preceding OSHA requirements pertain to working areas in virtually all com-
mercial and industrial facilities.

FIVE METHODS TO CALCULATE THE AIR
VOLUME REQUIRED FOR A SPACE

Coming back to determination of the air volume required to fulfill the OSHA regu-
lations for temperature, heat removal, etc., five methods are in general use for cal-

VENTILATION REQUIREMENTS AND DUCT SYSTEMS 11.3

culating these values. The air volumes may be produced by exhaust fans, by .sul]ppl};
fans, or by a combination of both. All five methgds are based on the p{lncg) "(E'h 0
diluting the contaminated air or of heat removal in the space to be venti ateb. 12
space can be described in various ways: \(olume of the space, ﬂoqr area, num fr 0
occupants, or heat release. Here are the five methods for calculating the air volume

required:

Air change in the volume of the space

Cubic feet per minute of air-per square foot of floor area
Number of occupants in the space

Minimum air velocity through the space

Removal of heat released in the space

A S

Which of the five methods should be selected in a specific application vyﬂl de;peqd
on the circumstances, i.e., on the main purpose of the ventilation. Sometimes it will
be possible to use two methods and to compare the resqlts. If the two resultllng air
volumes just about confirm each other, we can be confident that our calculations

were correct.

The Air-Change Method

Considered the easiest and most commonly used method of Fletgrmmmg the
required air volume, the air-change met}lod assumes that all the air W1th1r2j a spea%
fied space must be changed within a given time span. The recorpmendc; 1'axte1:1 od
change is based on fan industry experience and on health regulations. This metho

uses the equation
V (%) = Q (ft’/min) x M (minutes per change) (11.1)

where V= volume of the space to be ventila(ed o .
Q = air volume (cfm) the fan must deliver against the static pressure of

the system . o
M = rate of air change, expressed by the number of minutes it will take to

replace all the air in the space
Solving this equation for O, the required fan cubic feet per minute (cfm), we get
Fan cfm = V/M (11.2)

i i i larger if M is smaller, i.e., if the
This means the required fan cfm will have to be larger if M is smaller, i.e.,
desired air change should be faster. This, of course, is the way one wogld expect
it to be. Table 11.1 gives the rates of air change recommended for various types
of buildings. Here are some examples, using Eq. (11.2) and the data given in
Table 11.1.

Example 1. What fan cfm is required for an office, 25 x 40 x 10 ft high, that needs
an air change every 5 minutes? From Eq. (11.2), we get

_25><40><10

cfm = 2000 cfm
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TABLE 11.1 Minutes per Air Change
Recommended for Various Types of Buildings

Minutes per air change for
adequate ventilation

Type of building No smoking Smoking
Assembly halls 10-15 4-10
Bakeries 2-3
Banks 15-30 5-15
Boiler rooms 2-4
Classrooms 3-10
Club rooms 6-7 34
Churches 10-15
Dance halls 7-10 3-5
Engine rooms 1-3
Foundries 1-3
Garages 7-10
Hospital rooms 10-15
Kitchens 2-5
Laundries 2-3
Machine shops 5-10
Offices 10-15 4-8
Paint shops 1-2
Photo dark rooms 4-6
Pig houses ©6-10
Poultry houses 6-10
Residences 30-60 15-30
Restaurants 5-10 3-5
Ships storage 2-3
Swimming pools 2-3
Theaters 4-7 2-3
Toilets 14
Transformer rooms 2-5
Warehouses 2-10 ¢

L“l8'——-———>

Example 2. A warehouse building with di-
mensions as shown is to be ventilated. The
building is 40 ft long. Calculate the required
fan cfm.

Volume A =40 x 18 x 12 = 8640 ft3
Volume B =40 x 18 x 3 =2160 ft3
Building volume = 8640 + 2160 = 10,800 ft>
From Table 11.1, we find that for warehouses
the recommended minutes per air change will

range from 2 to 10. We select a value of 10 and
get
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cfm = 10;?)00 =1080 cfm

The cfm per Square Foot of Floor Area Method

This method of determining air volume (cfm) is sometimes used for large gathering
areas such as auditoriums, restaurants, classrooms, or other areas where more venti-
lation is required. Here, the calculation goes as follows:

Required cfm = floor area (ft*) x cfm per square foot (11.3)

Table 11.2 gives the cubic feet per minute per square foot recommended for various
types of spaces.

Example 3. Calculate the required ventilation air for a large classroom that is 45 ft
wide by 60 ft long. The floor area to be ventilated will be 45 x 60 = 2700 ft2. In accor-
dance with Table 11.2, 2.0 cfm/ft* is recommended for classrooms. From Eq. (11.3),

therefore, we get

Required cfm = 2700 ft* x 2.0 cfm/ft? = 5400 cfm

Note that this is the air volume required regardless of the ceiling height.

Exampled4. The dining room and kitchen area of a restaurant are to be ventilated.
The dining room has a floor area of 950 ft?, while the kitchen has an area of 525 ft°
What is the required cfm? According to Table 11.2, for the dining room, 2.0 cfm/ft? is
recommended, but for the kitchen, 3.0 cfm/ft? is recommended. The total required

cfm, therefore, will be
950 x 2.0 + 525 x 3.0 = 1900 + 1575 = 3475 cfm

Note that the kitchen requires less air volume, despite its higher cfm/ft?, because it
has a smaller floor area.

TABLE 11.2 Cubic Feet per Minute per Square Foot
Recommended for Various Types of Spaces

Type of space Recommended cfm per square foot

Auditoriums 2.0
Auto repair rooms 15
Classrooms 20
Elevators 1.0
Gymnasiums 1.5
Locker rooms 05
Photo dark rooms ‘ 0.5
Public toilets 2.0
Restaurant dining rooms 2.0
Restaurant kitchens 3.0
Retail stores 0.3
Swimming pools 0.5
Warehouses 1.0
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The ¢fm per Occupant Method

This method again (same as method 2) is often used for determining the air volume
(cfm) required for spaces such as auditoriums and conference rooms where large
numbers of occupants can be expected. However, it is also used for smaller spaces
with few occupants, such as hospital rooms, operating rooms, and prison cells. Here,
we calculate

Required cfm = number of persons x cfm per occupant (11.9)

Table 11.3 gives the minimum cubic feet per minute per occupant recommended for
various types of spaces.

Example 5. An auditorium has a seating capacity of 500 persons. On most occasions,
all seats are taken, plus an additional 10 percent of people are standing. How much ven-
tilation is required? Using Eq. (11.4), with 15 cfm per occupant from Table 11.3, we get

Required cfm =550 x 15 = 8250 cfm

Example 6. How much ventilation air is required for a conference room for 30
persons, assuming no other loads except lighting, which may be negligible? Using
Eq. (11.4), with 20 cfm per occupant from Table 11.3, we get

Required cfm = 30 x 20 = 600 cfm

The Minimum Air Velocity Method
For more severe conditions, as encountered in spaces contaminated by fumes or par-
ticulate matter, considerably more ventilation is required, and the minimum air

TABLE 11.3 Minimum Cubic Feet per Minute per
Occupant Recommended for Various Types of Spaces

Type of space Minimum cfip per occupant
Auditoriums, churches 15
Beauty shops 25
Bowling alleys 25
Classrooms 15
Conference rooms 20
Dance halls 25
Dry cleaning plants 30
Hospital rooms 25
Laboratories 20
Libraries 15
Operating rooms 30
Physical therapy rooms 15
Prison cells 20
Public toilets 50
Railroad cars 15
Restaurant dining rooms 20
Restaurant kitchens 20
Retail stores 15
Smoking lounges 60
Supermarkets 15
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i i i ilding i idered to be a

locity method is generally used. In this method, the building is consid |
Y:rge chtangular duct with a cross section equal to 1ts.w1dth W times its height H.
The ventilating air is drawn through this duct at a Ve!ocny V of 150 to 250 fpm. Even
though these are small air velocities, the resulting air volumes are large, due to the

Jarge cross sections. Here we can calculate

Required cfm=Wx HxV (11.5)

g .. . . _ . d. For
buildings up to 100 ft long, a minimum air velocity of V' = 1?0 fpm is use )
gﬁirldings 1(%0 top200 ft long, V' = 200 fpm is used. For longer buildings, V =250 fpm is

used.
Example 7. Let’s consider a laboratory 25 x40 x 10 ft high containing toxic fumes.

The cross section of the building is 25 x 10 ft = 250 ft%. Since the building is only 40 ft
long, we will use an air velocity of 150 fpm. Using Eq. (11.5),

Required cfm = 25 x 10 x 150 = 37,500 cfm

Note: If we were calculating the required Ventilatioq air by method 1 or 2, we wpuld
get much smaller air volumes. For example, the air-change method, even with 1

minute per air change, would give us

_25x40x10

1 =10,000 cfm

cfm
The cfm per square foot method, even using a high 5.0 cfm/ft?, would give us even
less:

25 x40 x 5.0 = 5000 cfm

For contaminated spaces, therefore, the minimum air velocity method is definitely
needed.

The Heat-Removal Method

This method is used whenever the main purpose of the vgntilation is remoYal of
the heat being released into the space. This I_night be heat produced by rpachmery
or simply by occupants, lights, and sun radiation. Here we have to estimate the
British thermal units per hour produced by the various heat sources. We also have
to estimate what the average outside temperature £, and the maximum tolerable
inside temperature ¢, will be. After all these data have been established, we can cal-

culate

Btu/h (11.6)
1.085(t, — t,)

Required cfm =
Example 8. Let’s consider a boiler room, where 200,000 Btu is produged per hour.
The average outside temperature #, is 77°F. The maximum tolerable inside tempera-
ture 1, is 85°F. From Eq. (11.6), we can calculate

200,000

23,041 cfm
1.085(85 - 77)

Required cfm =
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Example 9. Calculate the required ventilation for a classroom 45 ft wide by 60 ft
long, the same as in Example 3, but using the heat-removal method instead of the
floor-area method. This is a large classroom. It can accommodate 180 students, each
being a source of metabolic heat of about 430 Btu/h. The heat gain from maximum
occupancy, therefore, will be 180 x 430 = 77,400 Btu/h. The lights will add another
1000 Btu/h. Assuming a temperature difference of 14°F between the inside and the
outside air, we can calculate, from Eq. (11.6),

. 77,400 + 1000
Required cfm = 085 %14 5161 cfm

This compares with 5400 cfm obtained by the floor-area method, a difference of only
4 percent.

FOUR METHODS TO DESIGN DUCT SYSTEMS
AND TO DETERMINE THE REQUIRED
STATIC PRESSURE

After we have calculated the required air volume for a certain space, by using.one of
the five methods we have described, we now have to design the duct system for dis-
tributing the air to or from several spaces, as desired. We also have to determine the
required static pressure to be produced by the fan. This will be the static pressure,
either positive (for supply) or negative (for exhaust), required to overcome the resis-
tance of the duct system, consisting of a main duct and usually several branch ducts.
Each duct will present some resistance due to friction. Usually there also will be
some additional resistances, such as elbows, hoods, filters, heating and cooling coils,
air inlets, diffusers, dampers, and other possible components. Dampers are a waste of
energy but are needed for balancing the system, i.e., for obtaining the air volume
desired for each space. The fan, therefore, must produce some extra static pressure
so that the balancing can be done by means of the dampers, which will reduce the air
volume to the desired amount in each space. ¢

Four methods are in general use for designing the duct systems and for calculat-
ing the required static pressure. These four methods are

1. Equal friction
2. Velocity reduction
3. Constant velocity
4. Static regain

Which of these four methods should be selected for a specific application will
depend on the circumstances, such as the required number of branch ducts and the
permissible duct velocities. Here we often run into conflicting requirements, since
high air velocities (3000 to 6000 fpm) result in smaller duct diameters (less space and
lower first cost) but at the same time result in higher noise levels and higher static
pressures (higher operating costs). Table 11.4 shows the ranges that are used for the
duct velocities, regardless of which of the four methods is used.

Here are some general guidelines plus examples for the application of the four
methods of designing a duct system and of calculating the required static pressure.
In order to keep the duct friction low, round ducts are best and square ducts are sec-
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TABLE 11.4 Recommended and Maximum Duct Velocities (fpm)

Commercial and
industrial buildings

Residences, schools, theaters,

public buildings High-v—elocity systems
Recommended Maximum Recommended Maximum Recommended Maximum
Main duct 700-1300 1600 1200-1800 2200 2500 6000
Branch ducts - 600-1200 1300 - 800-1000 1800 2000 4500
Filters 250-300 350 300-350 350 350 350
iﬁ:;r;gczlillc: 450-500 600 600 700 600 700
Air washers 500 500 500 500 500 500

ond. If rectangular ducts are used, they preferably should
not be too far from square. We will make our sample cal-
culations for round ducts.

The Equal-Friction Method Air flow
This method is applicable primarily to systems using moderate duct velocities, from
1000 to 2000 fpm, and preferably to layouts where thf: branch dpcts are approxi-
mately symmetrical with respect to air volume and air velocity in corresponding
branch ducts. The method is commonly used for both exhaust and supply systems. It
is called the equal-friction method because the duct dla}meyegs and air velocities are
selected for equal friction per 100 ft of duct length. This friction loss per 100 ft usu-
ally is 0.1 to 0.2 inWC. The larger figure, as mentioned, results in smaller duct diam-
eters and in larger air velocities. The duct diameter D can be calculated from the

following formula:

DS= (Cme)2 (11.7)

where D is the duct diameter in inches, c¢fm is the desired z.lirﬂow in the duct
(either a main or a branch duct), and K is a constant depending on the selected
friction loss F per 100 ft of duct length. The value of K can be taken from Table 11.5

or from Fig. 11.1. )
Equation (11.7) indicates the following:

1. The duct diameter D can be calculated. No cut-and-try method is needed for
determining the value of D.

TABLE 11.5 Constant K of Eq. (11.7) for Various Friction Losses F (inWC)
per 100 ft of Duct Length

F 0 0.1 0.2 0.3 04 0.5 1.0
K 0 1427 2.019 2.474 2.857 3.194 4.517
F 2.0 3.0 4.0 5.0 6.0 7.0
K 6.388 7.823 9.032 10.10 11.06 11.90




11.
10 CHAPTER ELEVEN

15

10 1

0.1 02 0304 06 081.0 20 3.0 40 6 8
F

FIGU . i
RE 11.1 Constant K of Eq. (11.7) versus friction loss (inWC) per 100 ft of duct length
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2. The duct diameter D de i
pends onl t : i i
the selected friction loss F per 100yft0 cr)lf (;’ﬁ)ctv ?errllaglt)llfsn the desired air volume and
3. A' larger air volume obviously will result in
friction loss F per 100 ft of duct len
fore in a smaller duct diameter D.

a larger duct diameter D. A large
! . . T
gth will result in a larger constant K and thegre-

Figure 11.2 shows a line diagram of an exhaust system with eight branch ducts. It

shows the required air volume (cfm) at each air inlet and the lengths of the main

duct and of the branch ducts. Selecti icti i
length.we got froms T st S¢ Kcvgig a friction loss of 0.2 inWC per 100 ft of duct

ue of 2.019. Equation (11.7) now becomes

DS :< cfm \» f
2.019 (11.8)
600 CFM 500 CFM 500 CFM
] s ' 3 600 CFM
Exhaust fan !
Capacity — 4,100 CFM 20" 22' 24
- 0 ' 20
= l ) 20 32 28'
. 8
G |F E|D CB A
20 , 16'
24' 13
p 2
500 CFM .
6 s00ceM ~ *00CFM
500 CFM

FIGURE 11.2 Line diagram for an exhaust system.
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TABLE 11.6 Calculation of Duct Diameters D and Friction Losses F for the Exhaust
System in Fig. 11.2 Using a Friction Loss of 0.2 inWC per 100 ft of Ducting

Duct
velocity . Duct
Duct  Duct pressure Duct Ratio  friction

Duct diameter D (in)
Rounded area A Velocity VP length 12L  joss F

Section cfm D’ Calculated off ()  V(pm) (nWC) L({ft) D (inWC)
A-l 600 88,314 9.8 10 0.545 1100 0.076 20 240 0035
A2 400 39,251 83 8 0.349 1146 0.082 16 240 0038
A-B 1000 245317 12.0 12 0.785 1273 0.101 28 28.0 0.055
C-3 500 61,329 9.1 9 0.442 1132 0.080 24 320 0050
C-4 500 61,329 9.1 9 0.442 1132 0.080 18 240 0037
CcD 2000 981,267 15.8 16 1.396 1432 0.128 32 240  0.060
E-5 500 61,329 9.1 9 0.442 1132 0.080 22 29.3 0.046
E-6 500 61,329 9.1 9 0.442 1132 0.080 24 320 0.050
E-F 3000 2,207,852 18.6 19 1.969 1524 0.145 20 12.6 0.036
G-7 600 88,314 9.8 10 0.545 1100 0.076 20 24.0  0.035
G-8 500 61,329 9.1 9 0.442 1132 0.080 20 26.7 0.042
G-H 4100 4,123,776 21.0 21 2.405 1705 1.181 24 13.7 0.048

From Eq. (11.8), we can calculate the various duct diameters D, as shown in Table

11.6.
Note: Formulas used: D° from Eq. (11.8). D (in) is the fifth root of D3.1f your cal-

culator does not provide a key for this, use logarithms or the data shown in Figs. 11.3

. and 11.4

Once the air -volume and the duct diameter D have been determined, the duct
area A and the duct velocity V can be calculated as follows:

D 2
DuctareaA—(24> b4

f
Duct velocity V = SZHL

. V 2 '
Duct velocity pressure VP = ( 4005>

The duct velocities should be checked against the velocities shown in Table 11.4 to
make sure these calculated velocities conform with the ranges shown. If these calcu-
lated duct velocities should be outside the recommended range, the selected friction
loss F per 100 ft of duct length may have to be revised.

The duct length is taken from Fig. 11.2:

Duct length ~ 12L
Duct diameter D

2
Duct friction F=0.0195 }BILVP



10,000,000 100,000,000

8,000,000 / 80,000,000 /
6,000,000 / 60,000,000 /
4,000,000 / 40,000,000

2,000,000 20,000,000

1,000,000 10,000,000 : ]
800,000 / 8,000,000 /
600,000 / 6,000,000 /
400,000 / 4,000,000

v D3 |
D5

200,000 2,000,000

100,000 1,000,000 /

80,000 ‘ 800,000 /

60,000 / 600,000 /

40,000 / 400,000

20,000 200,000

10,000 100,000

1 2 3 4 6 8 10 20 30 10 20 SO 40

D

FIGURE 113 D’ versus D for the range D =7 to 25 in. FIGURE 11.4 DS versus D for the range D =10 to 40 in.

11.13



11.14 CHAPTER ELEVEN

From the last column in Table 11.6, we now can calculate the static pressure

needed to overcome the friction of the ducts. To do this, we add the duct frictions F

for the various sections of the main duct (A-B, C-D, E-F, and G-H) plus the duct fric-
tion of the most distant branch duct with the largest friction loss (in our case A-2).
This will give us a total friction loss of 0.237 inWC. The other branch ducts join the
main duct at various points and are more or less in parallel with this most distant
branch duct. They are not in series and therefore will not add to the total friction
loss. However, this 0.237 inWC is just the total duct friction. We will have to add the
resistances of the air inlets (about 0.10 inWC) and the elbows (25 to 60 percent of
the VP, depending on the angle and the sharpness of the bend) and provide some
reserve to allow for the losses due to the dampers for balancing (about 0.4 inWC).
Including these additional resistances, the fan will have to deliver 4100 cfm against a

static pressure of approximately 1 inWC. This, then, will be the requirements for
which the fan will be selected.

The Velocity-Reduction Method v TTe—
This method is best suited for sizing the duct
work for supply and exhaust systems with numer-
ous branches of different lengths. In the case of Air flow
supply systems, we first select from Table 11.4 a
velocity for the beginning of the main duct, after the fan outlet. This starting veloc-
ity should be fairly high (as long as it is in the range shown in Table 11.4), because it
will become progressively smaller at the various branch takeoffs. This is the reason
why this is called the velocity-reduction method.

In the case of exhaust systems, the same name is used, even though it really
should be called the velocity-increase method. Here we start out with the selection
(from Table 11.4) of a small velocity for the beginning of the branch ducts and let the
velocities become progressively larger as we move through the duct work toward
the fan inlet.

Again, the friction losses are proportional to the velocity pressures in the duct,
and dampers are used for balancing. Compared with the equal-friction method, the
dampers are even more important in the velocity-reduction method because here
we have less symmetry of the branch ducts, so the dampers will have to do more
adjusting.

Figure 11.5 shows a line diagram for a supply system with eight branch ducts. It
shows the lengths of the main duct sections and of the branch ducts and the required
air volume at each air outlet. Table 11.7 shows the various duct velocities we select
and the duct diameters and friction losses we obtain by calculation.

- The data in Table 11.7 were obtained as follows: The duct velocities V were selected

for a gradual reduction, but in accordance with the ranges shown in Table 11.4.

V 2
loci =\ 2005
Duct velocity pressure VP ( 4005>

cfm
Duct A=—+
uct area v

Duct diameter D = 13.54\VA
Duct length 12L

Duct diameter D
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FIGURE 11.5 Line diagram for a supply system.

12L
Duct friction F= 0.0195—D—VP

‘Duct lengths L are taken from Fig. 11.5.

t column in Table 11.7, we now can calculate the static pressure
neeFdrgéntgkcl)i/;:;)me the friction of the ducts. To do this, we add the duct frclictlo?s. F
for the various sections of the main duct (A-B, C-D, E-E gnd G-H) plus the u;lt r;(;—
tion of the most distant branch duct with the largest friction loss (in our cc;i\s;:'l -9).
This will give us a total friction loss of 0.240 inWC. Again, we have to ac% the re§1s:
tances of the air outlets, the elbows, and the dampers gmd will arrive at a fan require
ment of 6400 cfm against a static pressure of about 1 inWC.

TABLE 11.7 Calculation of Duct Diameters D and Friction Losses F for the Supply
System in Fig. 11.5 Using the Velocity-Reduction Method

Duct
Duct velocity
velocity ~ pressure  Duct

Duct

Duct diameter D (in) Duct Ratio  friction

14 vpP area A Rounded length l2£ %oss F

Section  cfm (fpm) (inWC) (ft?) Calculated off L (ft) D (inWC)
A-B 6400 2000 0.249 3.20 242 24 24 12.0 ggzg
C-D 4450 1800 0.202 247 21.3 21 28 16.0 0.071
E-F 3100 1600 0.160 1.94 188 19 36 22.7 0.028
G-H 1400 1100 0.075 1.27 153 15 24 192 0.023
B-1 1325 1100 0.075 1.20 149 15 20 16.0 0.016
F-7 1000 1100 0.075 0.91 129 13 12 11.1 0‘020
1-2 700 900 0.050 0.78 11.9 12 20 20.0 0.023
D-5 700 900 0.050 0.78 119 12 24 24.0 0.023
6-7 700 900 0.050 0.78 119 12 24 24.0 0.016
F-8 700 900 0.050 0.78 119 12 16 16.0 OAOZO
H-9 700 900 0.050 0.78 119 12 20 20.0 0.020
H-10 700 900 0.050 0.78 119 12 20 200 0.023
D-4 650 900 0.050 0.72 115 12 24 24.0 0.017

B-3 625 900 0.050 0.69 113 11 16 17.5 .




11.16 CHAPTER ELEVEN

The Constant-Velocity Method

This method is used for pneumatic conveying systems v
(supply or exhaust), where higher duct velocities must be
maintained to keep the material (such as sawdust, corn, Air flow
etc.) in suspension. In these systems, there often is only
one duct, but occasionally there are a main duct and one or two branch ducts. The
duct velocities here are much higher, between 3000 and 7000 fpm, depending on the
weight of the material particles to be transported. The duct velocities must be high
enough to prevent the material from settling instead of moving along with the air
stream. A cyclone is often used to separate the material from the airflow before it
passes through the fan and gets damaged. The resistance of the cyclone is consider-
able. It ranges from one to five velocity pressures in the inlet duct to the cyclone.
Table 11.8 shows the duct velocities required for various materials.

Figure 11.6 shows a line diagram for an exhaust system with one main duct and

one branch duct. It shows the lengths of the ducts and the required air volume (cfm)’

at each duct section.

Table 11.9 shows the various velocities we select and the duct diameters and fric-
tion losses we obtain by calculation. As a result of the large conveying velocities, the
friction losses are much higher, too.

The data in Table 11.9 were obtained as follows: The duct velocities V were
selected in accordance with Table 11.8.

V 2
Duct veloci =—=
uct velocity pressure VP ( 200 5)

TABLE 11.8 Material-Conveying Data

Average
Approximate conveying Suction to
weight - velocity pickup
Material (Ib/it%) (fpm) (inWC)
Ashes from coal 30 5500 3.0
Beans 28 6000 4.0
Buffing dust 3700 2.5
Cement 100 7000 5.0
Cork 14 3000 1.5
Corn (shelled) 45 5500 35
Cotton (dry) 5 3500 2.0
Grinding dust 30 4500 2.0
Lime (hydrated) 30 5500 3.0
Malt 35 4800 3.0
Metal turnings 4500 2.5
Mineral wool 12 3500 2.0
Paper cuttings 20 5000 3.0
Rags (dry) 30 4000 25
Saw dust (dry) 12 3500 2.5
Shavings (light) 9 3500 2.5
Shavings (heavy) 24 4000 3.0

Wheat 46 6000 4.0
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C E
Fan capacity )
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FIGURE 11.6 Line diagram for an exhaust system for pneumatic conveying.

fm

C
D A=—0r
uct area %

Duct diameter D = 13.54VA

Duct length L is taken from Fig. 11.6.
Duct length  12L

Duct diameter D

12L
Duct friction loss F = 0.0195—5—VP

From the last column in Table 11.9, we now can again calculate the static pressure
needed to overcome the friction of the duct system by adding the duct friction losses
Ffor the sections A-B and D-E. This will give us a total friction loss of 2.14 inWC. To
this we have to add the resistances of the material pickup (about one velocity pres-
sure), of the elbow (about one-half velocity pressure), and of the cyclone (about
three velocity pressures) and will arrive at a fan requirement of 2000 cfm against a
static pressure of about 6.6 inWC.

The Static-Regain Method Dof
This method has certain advantages when an equal I(Iilautl
. amount of fresh air is to be delivered to numerous ue
spaces, as shown in Fig. 11.7. It is based on the principle Air flow

TABLE 11.9 Selection of Duct Velocities and Calculation of Duct Diameters and Friction
Losses for an Exhaust System for Pneumatic Conveying as in Fig. 11.6

Duct
Duct velocity
Air  velocity pressure  Duct

Duct

Duct diameter D (in) Duct Ratio  giction

volume \4 VP area A Rounded length 120 loss F

Section (cfm)  (fpm) (inWC) (ft?) Calculated off L (ft) D (inWC)
A-B 2000 4000 1.0 0.50 9.6 10 40 48.0 0.94
B-C 1000 4000 1.0 025 6.8 7 28 48.0 0.94
D-E 1000 4000 1.0 0.25 6.8 7 36 61.7 1.20
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of static regain, which was discussed in Chap. 1. Static regain will occur whenever an
airflow slows down. When this happens, about half the difference in velocity pres-
sures is regained as additional static pressure (the other half is lost to friction and tur-
bulence). This lower air velocity may be the result of an expanding cone, as discussed
in Chap. 1. Or it may be the result of a branch duct bleeding off some of the airflow
while the diameter of the main duct remains the same, as will be discussed now.

In the first three methods we described, the diameter of the main duct was re-
duced at each branch duct takeoff in view of the air volume reduction at the takeoff
point. In the static-regain method, the diameter of the main duct is kept constant
throughout its length. This results in a reduction in the main-duct velocity at each
branch takeoff and in a static regain at this point, which in turn is used to overcome
the duct friction in the subsequent main-duct section until the next branch takeoff.
The static pressure at each takeoff point, therefore, will remain about the same.

In the velocity-reduction method, a relatively high air velocity was selected for
the first section of the main duct, and the corresponding duct diameter was calcu-
lated. For the subsequent sections of the main duct, both the duct velocities and the
duct diameters were reduced. In the static-regain method, again, a high duct velocity
is selected for the first section of the main duct, and the corresponding duct diame-
ter is calculated. However, for the subsequent sections, the diameter of the main duct
is maintained, and the duct velocities, therefore, are reduced even more than in the
velocity-reduction method. This increased difference in velocity pressures gives us
more room for static recovery.

Figure 11.7 shows a line diagram for a supply system with five branch ducts. It
shows the lengths of the various sections and the required air volume at each air out-
let. Table 11.10 shows the various duct velocities, the duct diameters, the friction
losses, and the static regains.

The data in Table 11.10 were obtained as follows: The required air volumes were
taken from Fig. 11.7. The duct velocity V for section A-B was selected as 2200 fpm.
The corresponding duct velocity pressure was calculated as

V 2
VP= (4005)

f]
Duct area 4 = CTm f

Duct diameter D = 13.54\V A

Duct length L for section A-B was taken from Fig. 11.7.

1,500 CFM 1,500CFM 1,500 CFM 1,500CFM 1,500 CFM
1 EF 2 3 4% 5

40 40' 40' 40 40'

7,500 CFM _J 6,000 CFM J 4,500 CFM j 3,000 CFM ) 1,500 CEM )
G'AL 3- 8¢ 30"pE 30 Fg 30 g7 30 j

FIGURE 11.7 Line diagram for a supply system with five branch ducts,
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TABLE 11.10 Selection and Calculation of Velocities, Diameters, Friction Losses,
and Static Regains

s Duct ‘ Static
{ocit . . . uc i
Air Duct ;:e;)scur); Duct Duct diameter D () puet Ratio friction regain
volume velocity VP area Rounded length 12L }oss F 1/z AVP
Section (cfm) V (fpm) (inWC) A (ft*) Calculated off Lty D (inWC) (inWC)
3.409 25.0 25 30 144  0.085
A-B 7500 2200 0302 B 0055
0.054
C-D 6000 1760 0.193 00t
0.031
E-F 4500 1320 0.109 0031
0.013
G-H 3000 880 0.048 0018
J 1500 440 0.012 3.409 250 25 30 144  0.003
B-1 1500 800 0.040  1.875 185 19 40 253 0.920
D-2
F-3
H-4
J-5 1500 800 0.040  1.875 18.5 19 40 253 0.020

Duct length 121
Duct diameter D

12L
Duct friction loss F=0.0195 —D——VP

second line (section C-D), we did not select a quct Velogity V, as we did
forliﬁfe tflilfst line (sectio(n A-B), but we kept the same 25-in duct diameter and tge
same 3.409-ft? duct area. From this we calculated the duct velocity V = cfm/A and the
VP = (V/4005)* for the second line. Next, we entered the duct length L and calcu-
lated the duct friction loss F for the second line. We now could calculate the statxc;
recovery (last column) as one-half the difference between tl.le'velocrcy pressures o
line 1 minus line 2. We continued the same way for the remaining three lines.

Now that we have completed the first five lines of Table 11.10, we can calculate the
static pressures available at the various takeoff points along the main duct, tentatively
assuming that the fan will deliver 7500 cfm against a static pressure of 1 inWC.

Point A (past the fan): SP =1.000

Point B (ahéad of branch duct B-1): SP=1.000 - 0.085 =0.915inWC
Point C (past branch takeoff B-1): SP=0.915 +0.055 = 0.970 inWC
Point D (ahead of branch duct D-2): SP =0.970-0.054 = 0.916 inWC
Point E (past branch takeoff D-2): SP=0.916 +0.042 =0.958 inWC
Point F (ahead of branch duct F-3): SP=0.958 -~ 0.031 =0.927 inWC
Point G (past branch takeoff F-3): SP=0.927 +0.031 =0.958 inWC
Point H (ahead of branch duct H-4): SP =0.958 —0.013 = 0.945 inWC
Point I (past branch takeoff H-4): SP=10.945+0.018 = 0.963 inWC
Point J (ahead of branch duct J-5): SP =0.963 —0.003 = 0.960 inWC
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We note that the various static recoveri icti
. ! es tend to make up for the friction loss
- . e
in rgle d}fferent main duct sections. As a result, the static pressure available for ths
airflow into the various branch ducts is almost the same, varying only from 0.916 t
0.960 1nWC, a variation of less than 5 percent. ' ?
Coming back to Table 11.10, we now select a velocity for the five branch ducts

say, 800 fpm, and calculate the remaining data i i
lao We note the folloian g data in Table 11.10 using the same formu-

1. The friction loss Fin each branch duct is only 0.02 i
available static pressure. Y 002 WG, much smaller than the

2. The resistance of the air outlets (0.10 inWC) and i
: . of the elb 0.02 i
will be much less than the available static pressure. ows WO sl

3. No dampers will be needeq, due to the even distribution of the air stream and due
to the almost constant static pressure available at each branch duct takeoff.

4. The tentative estimate of a static i i
tive tic pressure of 1 inWC was on the safe side by f:
A fan delivering 7500 cfm against 1 inWC SP or slightly less will be accepta%()lsr'

CHAPTER 12

AGRICULTURAL
VENTILATION
REQUIREMENTS*

TYPES OF VENTILATION FOR AGRICULTURAL
REQUIREMENTS

The following three types of ventilation are used for agricultural requirements:

1. Ventilation of animal shelters
2. Recirculation of heated air in incubator houses

_ 3. Drying and aeration systems for grain

Ventilation of Animal Shelters

Animal shelters need ventilation, just as buildings occupied by humans, but the ven-
tilation of animal shelters is simpler. It can be accomplished without any duct work.
Direct-drive propeller fans-are mounted in one building wall, as shown in Fig. 3.1.
Evenly spaced fans exhaust air from the building. Openings for the air inlet are pro-
vided in the opposite wall. The required air volume can be calculated by the air-
change method. Table 11.1 recommends 6 to 10 minutes per air change for pig
houses and poultry houses.

Poultry Houses. Poultry houses are usually ventilated by a series of 10- or 12-in
propeller fans with direct drive from a 1/25-hp two-speed motor equipped with ther-
mostats that shut the fan off when the inside temperature drops below 40°F. One
hundred chickens give off about 4 gal of moisture per day plus some ammonia fumes
caused by droppings. The fans remove the moisture and the fumes. As an alternate
method for calculating the required air volume, 2 cfm per bird is recommended, so
500 cfm will take care of 250 birds. The number of birds thus determines the number
and size of propeller fans to be installed. Figure 12.1 shows the outside of a poultry
house; Figure 12.2 shows the inside.

Dairy Barns for Cows. Dairy barns are usually ventilated by one or two propeller
fans with direct drive from two-speed motors, as shown in Table 12.1. Fans will be
selected to exhaust from 40 to 160 cfm per cow, depending on the climate. In regions
with severe winters, 40 to 80 cfm per cow is adequate. Regions with mild winters will
allow 120 to 160 cfm per cow. A thermostat again will provide control of the tem-

* Some of the information presented in this chapter was taken from booklets published by Farm Fans,
Inc., Indianapolis, Indiana, and Chick Master Incubator Company, Medina, Ohio.
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EIGURE 121 Outside of a
discharging airflow.

FIGUR.E 12..2 Inside of a poultry house, showin
exhausting air from the bottom of the poultry house.

perature in the barn. The thermostat is us

generated by the animals is need
of a dairy barn. necdediowa

Incubator Houses for Hatching Eggs

Ipcqbator houses handle 1
cial incubation. Several ax

TABLE 12.1 Required Ventilation for Dairy Barns
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poultry house, showing two exhaust elbows for the

g several hens and an optional vertical duct for

ually set at 50°F. No heat other than
°F. that
rm the barn. Figure 12.3 shows the inside

00,000 eggs and keep them for 18 d
. LS days at 100°F for artifi-
ial-flow fans are located near the ceiling of the incubratlolr

Air volume at

Air volume at

Fan .
diameter (in) Mgtor high speed low speed Numbe
—_— P (1140 rpm) (860 rpm) of cowsr
12 A ——
16 e 980 585 61016
16 14 o 1290 131033
1780 20 to 45
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FIGURE 12.3 Inside of a dairy barh; showing seven cows in their stalls and one exhaust fan in the
wall.

house and blow the warm air down into the center aisle. The air stream then turns
90° to both sides, where the egg carriers are located. It passes through them and
returns to the top of the fans. This flow pattern results in the desired recirculation
and ensures an even temperature distribution for all eggs. Six vaneaxial fans are rec-
ommended because they will produce enough pressure to force the air through the
narrow passages between the egg trays.

Two small openings in the ceiling are pro-
vided to allow the carbon dioxide gas released by
the hatching eggs to escape. Figure 12.4 shows
the inside of an incubator house. Figure 12.5
shows an egg carrier containing 15 egg trays.
There are 18 egg carriers in the incubator house,
9 on each side of the center aisle. The egg carriers
are on wheels so that they can be rolled into the
incubator house and through the center aisle to
their places on each side of the center aisle.

Grain Drying and Aeration Systems

When corn is harvested, it has a moisture con-
tent of 26 to 30 percent. This makes it perish-
able, because if the corn were stored at this high
moisture content, it would soon deteriorate due
to mold growth and insect activity. The shelled
i ) corn (kernels removed from the cob), therefore,
FIGURE 124 Inside view of anincu- s qried by heated air, forced either through a

* bator showing the egg carriers on each large grain drying bin or through a mobile batch

side of the center aisle and some fans at
the top. (Courtesy of Chick Master Incu-
bator Company, Medina, Ohio.)

dryer. Figure 12.6 shows both these structures.
Fan-heater combinations blow the heated air
through the grain until the moisture content is
reduced to about 13 percent. This may take 1 or
2 months in a bin containing large quantities of corn but only a few days in a mobile
batch dryer that handles much less grain. Similar procedures are used for other types
of grain, such as wheat, rice, and soybeans.

After the drying process has been completed, the corn is stored and aerated; ie.,
unheated air is forced through the storage bin, again to prevent mold growth and
insect activity. This aeration process is continued for as long as the grain is stored in
the bin.
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FIGURE 12.5 ‘Egg carrier on wheels, as used in an incubétor.
(Courtesy of Chick Master Incubator Company, Medina, Ohio.)

The airflow is produced by various t i i

ypes of fans, all using direct drive :

fl;fso g);l.}i‘hese fans may ?e tlégeaxial fans (for pressures u%) to3 inWléE): Ei}aiii())(g;
. essures up to 5 inWC), or BI centrifugal fans (f :

inWC). Figure 12.7 shows some vaneaxial fans f. arai ( g, with heaters on the
' . drying, with heat

outlet side and with wheel diameters of 24 in (g 50 tpm). 28 in ¢ e amd 36

( 450 rpm), 28 in (3450 rpm i
(1750 rpm). Figure 12.8 shows a BI centrifugal fan for grain dry(ing Witﬁ w)l“;:gdd?:n?}

FIGURE 12.6 Sketch showing a centrifugal
fan bl_owmg heated air into the bottom section of
a grain I_Jm and three vaneaxial fans blowing
heated air through a batch dryer. (Courtesy of
Farm Fans, Inc., Indianapolis, Ind.)

eters of 20, 24, and 27 in, all running at
1750 rpm. Here the heaters can be
loca.ted either on the outlet side or on
the 1qlet side, since the motor is not in
the air stream. The heaters sometimes
use electric power but more often burn
propane or natural gas. In order to select
the right fan for each application, we
hav_e to know the air volume and the
static pressure required. These data can
be determined from the size of the bin
the depth of the grain in the bin, the type:
and amount of grain, and its moisture
content. Let’s see how this is done.

Deter_mination of the Air Volume
Required for Drying Shelled Corn

Three simple steps have to be taken to
determine the required air volume,

) 1. As a first step, we have to deter-
mine the amount of corn (in bushels) in

AGRICULTURAL VENTILATION REQUIREMENTS 125

Model U1028-B Model U1036-A

Model U524-B tgh e Forbin ot
For bin drying systems. capacity dryer for deeper ‘or bin drying systems.
# 5.7 HF, 24* Diameter, grain depths. © 10-18 HP, 36" Diameter,
3450 RPM # 10-13 HP, 28" Diameter, 1750 RPM
@ 2,000,000 BTU per hour - 3450 RPM 2,500,000 BTU per hour
capacity © 3,000,000 BTU per hour capadity
# Humidistat or thermostat capacif © Humidistat or thermostat
included » Humidistat or thermostat included
# Approximate weight: 320 1bs. included ® Approximate weight: 700 Ibs.
# Magnatic motor control ® Approximate weight: 400 Ibs. @ Magnstic motor control
included & Magnetic motor control included
included
Model U724-B Mode] UL1036-B
For bin drying systems. For higher heat capacity in
© 7.9 HF, 24" Diameter, spegial drying systems.
3450 RPM © 10-16 HP, 36" Diameter,
@ 2,000,000 BTU per hour 1750 RPM
capacil ©4,000,000 BTU per hour
@ Humidistat or thermostat ca)
included  Thermostat included
@ Approximate weight: 350 Ibs. ‘® Approximate weight: 700 Ibs.
' Magnetic motor control Magnetic motor control
included inciuded

FIGURE 12.7 Various sizes of vaneaxial fans for grain dry-
ing. (Courtesy of Farm Fans, Inc., Indianapolis, Ind.)

" the bin. Grain bins are cylindrical in shape. The bin diameters usually range from 18

to 60 ft, but sometimes they are even larger, up to 90 ft. The depth of the grain usually
is between 8 and 60 ft but sometimes is as deep as 100 ft. From the bin diameter and
the grain depth, we can calculate the amount of grain in the bin from the formula

Number of bushels = 0.6313 x (bin diameter)® x grain depth (12.1)

or we can find it from the graphs shown in Figs. 12.9 and 12.10.

\

| FFC-H HEATERS

® Star-Fire Burner for Efficient Combustion.

® Up-Stream Heater for Heat Mixing.

® Available for Propane Vapor, Propane Liquid {with Vapor-
izer), or Natural Gas.

@ Fult Safety Controls, with Burner Shut-down Ftame Failure
Control.

® Heater Control by Humidistat or Thermostat.

® Direct Fired Heater for Mounting on
Centrifugal Fan Inlet.
# Full Electric Ignition.

& includes Humidistat or Thermostat. @ Transition and Collar Available.

HEATER USE WITH HEATER BURNER TRANSITION
MODEL NUMBER FAN MODEL NO. DIAMETER CAPACITY NUMBER
FFC-H20B FFC-520B 20" 760,000 BTU/Hr, T20-CB
FFC-H24B FFC-10248 24" 1,500,000 BTU/Hr. T24-CB
FFC-H24B FFC-15248 24" 1,500,000 BTU/Hr. T24-CB
FFC-H278 FFC-20278 28" 2,000,000 BTU/Hr. T27-CB

FIGURE 12.8 BI centrifugal fan for grain drying, with the heater on the inlet
side and the transformation piece on the outlet side. (Courtesy of Farm Fans,

Inc., Indianapolis, Ind.)
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2. The second step is to determine the required air volume per bushel, which

depends on the moisture content of the corn. The graph in Fig. 12.11 shows that the
minimum required air volume per bushel for shelled corn varies from 5 cfm (for 30
percent moisture) down to 1 cfm (for 22 percent moisture). Please note that these
are minimum values.

3. Asa third step, we multiply the number of bushels (from item 1) by the air vol-
ume per bushel (from item 2). This gives us the total air volume required.

The bins then have a storage capacity of 1600 to 500,000 bushels (1 bushel equals
1.244 ft°). The air (heated or unheated) is blown into a low space between the floor
of the bin and a perforated partition about 12 to 15 in above the floor. From this

space, the airflow passes through the perforated partition and up through the grain,

finally leaving through some openings at the top of the bin.
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FIGURE 129 Number of bushels in bins versus bin diameters (up to 40 ft) for various grain depths.
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FIGURE 12.10 Number of bushels in bins versus bin diameters (up to 90 ft) for various grain
depths.

N
O
N
\\
~

-

Number of bushels in bin

The amount of heat depends on the size of the bin (or batch dryer), on the type
of grain, on its moisture content, and on the relative humidity of the air. When air is
heated, it becomes dryer; i.e., its relative humidity is lowered. The amount of heat
required varies from 0.75 to 5 million Btu per hour. The temperature rise at the
heater outlet is between 70 and 150°F, but as the air stream passes through the grain,
the temperature drops rapidly. In other words, the drying is done primarily by the air
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Recommended CFM per bushel

0 5 10 15 20 25 30
Moisture content of corn (%)

FIGURE 12.11 Recommended minimum air volume (cfm) per bushel for shelled corn of 20 to
30 percent initial moisture content.

stream having a lower humidity than the grain. The amount of air is the important
parameter.

Determination of the Static Pressure Required

The static pressure needed to force the air stream through the grain depends on the
depth of the grain in the bin, the air volume per bushel, and the type of grain. Figure
12.12 shows the relationship for shelled corn. You will notice that for 2 cfm per

“bushel, the static pressure rises from 1.3 inWC for 8 ft of depth to 6.3 inWC for 16 ft
of depth. In other words, as you double the depth, the static pressure needed
becomes 4.8 times as high, as shown by the parabolic curves in Fig. 12.12. These
parabolic curves may be surprising at first glance. As the grain depth doubles from 8
to 16 ft, you would not expect the static pressure to become 4.8 times as high but
only 2 times as high. This would be true if the total air volume through the grain were
to remain the same, regardless of the depth. However, the total air volume does not
remain the same, the air volume per bushel remains the same. If the grain depth is
doubled from 8 to 16 ft, more bushels are added; in fact, the number of bushels is
doubled. Thus, if the air volume per bushel remains the same, the total air volume
and the air velocity through the grain are doubled, too. The static pressure required
to force this doubled air volume through the grain, therefore, will more than double,
as shown by the parabolic curves in Fig. 12.12.
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FIGURE 12.12  Static pressure versus depth of shelled corn for various air volumes per bushel.

Selection of the Proper Fan

After the required air volume and static pressure have been determined, the proper
fan now can be selected. Table 12.2 shows the performance for the four vaneaxial
fans, and Table 12.3 shows the performance for the four BI centrifugal fans, as men-
tio(lileg previously. The corresponding performance curves are shown in Figs. 12.13
and 12.14.
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TABLE 12.3 Performance of BI Centrifugal Fans for Grain Drying
. § § § § Model Wheel Air volume (cfm) at indicated static pressure (inWC)
RS =) number diameter (in) 1 2 3 4 .5 6
— FFC-520B 20 8,300 7,500 6,600 5,100 2,000 —
g FFC-1024B 24 13,600 13,000 12,000 11,000 10,000 8,500
I FFC-1524B 24 16000 15100 14200 13,100 11,800 10,000
RSN N § ) FFC-2027B 27 18800 17,900 17,000 16000 15000 13,700
= — B -
% Source: Courtesy of Farm Fans, Inc., Indianapolis, Ind.
bl
o |sgss . o
Eien| AR == Example 1. Suppose we have a 30-ft-diameter bin with a 15-ft depth of shelled
k2 Toox corn with a moisture content of 22 percent. From Fig. 12.11, we know that a mini-
3 mum of 1 cfm per bushel is required. From Fig. 12.9 or Eq. (12.1), we find that this
3 bin contains a total of 8520 bushels. At 1 cfm per bushel, we need 8520 cfm. From Fie.
= o . . . . p . g
El«B288 12.12, we find that it requires a static pressure of 2.0 inWC to move 1 cfm per bushel
B > 0 A O A .
5|V | dseg through the 15 ft of depth. We therefore need a fan to deliver 8520 cfm against a
) static pressure of 2.0 inWC. From Table 12.2 or Fig. 12.13, we find that Farm Fans
k2 ~makes a 24-in vaneaxial fan with direct drive from a 5- to 7-hp, 3450-rpm motor that
2 2888 will deliver 9600 cfm against a static pressure of 2.0 inWC, about 13 percent more
ERES R AR than required. Since the bin contains a total of 8520 bushels, we will provide 1.13 cfm
4 A per bushel. We will exceed the required minimum and are on the safe side.
f]
< Example 2. Suppose the 15 ft of corn in our 30-ft-diameter bin has a 23 percent
RS . . .. . .
LIEIIS (instead of a 22 percent) moisture content, requiring a minimum of 1.5 cfm per
“ledey
5 N
g =E=F=) N )
B N\
| |-E888
. =R S
g . . 4 5
\ ‘ (2 E QOO E ™
e ARl —
P Sl - I 3
© S =
£ 3 ;
g . z 1 %
| 2 g g ° N
S| 68 33885 z &
z g & L » TS
5] =) & a2 e N 4?1
[ © uo‘ A 4
2 E - . 2
g = S Ty 9
g o Z Z 6
|l =92%%| 7 & \%
5 bheldd| 8 1 @
A A - &
N S ‘?6 X
& g ‘
o | 3233238 . N
= 9 : -
3| EEIRREZ|S 0 2 4 6 8 10 12 14 16 18 20 22 24 26 28 30
L | =22|/RP~5 5 1,000 CFM

FIGURE 12.13 Performance of four sizes of vaneaxial fans. (Courtesy of Farm Fans, Inc., Indi-
anapolis, Ind.)
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FIGURE 12.14 Performance of four sizes of BI centrifugal fans. (Courtesy of Farm Fans, Inc.,
Indianapolis, Ind.)

bushel or a total of 12,780 cfm. From Fig. 12.12, we find that this will require a higher
static pressure of 3.6 inWC. From Table 12.2 or Fig. 12.13, we find that the 28-in
vaneaxial fan at 3450 rpm with the 10- to 13-hp motor will deliver 13,600 cfm against
a static pressure of 3.6 inWC, slightly (6 percent) more than the required minimum.
From Table 12.3 or Fig. 12.14, we find that we also could select the 24-in BI centrifu-
gal fan at 1750 rpm with a 15-hp motor. This fan would deliver 13,550 cfm against a
static pressure of 3.6 inWC, almost the same as the 28-in vaneaxial fan. We probably
will prefer the 24-in BI centrifugal fan because it will be quieter owing to the 1750
1pm instead of 3450 rpm. Earlier we explained that centrifugal fans are used for the
high-pressure applications, and this is generally true. Here, however, we find that a
pressure requirement that is too high for a vaneaxial fan is not the only condition
where a centrifugal fan is preferable. :

Conclusion

Bins of larger diameters require more air volume. Higher moisture content will
require more air volume and also higher static pressure. Greater grain depth will
require a higher static pressure as well as more air volume.
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CHAPTER 13
CROSS-FLOW BLOWERS

REVIEW

In reviewing some of the past chapters, we note the following: Chaps. 4,7, 9, and 10
discussed axial-flow fans, centrifugal fans, axial-centrifugal fans, and roof ventilators.

" These are the types of fans that are used in large ventilating systems, as described in

Chap. 11.

IF you will Jook at Chap. 3, which contained a short description of the different
types of fans, you will notice that there are two other types of fans left: cross-flow
blowers and vortex blowers. These two types cannot handle the large air volumes
needed in large ventilating systems, but they are good solutions for certain special
applications. We will discuss the cross-flow blowers in this chapter and the vortex
blowers in Chap. 15.

- FLOW PATTERN AND APPEARANCE

In the cross-flow blower, as mentioned in Chap. 3, the airflow passes twice through
FC blading, first inward and then outward, as shown in Fig. 3.29. One might question
how this is possible, and if it is possible, why the same thing does not happen in reg-
ular FC fan wheels having about the same blading. In order to explain this seeming
inconsistency of inward and outward flow, let us analyze the pattern of airflow
through a cross-flow blower, as shown in Fig. 13.1. We start with the outward airflow.

FIGURE 13.1 Schematic sketch of a cross-flow
blower showing the airflow lines through the unit.

13.1
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The air stream leaves the blade tips and flows through the scroll housing outlet,
the same as in a regular FC fan unit. This produces a negative static pressure inside
the fan wheel. This negative static pressure requires replacement of the air leaving the
housing outlet. In a regular FC unit, with single or double inlet, this air is replaced by
the airflow entering axially through the inlets on one or both sides. In the cross-flow
blower, however, these inlets are closed. The negative static pressure inside the fan
wheel, therefore, tries to pull in some air from another inlet. This other inlet is pro-
vided by an opening in the housing scroll, as shown in Fig. 13.1. This opening is less
than 90° apart from the housing outlet, and it extends all the way across the unit, the
same as the housing outlet. Since the FC blades are forwardly inclined, they help push
the air stream inward, even though centrifugal force does not support them in this
endeavor (in fact, it tries to prevent it), but the negative pressure inside does.

This simple explanation can be further illustrated by a detailed description of the
flow lines across the fan wheel from the inward flow to the outward flow, as shown
in Fig. 13.1. These flow lines are not straight, but they are curved as shown. The air-
flow enters the housing inlet and the fan wheel radially inward and then is deflected
by the blades in the direction of the fan rotation. Next, the curved flow lines pass
across the inside of the fan wheel, toward some blades near the housing outlet,
where they are again deflected in the direction of the fan rotation and leave the unit
through the housing outlet.

The diameter ratio d,/d, is between 0.7 and 0.8, compared with 0.75 to 0.90 for
regular FC wheels. In other words, the cross-flow blower blades tend to extend far-
ther inward.

Figure 13.2 shows a typical cross-flow blower. You will notice the large inlet area
located close to the outlet area, giving the airflow ample space (more than 180°) to
pass through the fan wheel.

Figure 13.3 presents a schematic sketch, giving the principal dimensions for a typ-
ical cross-flow blower with a 3-in wheel outside diameter and 28 FC blades. The
dimensions for other sizes will be in geometric proportion.

FIGURE 13.2  Cross-flow blower showing the closed hous-
ing ends and the large housing inlet at the blade tips.

13.3

CROSS-FLOW BLOWERS

2‘3/16

% 30D.———»

FIGURE 13.3 Schematic sketch of typical cross-flow blower with 28 blades and a 3-in outside
diameter.

PERFORMANCE OF CROSS-FLOW BLOWERS

* Figure 13.4 shows in solid lines the peffonﬁance for this 3-in cross-flow blower with

an 11-in blade width. For comparison, the performance for a regular 3-ig FC cen-
trifugal fan is plotted in dashed lines. This comparison indicates the following:

1. The maximum static pressure produced is the same for both fans. (Some manu-
facturers claim a higher static pressure for the cross-flow blower.)

2. The cross-flow blower delivers more air volume because of its larger blade width,
but the air volume per inch of blade width is considerably smaller for the cross-
flow blower.

3. The maximum efficiency is much lower for the cross-flow blower. This is due to
the airflow passing through the blading twice, with each pass producing abrupt
changes in the direction of the airflow, resulting in turbulence.

ADVANTAGES AND DISADVANTAGES

Summarizing, we can say that the cross-flow blower has the following two ad-
vantages:



134 . CHAPTER THIRTEEN

L

N

60

L
(=)

N
(o]

W
S

Mech. efficiency (%)

Y
=)
[\
(=]

Static pressure (in. wGC)

e
n

10.10

BHP

NHo0.05

0 100 200 300
CFM

F.IGURE 13.4 Comparison of performances for two units with 3-in wheel diameters run-
ning at 3500 rpm (solid lines: cross-flow blower per Fig. 13.3, 11-in blade width: dashes: typ-
ical FC centrifugal fan, 1.8-in blade width).

¢

A long and narrow outlet area, which can be a desirz;ble feature for such applica-
tions as air curtains, dry blowers in a car wash, hand dryers, electric heaters, elec-
tronic cabinets, room air conditio ers, automotive air conditioners, and copy
machines : :

On the other hand, the cross-flow blower has the following four disadvantages:

For most ventilating applications, the geometric configuration is not suitable.

The efficiency is low. The maximum efficiency usually is between 35 and 45
percent.

The structural strength is low; thus the maximum permissible tip speed is limited.

The manufacturing cost is relatively high due to difficulties in assembly and
balancing.

CHAPTER 14

FLOW COEFFICIENT AND
PRESSURE COEFFICIENT

REVIEW

The fans we have discussed thus far can be divided into three basic groups: axial-
flow fans, centrifugal fans (including axial-centrifugal fans), and cross-flow blowers,
Roof ventilators are not basically different; they also can be classified as either axial-
flow or centrifugal fans.

TWO METHODS FOR COMPARING

PERFORMANCE
-_—

If we want to compare the performance of different types of fans with regard to air
volume, static pressure, and so on, we can convert their performances to the same
wheel diameter and speed and plot the resulting performance curves in a combined
graph. This is a simple and perfectly acceptable method of comparison, and we have
used this method in several graphs so far in this book.

Another method that is sometimes used for comparing performances of different
fan types is to derive two dimensionless coefficients from the air volume and static
pressure at the point of maximum efficiency and for standard air density, one for

flow and one for pressure. Greek letters are used as symbols for these two coeffi-

cients: ¢ for the flow coefficient and y for the pressure coefficient. These two coeffi-
cients preferably should be functions of only four variables: the wheel diameter D in
inches, the fan speed in revolutions per minute, the flow rate in cubic feet per
minute, and the static pressure in inches of water column.

Both these methods are accurate, except for minor deviations due to the size
effect, mentioned on page 5.5.

Pressure Coefficient

The pressure coefficient y can be calculated from the following simple formula:

_239x10°x SP

Do pm (14.1)

This formula actually is a function of only D, speed (rpm), and static pressure, as
desired, and it can be used for any type of fan.

14.1
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Flow Coefficient

Determination of the flow coefficient ¢ is more complicated. For centrifugal fans, ¢
depends only on D, speed (rpm), and air volume (cfm), but for axial-flow fans, [0}
depends also on the hub-tip ratio d/D, and for cross-flow blowers, ¢ depends also on
t}}e blade width b. This means that three different formulas are needed for the three
chfferent fan types. Obviously, this makes the comparison more difficult than in the
simple method of conversion to equal size and speed.

For axial-flow fans, the formula for the flow-coefficient ¢ is

cfm
=K
) D x rpm (14.2)
where thf:i constant K depends on the hub-tip ratio d/D. This is shown in Fig.14.1.As
the hub-tip ratio increases, so does the constant K and the slope of the curve.
For centrifugal fans, the formula for the flow coefficient ¢ is simply
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694 x cfm
~Dixrpm (143)

For cross-flow blowers, the formula for the flow coefficient ¢ is

_ 550 xcfm 14.4
" D*x b xrpm (14.4)

where b is the long axial width of the blades.
The coefficients for flow and pressure are a representation of the fan design,

regardless of size and speed. If the performance is converted by the fan laws to a dif-
ferent size and speed, the coefficients ¢ and y will remain the same.

Examples

Let us calculate the flow coefficient ¢ and the pressure coefficient  for some of the
fans we have discussed in previous chapters.

Example 1. We start with Fig. 6.6, showing the performances for three fans a, b,
and c.

(a) Let us first analyze the performance of the lower-pressure 29-in vaneaxial
fan at 1750 rpm with a hub-tip ratio d/D of 0.52. At the point of maximum efficiency,
this fan delivers 10,880 cfm at a static pressure of 2.1 inWC. From Fig. 14.1, for d/D
=0.52, we get a constant K of 955. The flow coefficient then will be

10,880
0=955>

2% 1750 - 0243

and the pressure coefficient will be

_239x108x 2.1

2P <1750 - 019

(b) The other 29-in vaneaxial fan (for the higher SP) also runs at 1750 rpm, but
the hub-tip ratio is 0.68. At the point of maximum efficiency, it delivers 8600 cfm at
a static pressure of 3.4 inWC. For d/D = 0.68, we get a constant K of 1270 and a flow

coefficient of

8600
0=1270 3P <1750 = 0.256

The pressure coefficient will be

 2.39x108x 3.4

221750 - 0316

Note that the pressure coefficient for the second fan is larger than that for the
first fan due to the larger static pressure of the second fan. Note also that the flow
coefficient for the second fan is slightly larger than that for the first fan, even though
the air volume for the second fan is smaller. The reason for this is that the larger hub-
tip ratio of the second fan results in a larger constant K. In other words, the flow
coefficient ¢ is not simply a measure of the air volume but is a measure of the axial
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air velocity through the annular area between hub and tip. Thus, for a larger hub-tip
ratio, the annular area becomes smaller, the air velocity becomes larger, and this
tends to make ¢ larger, even if the air volume is somewhat smaller.

(¢) Next, welook at the third curve in Fig. 6.6, showing the performance of a 15-
in mixed-flow (axial-centrifugal) fan at 3500 rpm. At the point of maximum effi-
ciency, this fan delivers 3400 cfm at a static pressure of 6 inWC. The flow coefficient
will be

694 x 3400
¢ =15 x 3300 ~ 0200
and the pressure coefficient will be
2.39x 108
= ZXA9 X6 590

157X 3500°

Note that the pressure coefficient v of the axial-centrifugal fan is much larger than

that for either of the two vaneaxial fans, even though all three fans have approxi-
mately the same tip speed. This could be expected, since centrifugal fans (even axial-
centrifugal fans) will produce higher static pressures, even at the same tip speed.

Note also that the flow coefficient of the axial-centrifugal fan is somewhat
smaller than that for either of the two vaneaxial fans, but it is not as much smaller as
could be expected in view of the much smaller air volume (only 3400 cfm instead of
8600 or 10,880 cfm). This small, but larger than expected, ¢ for the axial-centrifugal
fan is caused by the much smaller size (only 15 in instead of 29 in). The purpose of
Fig. 6.6 was not to compare fans of equal size and speed but to compare vaneaxial
fans with an axial-centrifugal fan of about equal tip speed.

Example 2. Now we look at Fig. 7.30 showing four static pressure curves for cen-
trifugal fans, all converted to 27-in wheel diameters and running at 1140 or 570 rpm.
Let’s select a point on each curve that is close to the maximum efficiency and calcu-
late the flow and pressure coefficients for each of these four points.

(a) The FC fan at 1140 rpm delivers 24,000 cfm at a static pressure of 7.9 inWC.
The flow coefficient will be

694 x 24,000

= im0~ 072

and the pressure coefficient will be

_239%x10°x 7.9

x4 -

(b) The FC fan at 570 rpm delivers 12,000 cfm at a static pressure of 1.98 inWC.
The flow coefficient will be
694 x 12,000

0= s =074

and the pressure coefficient will be

~ 239x108x1.98

72xsme - 200
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As mentioned previously, the two coefficients for a fan will remain the same, regard-

f the speed. ' ‘
less(f) The II;I fan at 1140 rpm delivers 6000 cfm at a static pressure of 3.9 inWC.The

flow coefficient will be
694 x 6000

=—————=0.186
27°x 1140

and the pressure coefficient will be

- 8
_ 239%x10°%x3.9 0,984
27* x 11407
Note that for the BI fan, both coefficients are much smaller than for the FC fan (but,
as mentioned previously, the efficiency is higher for the BI fan). .
(d) The RT fan at 1140 rpm delivers 7000 cfm at a static pressure of 4.8 inWC.

The flow coefficient will be
694 x 7000

=————=0217
¢ 27° x 1140 0

and the pressure coefficient will be

3
_ 2.39x10°x4.8 — 1211
27% x 1140°
Note that for the RT fan both coefficients are larger than for the BI fan but still far

below those of the FC fan.

i wi i one for
E. le 3. We now look at Fig. 9.4, showing three static pressure curves,
a{glnétxial fan and two for centrifugal fans, all converted to 27 in and 1750 rpnil.
Again, we will select a point close to the maximum efficiency on eaph curve and cal-
culate the flow and pressure coefficients for each of these three points.

(a) The 27-in vaneaxial fan at 1750 rpm delivers 11,500 cfm at a static pressure of
2.56 inWC. With a hub-tip ratio of 0.618, we get a constant K of 1120 and a flow coef-
ficient

1120 x 11,500

=0.374
27°x 1750

The pressure coefficient will be
2.39%x 108 x2.56

=—————=(.274
27* x 1750?

(b) The 27-in axial-centrifugal fan at 1750 rpm delivers 11,000 cfm at a static
pressure of 6.02 inWC. The flow coefficient will be

_ 694 x 11,000 —0222
27 x 1750
and the pressure coefficient will be
8
_ 2.39 x 10% % 6.02 0.644

27* % 17507
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(¢) The 27-in airfoil centrifugal fa i
pressure of 7.4 inWC. The flow c%effic?er?tt \iﬁ%épm fetivers 11,000 cfm at a sati

6= 594 11,000
2Px1750 0222

and the pressure coefficient will be

- 239x10°x 7.4

X175 0792

E . ,

foia:l?fifg %C gﬁt??frlv gl;gloflz ztalfllg. 13.4,fshow31ng two sets of performance curves one
one 1or a 3-in cross-flow blo in

(?;500. 1pm. The FC fan has a blade width of 1.8 in, and the crozz?trl,oboi)lll Jwer hes a

onsiderably larger blade width of 11in v roverhasa

(@) At the point of maximum effici
R . .
pressure of 0.90 inWC. The flow coefficielxllct:}zvgﬁ%f © fan delivers 94 cfm @ state

_ 694 %94
3¥x3500 0690

and the pressure coefficient will be

¢

_ 2.39x10°x 0.90

Ve G50 = 1951

(b) At the point of maximum effici
i i€ - i
at a static pressure of 0.69 inWC. The ﬂorvlvcz’()tehfii:::ire?lsts vall(ﬁ“é: fower delivers 240 cfm

o= 350240
3?x11x3500 ~

and the pressure coefficient will be

_239%10°x0.69
3*x35000

0.381

Note that the two coefficients for th
: FC fan are close to th i
the FC fans in Example 2. Note a] y costticiont for gp2ined for
fans . so that the pressure coefficie t
Bi)ov:vg is sllghtly lower than that for the FC fan. The flow coefgcife(ilrttz)i iL(ZSS-ﬂOW
ower 1s smaller than that for the FC fan, despite the much larger blade 3;%53;

because as mentioned pr Vi (-] a.ll V()[ullle I)e \%%
s € Ousl 5 th i i
| . T lnCh Of blade ldth 1S Sma”er

COMPARISON OF COEFFICIENTS FOR VARIOUS

el A

Tab i i

cedifglet;li nslh?ws 13 comparison of the various coefficients we obtained in the pre-

o cxan ;)wes. f(;tg that the largest coefficients are obtained with FC fans (atpthe
er eificiency). The lowest pressure coefficients are for vaneaxial fans
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TABLE 14.1 Comparison of Flow and Pressure Coefficients
for Various Types of Fans

] Blade . Flow Pressure
Example Type Hub-tip  width coefficient coefficient

no. of fan ratio (in) 0 s

la VAF 0.52 0.243 0.195
1b VAF 0.68 0.256 0.316
1c Axial-centrifugal 0.200 0.520
2a FC centrifugal 0.742 1.99
2b FC centrifugal 0.742 2.00
2c BI centrifugal 0.186 0.984
2d RT centrifugal 0.217 1211
3a VAF 0.62 0.374 0.274
3b Axial-centrifugal 0.222 0.644
3¢ Airfoil centrifugal 0.222 0.792
4a FC centrifugal 0.690 1.95
4b Cross-flow 11 0.381 1.50

(which have high efficiencies). The cross-flow blower has the second highest pres-
sure coefficient and the RT centrifugal is third.

PLOTTING vy VERSUS ¢ INSTEAD OF STATIC
PRESSURE VERSUS AIR VOLUME

Review

Table 14.1 listed the coefficients ¢ and y that we obtained at the point of maximum
efficiency for various types of fans, such as vaneaxial fans, centrifugal fans (BI, RT,
FC), axial-centrifugal fans, and cross-flow blowers. By comparing the values of these
coefficients, we can judge the relative potentials of these fan types regarding air vol-
ume and static pressure. Going one step further, we can get an even better insight if
we calculate ¢ and y not only for the point of maximum efficiency but also for a
number of points on the performance curves and then plot y versus ¢ instead of
static pressure versus air volume. This has been done in Fig. 14.2, which was derived

from Fig. 6.6.

Comparison of the Two Graphs

In comparing the two graphs of Figs. 6.6 and 14.2, we find some similarities and some
dissimilarities between them. Let’s analyze them in detail. As in Table 14.1, we will
call the 52 percent vaneaxial fan fan la, the 68 percent vaneaxial fan fan 1b, and the
axial-centrifugal (mixed-flow) fan fan Ic. Here are two similarities:

1. The three fans have maximum pressure coefficients that are almost in proportion
to the maximum pressures.
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4. The pressure curve of the mixed-ﬂqu{ fan intersects both vaneaxial fa}ns in thte
stalling range, but the pressure-coef_ﬁaent curve of the mixed-flow fan 1nteri7el§ ;
the 68 percent VAF in the operating range; it intersects the 52 percent
nowhere, since it is above it over the entire range.

0.8 —

CTT T T T T
15"Mixed-flow fan,

3500 RPM, 5 HP motor
‘ |

: 29"Vaneaxial fan,
| ,68% Hub-tip ratio,
7" 1750 RPM, 714 HP motor |

T RR
| 29"Vaneaxial fan,
52% Hub-tip ratio —

(| %/ 1750 R'PM, 7Y HP motor _|
N '._. { | i

Summary

ing static pressure versus air volume provides the? performance for a specific fan
gé(s)glrlllgt a cerﬁain size and speed. Plottipg V versus ¢ is more general. It provﬁles :lhfe_
performance for a line of fans of a specific de§1gn. In other words, as long aS‘ll e 11
ferent sizes of a line are in geometric proportion, the graph of V versus ¢ will apply
to all sizes of the line (with some minor inaccuracies due; to the size effelgt).
If a graph of v versus ¢, such as shown in Fig. 14.2, is given for the line, we can

- i i d d simply by solving Eqgs. (14.1) through
the performance for any size and spee simply by ;
o ?164n§ for zliair volume or static pressure and insertmg_ the desired values for D and
speed for a number of points. These equations then will become

Dixapmixy (14.1a)

P = 3010

0.2 3
ofm =2 XIPMX0 (1424)
K

D? x rpm x

cfm =——6§4—9 (14.3a)
0 e
D?>x b x rpm X ¢ (14.40)
Cfm = T

FIGURE 14.2 Pressure coefficient W versus flow coefficient ¢ for the three fans of Fig. 6.6.

¢

2. The shapes of the pressure-coefficient curves are quite similar to the shapes of
the pressure curves,

Here are four dissimilarities:

1. While the air volumes at free delivery are spread out over a wide range, the flow
coefficients at free delivery are close to each other.

2. The air volumes at free delivery follow the sequence ¢, b, and a (mixed-flow fan
smallest, 68 percent VAF in the middle, 52 percent VAF largest). For the flow
coefficients, however, the sequenceisa, ¢, and b (52 percent VAF smallest, mixed-
flow fan in the middle, 68 percent VAF largest).

3. For the two vaneaxial fans, the two pressure curves intersect in their operating
ranges, but the two pressure-coefficient curves do not intersect in the operating
range. The 68 percent vaneaxial fan has larger ¢ values than the 52 percent
vaneaxial fan in the entire operating range, and even quite a bit beyond, due to
the fact that the ¢ values are a measure of the axial air velocity through the annu-
lar area, as mentioned previously.




Sl R R

CHAPTER 15
VORTEX BLOWERS

REVIEW

Chapter 3 presented some short descriptions of the different types of fans. Chapter
13 pointed out that among the different types of fans, there are two special types that

~ cannot handle the large air volumes needed in large ventilating systems but which

are good solutions for certain special applications. These two special types are the
cross-flow blower and the vortex blower. The cross-flow blower was discussed in
detail in Chap. 13. The vortex blower will be discussed in this chapter.

FLOW PATTERN AND APPEARANCE

In the vortex blower, as illustrated in Fig. 3.30, the air enters through an inlet pipe
and leaves about 330° later through an outlet pipe, with a separator baffle between
inlet and outlet to prevent a short circuit. During these 330°, the air circles around
in a torus-shaped space. On one side of the torus are the rotating fan blades, throw-
ing the air outward, as is normally done in a centrifugal fan. The other side of the
torus guides the airflow back inward so that it must reenter at the leading edges of
the rotating blades. In this way, the air passes through the rotating fan blade sec-
tion 8 to 16 times for each revolution. As a result, the pressure produced is very
high, as if it were a multistage centrifugal fan, but the unit is considerably more
compact than a multistage centrifugal fan. This, of course, is a great advantage in
many applications. .

The disadvantage of the vortex blower is its low efficiency (about 30 percent
maximum), caused by much turbulence as the airflow rotates in the torus. Because
of the low efficiency, a large motor horsepower is required. The vortex blower,
therefore, is used in applications where compactness is more important than fan
efficiency.

PRINCIPAL DIMENSIONS
OF THE VORTEX BLOWER

The ratio of the torus diameter to the wheel diameter usually is between 0.22 and
0.30. The inlet and outlet pipes have an inside diameter about one-half the torus
diameter. The number of blades can be from 18 to 42, depending on the shape of the
blades. Some designs use axial-radial blades; this requires many blades. The blades,
however, can be tilted (as in an axial-flow fan) to deflect the air toward the other
side of the torus; this will be more expensive in production, but the number of blades
then can be reduced.

15.1
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PERFORMANCE OF THE VORTEX BLOWER

Figure 15.1 shows the performance of a typical vortex blower. Note the following
four features: low air volume, high static pressure, nonoverloading BHP curve, and
low mechanical efficiency.
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FIGURE 15.1 Performance curves for a typical vortex blower, 11-in wheel diameter, 3500 rpm.

In view of the high static pressure, it would be interesting to compare this perfor-
mance with that of another high-pressure fan. Thus we select the four-stage turbo
blower of Fig. 7.42 and convert its performance curves to 11-in wheel diameter and
3500 rpm, the same as for the vortex blower. This comparison is shown in Fig. 15.2.
_In order to get it on a graph, we had to compress the air volume scale. This compar-
ison indicates the following:

1. The vortex blower delivers less air volume but produces a higher static pressure
than a four-stage turbo blower of equal wheel diameter and speed.

2. The vortex bloyver will only need a 1-hp, 3500-rpm motor, while the four-stage
turbo blower will require at least a 2-hp, 3500-rpm motor due to the much larger
air volume and an overloading BHP curve.

3. The vortex blower has a maximum efficiency of 30 percent, compared with 52
percent for the four-stage turbo blower.

4. g‘lhe vortex blower obviously will be more compact than the four-stage turbo
ower.

VORTEX BLOWERS 15.3
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FIGURE 15.2 Comparison of performance curves for two fans, 11-in wheel diameter, 3500 rpm
(solid lines: vortex blower of Fig. 15.2; dashes: four-stage turbo blower of Fig. 7.42 converted to 11-

in wheel diameter and 3500 rpm).

These are our observations in comparing the vortex blower with a turbo blower.
We should mention, however, that the vortex blower is sometimes compared with
positive-displacement compressors, such as reciprocating pistons, rotary vanes,
lobed rotors, and screw types. In such comparisons, the vortex blower delivers more
air volume, produces less static pressure, and consumes less BHP. You might say that
the performance of the vortex blower is between that of the multistage turbo blower
and that of the positive-displacement compressor. '

Please note that both Figs. 15.1 and 15.2 show the performance for blowing, i.e.,
with all the resistance on the outlet side. For exhausting, the negative suction pres-
sure will be somewhat lower, in accordance with Eq. (7.19) and Fig. 7.46. For exam-
ple, the maximum static pressure of 54 inWC for the vortex blower will become 47.7

inWC for suction.

NOISE LEVEL OF THE VORTEX BLOWER

Due to the excessive turbulence, the vortex blower produces a high noise level,
which, however, is somewhat reduced by sound-attenuating sleeves at the inlet and
outlet. In addition to these internal mufflers that are part of the unit, some external
mufflers are sometimes used when extraquiet operation is desired.
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APPLICATIONS OF THE VORTEX BLOWER

Here are some typical applications for the vortex fan, some for blowing and some for

exhausting:

Aeration and agitation of fluids in tanks
Waste-water treatment

Pneumatic conveying

Sand blasting

Dust collection

Chemical processing

Vacuum hold-down

High-velocity air knives

Combustion air

CHAPTER 16

VARIOUS METHODS
TO DRIVE A FAN

PRIVE MOVERS

There are four types of prime movers for driving a fan:

1. Electric motors (the most commonly used)
2. Engines (see Fig. 7.41)

3. Turbines (compressed air or steam)

4. Compressed-air jets (see Fig. 4.61)

TYPES OF MOTOR DRIVES

There are three ways that can be used for an electric motor to drive a fan:

1. Belt drive
2. Direct drive
3. Gear drive

Here are the pros and cons of these three methods:

1. Belt drive is prevalent in large sizes, for two reasons:
a. Flexibility: Any speed can be obtained (while direct drive is confined to a few
speeds, such as 3450, 1740, 1150, and 860 rpm).
b. Expensive low-speed motors are avoided.
2. Direct drive is prevalent in small sizes, for four reasons: ‘
a. Small sizes normally run at higher speeds, so there is no need for expensive
low-speed motors.
b. Direct drive results in lower cost, since no extra shafts, bearings, bearing sup-
ports, and sheaves are needed.
¢. Direct drive results in somewhat better fan efficiencies, since belt losses are
avoided.
d. Direct drive requires minimum maintenance.
3. Gear drive is used for very high fan speeds that would result in excessive belt slip
and belt losses.

TYPES OF ELECTRIC MOTORS
USED TO DRIVE FANS

There are seven types of electric motors used to drive fans. The first two types are for
three-phase power; the other five types are for single-phase power.

16.1
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CHAPTER 17
FANLESS AIR MOVERS

1. Three-phase squirrel-cage motors are used most of the time whenever the fan
requires 1 hp or more. These are the most frequently used fan motors. They have

percent of the top speed.

2. Three-phase wound-rotor motors are sometimes used for adjustable-speed
arrangements, but they are more expensive.

3. Single-phase, split-phase induction motors, with an auxiliary winding for starting
only, are used for requirements up to ¥; hp. They are somewhat less efficient but

the best we can get for single-phase power, They have the disadvantage of a high
starting current.

PRINCIPLE OF OPERATIQN

In Chap. 1 we discussed Bernoulli’s theorem, which in(its ‘simplest i?;ﬁ—} gsacy(l)sI;:)Vkéig
i i ter or air) increases (as in a conv ne),
.the velocity of a fluid (such as wa ease 1 2 converging conc), the
i i A well-known application of this p
static pressure will decrease. 11-ks et passes through
i Fig. 17.1. Here, a stream of water p
water-stream air pump, as shown in . e e oo
i i t at an accelerated velocity, y
onverging end of a pipe and lea\{es i :
g:ge z negatgivegstatic pressure nearby, i.e., a pressure smaller than atmospheric pres

is i i ir through an inlet pipe. .
sure. This in turn draws in some air g e e, ciplo is used in thie fan-

Water less air mover, as shown in Eigs. 17.2 and
( == ——— 17.3. Here, compressed air takes the
: place of the water. It first enters an annu-
lar chamber on the outside of a nozzle

4. Single-phase, permanent-split-capacitor motors are used for requirements up to
¥5 hp. They use a capacitor instead of the auxiliary winding to start the motor.

often used for direct drive,

5. Single-phase, capacitor-start and capacitor-run motors are used for requirements
up to ¥ hp. They have an auxiliary winding with a capacitor in series, resulting in
a high starting torque for heavy wheels.

6. Single-phase, shaded-pole motors are used for small fans up to ¥ hp. They have
the advantage of low cost but the disadvantages of low efficiency (about 30 per-

cent) and of high slip, resulting in a high starting current. At full ioad, they run at that is venturi-shaped on the inside. The
1550 rpm (instead of 1740 tpm) and at 1040 rpm (instead of 1150 rpm). Air compressed air then penetrates into thﬁ
7. Single-phase universal motors are used for requirements up to 1 hp, for vacuum ’ [ inside of the nozzle through 12 sma

cleaners and other high-speed applications, They have the advantage of high
speed with direct drive but the disadvantages of slightly lower efficiencies and of
commutator brushes that have to be adjusted and replaced at times.

8. Single-phase, inside-out induction motors are different in that the rotating part is
on the outside instead of on the inside. These motors occasionally are used in pro-
peller fans and in axial-centrifugal fans, '

P

that create a negative static pressure
inside the nozzle. This in turn induces the
main air stream from the inlet side of the
nozzle. A long outlet diffuser improves
the flow by gradually slowing down the
discharge velocity of the combined air-
flow consisting of a mixture of com-
pressed air and induced air.

The compressed-air jets penetrate
the inside of the nozzle at an angle of
about 25° to the axis. The diameters of
FIGURE 17.1 Schematic skeich of a Wlf t.;r— the jet holes vary from about ¥is in (for. a
» Most large fans have belt drive from three-phase electric motors. stream air pump drawing in some air through the 3-in i.d. nozzle) o about ¥ in (for a 9-in

. . . inlet pipe. i ozzle). The volume of the induced
2. Most small fans have direct drive from single-phase electric motors, ‘ id.n )

i is is called the induction
. . . . i i e volume of the compressed air. This is called tt ‘
3. Mu!tlstage turbo blowers sometimes have belt drive from electric motors or from ?clll;‘ilos %(L;or :g chlzlzsbihcompared T Dy o
engines. '

centage; it is a volume ratio.

%/ holes, producing 12 high-velocity jets
Y

ay

)

s

- PO

SUMMARY

Summarizing, we can say

[aey

4. Single-stage turbo blowers, running at very high speeds, have gear drive from
electric motors.

PERFORMANCE

The fanless air mover can be tested like a fan, and it performs like ;fan. ’Iil;e:;g Z(\;};

ume delivered gradually decreases as the static prfssFre 1ncreasecsl. glgfessﬁre ows
in ai t 80 1b/in* of compressed-air .

the performance of a 6-in air mover at .

intefesting to note the considerable static pressure developed by the unit.
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FIGURE 17.2 Fanless air mover with 6-in i.d. inlet

nozzle and long outlet dj
: iffuser.
Preumatic Tools, Inc., Reagan, YZxcgsC)ouﬂesy of Texas

Static pressure (in. WC)

]
2,000
CFM

FIG
URE 174 Performance of 4 typical 6-in fanless ajr mover.

-air

CHAPTER 18

PERFORMANCE TESTING
OF FANS

The performance of a fan can be presented in a curve sheet in which all or some of
the following seven variables are plotted against air volume (cfm): static pressure SF,
total pressure TP, brake horsepower bhp, motor input (kW), mechanical efficiency
ME, static efficiency SE, and sound level (dB). The size and speed of the fan usually

_are noted on top. Many such curve sheets were already shown.

These performance curves may be the result of tests (performed in a laboratory)
or they may be predicted performance curves, derived from test performance curves
on some more or less similar fan units. The laboratory tests should be run in accor-
dance with a test code. Such test codes have been published by two American soci-
eties (as well as by some foreign organizations). One test code has been published
jointly by the American Society of Mechanical Engineers (ASME) and by the
‘American National Standards Institute (ANSI). This code covers primarily the test-
ing of high-pressure units, sometimes referred to as blowers and compressors. The
other test code has been published jointly by Air Movement and Control Associa-

. tion (AMCA) and American Society of Heating, Refrigeration and Air Condition-

ing Engineers (ASHRAE). It is known as the AMCA Test Code and is accepted and
used by most American fan manufacturers.

DESCRIPTION OF THE AMCA TEST CODE

The AMCA Test Code, publication AMCA 210-85, is a 60-page booklet, entitled
Laboratory Methods of Testing Fans for Rating. The booklet starts with definitions,
symbols, units of measurement, description of instruments, methods, and setups, cal-
culations and formulas, tables and charts for air density and other quantities,
sketches of pitot tubes and pitot tube traverses, and dimensions of straighteners,
transformation pieces, and nozzles for air volume measurement.

Next, the booklet shows schematic drawings of 10 different setups for testing
fans: on outlet ducts, on inlet ducts, on outlet chambers, on inlet chambers, and on
some combinations of ducts and chambers. This probably is the most important part
of the AMCA Test Code, since it describes the various setups for testing a fan.

Also given are a sample graph showing typical fan performance curves and some
appendices about metric units, derivations, fan laws, uncertainties, and references.

VARIOUS LABORATORY TEST SETUPS

This section will reproduce and discuss four of the ten test setups shown in the
AMCA Test Code. Figure 18.1 shows the setup with an outlet duct,i.e., of a fan blow-
ing into a round duct; Figure 18.1a shows the setup with an inlet duct; Figure 18.2b
shows the setup with an outlet chamber; and Figure 18.3 shows the setup with an

18.1
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1. Dotted lines on inlet indicate an inlet bell which may be used to approach more nearly free

delivery.
2. Dotted lines on fan outlet indicate a uniform duct 2 to 3 equivalent diameters long and of an
area within = 0.5% of the fan outlet area and a shape to fit the fan outlet. This may be used

to simulate an outlet duct. The outlet duct friction shall not be considered.

FIGURE 18.1a Inlet duct setup per AMCA showing test fan exhausting from test duct with throt-
tling device, flow straightener, pitot tube traverse, manometers reading velocity pressure and negative
static pressure, thermometer, and transformation piece. Note the short outlet duct for static recovery.

ACCESSORIES USED WITH OUTLET OR INLET
TEST DUCTS

Figure 1.4 showed a photograph of an outlet test duct with two supports for pitot
tube traverses and an orifice ring at the outlet end of the test duct. If this were an
inlet test duct, the orifice ring would be fastened to the inlet end of the duct. A set of
about 12 such orifice rings (with different inside diameters) can be used as a throt-
tling device to vary the air volume and static pressure of the test fan and to produce
different test points on the performance curves.

~ Another throttling device sometimes used is a conical structure that can be
moved axially to and from the end of the test duct, thereby varying the size of the
duct outlet opening for the air stream to pass through. The advantage of the conical
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1. Dotted lines on fan inlet indicate an inlet bell and one equivalent duct diameter which may be used
for inlet duct simulation. The duct friction shall not be considered,

2. Dotted lines on fan outlet indicate a uniform duct 2 to 3 equivalent diameters long and of an
area within = 0.5% of the fan outlet area and a shape to fit the fan outlet. This may be used
to simulate an outlet duct. The outlet duct friction shall not be considered.

3. The fan may be tested without outlet duct in which case it shall be mounted on the end of
the chamber.

4. Variable exhaust system may be an auxiliary fan or a throttling device.

5. The distance from the exit face of the largest nozzle to the downstream settling means shall
be a minimum of 2.5 throat diameters of the largest nozzle.

6. Dimension J shall be at least 1.0 times the fan equivalent discharge diameter for fans with
axis of rotation perpendicular to the discharge flow and at least 2.0 times the fan equivalent
discharge diameter for fans with axis of rotation parallel to the discharge flow.

7. Temperature ¢,, may be considered equal to tas.

FIGURE 18.2 Outlet chamber setup per AMCA showing test fan blowing into short duct (for static
recovery) and into nozzle chamber with manometer (reading static pressure), settling means, ther-
mometer, partition carrying multiple nozzles, manometers reading static pressure and pressure drop
across the nozzles, settling means, transition cone, and booster fan exhausting from the chamber. Note
the optional inlet bell (or equivalent short inlet duct).

structure is that it provides an infinite number of throttling positions. The advantage
of the orifice rings is that each of the 12 throttling positions is easily reproducible for
checking the test data for a test point.

Figure 18.1 shows an axial fan blowing into a test duct, but it also could be a cen-
trifugal fan. The air stream leaving the fan outlet first passes through a transition
cone (in the case of an axial fan) or through a transformation piece from rectangular
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NOTES

1. Dotted lines on fan inlet indicate an inlet bell and one equivalent duct diameter which may be used
for inlet duct simulation. The duct friction shall not be considered.

2. Dotted lines on fan outlet indicate a uniform duct 2 to 8 equivalent diameters long and of an
area within = 0.5% of the fan outlet area and a shape to fit the fan outlet. This may be used
to simulate an outlet duct. The outlet duct friction shall not be considered.

8. Variable supply system may be an auxiliary fan or throttling device.

4. The distance from the exit face of the largest nozzle to the downstream settling means shall

be a minimum of 2.5 throat diameters of the largest nozzle.

FIGURE 18.3 Inlet chamber setup per AMCA showing test fan exhausting from. nozzle ghamber
with booster fan, short connecting duct, thermometer, settling means, partition carrying multlple noz-
zles, manometers reading pressure drop across the nozzles and static pressure (pogltlve near free
delivery, negative near no delivery), settling means, thermometer, anc! pitot tube W}th manometer
reading negative static pressure. Note the optional inlet bell (or equivalent short inlet duct) and

optional short outlet duct for static recovery.

to round (in the case of a centrifugal fan) leading to a round duct. The duct area must
be within plus or minus 5 percent of the fan outlet area. The test duct must be at least
10 diameters long. The transition cone or the transformation piece must have small
angles with the duct axis: 7.5° will be the maximum for converging elements and 3.5°
for diverging elements, as indicated in Fig. 18.5. . .

A number of pitot tube traverses are made to determine the air volume at each
test point. These traverses are made at a location in the test duct where the turbu-
lence of the fan outlet or of the duct inlet has been smoothed out somewhat, after
the air stream has passed through 8% diameters of ducting and through a flow
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FIGURE 184 Inlet duct setup per AMCA showing a centrifugal roof ventila-
tor exhausting from the duct plus a transition cone and also showing two sup-
ports for pitot tube traverses,

straightener, sometimes called an €gg-crate straightener. Figure 18.6 shows the
dimensions of the flow straightener.

Figure 18.7 shows the radial locations of the traverse points. You will notice that
3 traverses are made for each test point, with 8 points for each traverse, for a total of
24 traverse points. It might be interesting to look also at Fig. 18.8, which shows the
location of the traverse points in accordance with a 7952 Test Code, which was pub-
lished by the National Association of Fan Manufacturers (NAFM), the predecessor

areas (one circle and four annular areas) of equal area, .
For each traverse point, the static pressure and the velocity pressure are mea-
sured. The static pressures are almost constant across the duct, but the velocity pres-

INSTRUMENTS

The following instruments are used in running a fan test;

1. A barometer is required, since the barometric pressure is needed to calculate
the air density. Mercury barometers will give the most accurate readings but have to

2. A psychrometer, consisting of two thermometers, is used to measure the ambi-
ent dry-bulb and wet-bulb temperatures, The wet-bulb thermometer has a wet wick
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FIGURE 18.6 Flow straightener.

over the mercury end. An air stream passing over the wet Wickbresults.ilne Zobrnye;il \:Ia;tlt;i
i i This air stream can be provi
oration, which lowers the temperature. : )
:gsgrate fan or by spinning the thermometers around as in a sling psychrometer.

3. Some dry-bulb thermometers are used to measure the air temperature at var-

ious locations.
4. A tachometer or a strobotac is used to measurc}e1 the fatn sptieuds. aOrsltzoel?(f) ts:éaili
: i down the motor;
horsepowers, a tachometer will slow ¢ ast
glr(éffg;able Apstrobotac, however, has to be calibrated carefully each time in order to

give accurate readings.
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60° = 1°

ALL PITOT POSITIONS
*0.0025 D RELATIVE TO
INSIDE DUCT WALLS,

D IS THE AVERAGE OF FOUR MEASUREMENTS AT TRAVERSE PLANE AT 45°
ANGLES MEASURED TQ ACCURACY OF 02% D. TRAVERSE. DUCT SHALL BE ROUND
WITHIN 0.5% D AT TRAVERSE PLANE AND FOR A DISTANCE OF 05 D ON EITHER

SIDE OF TRAVERSE PLANE.

FIGURE 18.7 Traverse points in a round duct per AMCA, 1985.

5. A pitot tube, as shown in Fig. 18.9, is

pointed into the airflow, It has two outlets

to measure the total pressure and the static pressure at any point in the air stream,
The velocity pressure, being the difference between total pressure and static pres-

pressure outlet and the other side conne
tube. In other words, the manometer do

6. Two manometers are needed for
measure the velocity pressure, as ment

707 2;
L837R:
.961 R

FIGURE 188 Traverse points in a duct per
NAFM, 1952.

cted to the static-pressure outlet of the pitot
es the subtracting,

a duct test. One manometer is connected to
ioned in item 5 and as also pictured in Figs,

18.1 and 18.2. The other manometer is
connected to measure the static pres-
sure, which is positive in an outlet duct
but negative in an inlet duct. In a cham-
ber test, onemanometer measures the
static pressure (positive in an outlet
chamber, negative in an inlet chamber),
and the other manometer measures the

pressure drop across the nozzles, For
measuring small pressures up to 3 or 4

inWC, the manometers usually are

inclined for greater accuracy. These

manometers are sometimes called draft

sauges, a term originating from the draft

of a chimney stack. For larger pressures,

up to 6 or 8 inWC, a vertical tube is ade-

quate. For even higher pressures, verti-

cal manometers are used, often filled

with so-called heavy liquids or even with
mercury, having a density 13.6 times that
of water. Figure 18.10q shows a setup for
testing a small, direct-connected cen- -
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trifugal fan blowing into an outlet duct 10 diameters long. T.he flgll)llr)e ali(l)) :tsl?xsctg&rrlo_
ot b orts (in the background), two draft gauges with rubber tul con
pltOt' . " Slllllt)}? itot tube, an aneroid barometer, a strobotag, an industrial anal ygf >
and oy W'ltble fh%ostat Fi’gure 18.10b shows a setup for testing a.small EC czntrtl YO
ggldfzg gil?h belt drive for cooling a projector lamg. Itt is tc;,istaefc: ;:3; :Sn(?rllztofutch 10
i i hows the pitot tube, two dr '
Silaﬁgfienresdlifr::gr.tglecfz)gr:llll;ei:n?tsi(zni), and a stlzobotac. Note that the suction end of the
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Pilot tube support  Draft gauges Aneroid barometer

Test duct

, Strobotac

Electric motor
Test fan

Variable rheostat Industrial analyzer

FIGURE 18.10a¢ Small centrifugal fan blowing into an outlet test duct.

FIGURE 18.10b Small FC centrifugal fan exhausting from an inlet test duct.

7. A micromanometer or hook gauge is used for calibrating the manometers and
draft gauges. A typical hook gauge is shown in Fig. 18.11, taken from the old NAFM
test code. A micromanometer is similar, only larger, for higher pressures. Either one
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i cted in parallel with the manometer to be calibrated so that the ns;;rrr;g H;:;fsr
N e an lied to both instruments. The hook gauge and the micro o
S A e apptlee due to the wide cylinders and the threaded-screw arrangler(lile o
it Ve}rly aCecrlrllriir scales, as shown in Fig. 18.11. Figure 18.12 shows several dra
;Valgéets ‘c:o;/mected in par’allel with a hook gauge for calibration.
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FIGURE 18.11 Typical hook gauge per NAFM, 1952,

FIGURE 18.12 Draft gauges and hook gauge connected in
parallel for calibration.
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10. Still another method for determining the brake horsepower is by means of a
torquemeter, as shown in Figs. 18.14 and 18.15. This is a complicated and expensive
instrument containing some strain gauges, electric and electronic components, and
yarious digital displays. The torquemeter is placed between the electric motor and
the fan wheel and therefore is subject to torsion. For good alignment, flexible cou-
plings or universal joints are placed on each side of the torquemeter, plus self-
aligning bearings, to prevent overheating and damage of the torquemeter.
Calibration before each use takes one-half hour or more. The torquemeter has digi-
tal displays of torque, speed, and brake horsepower on pushing various buttons. No
calculations are needed, but extfeme caution in the assembly setup is required.

8. Some electrical instruments are needed for m i
: easuring volt
glhgieirclzxéslzfi sle;;zrilrallte Instruments, as sl}own in Fig. 18.13, o% theyS ,02111111%?; gg&att&
Kl ystria anda }:)zer, afs shown in Fig. 18.10q, containing voltmeter, ampmertl: d
(o e métors pTwerI actor meter. The analyzer can be used for single-phase &
et p2se MO neéd odca gulate thp brgke horsepower for each test point, a Ca?_r
kilowatt input. The braeké l‘fcl)tr}sle?)(():\?gr)rt?ltelon i1 be calenlis motor effiCienCy, Versul;
Most fans over 1 hp are driven by three~prilzcléslé>1 El%igizmated according to g, (1.9).

FIGURE 18.13 Mobile table containing electrical instruments and water

barrel for variable resistan i
parrel ce due to steel plates partly immersed into the

9. ini g
elemfrg;?;; Cr)nnel:;lt]:rd i(s)risde;?trmmmgdt}fle brake hofsepower is by means of an
y : en used for testi i i
Sect S 0 ng centrifugal fans,
in}:g ! glr;)rg;eeteg 11131; s%mewhat similar to an electric motor, having gtationaryAfilclelgl\?v(i:Itll::llc
side and rotating armature windings on the. inside. The electric-

too, u i .

attachréget:) tt};; mﬂu%nce of thp rotating armature assembly. However, a radial rod
a scale that outside keeps it from turning, since the end of the rod pilshes agai

measures the restraining force Fin pounds. With the radius R (froﬁ?lgft

: e

1 th tou hp nt on [he Scale the b]ake]l()lsel)()we of the ‘allc ][l)e
S] ait center to € touc ) o) N
) 1y a

- IXRxtpm
63,025 (18.1)

where Fis in pounds and R is in inches.

FIGURE 1814 Torquemeter placed between the
electric motor and the test fan, with bearings and flexi-
ble couplings on each side. (Courtesy of FloAire, Inc.,
Bensalem, Pa.)

11. Sound level. Let’s look again at Fig. 4.39 showing the performance of a
vaneaxial fan with four curves (static pressure, brake horsepower, mechanical effi-
ciency, and sound level) plotted against air volume (cfm). We know by now that the
air volume is important for proper ventilation, that the static pressure is important
to overcome the resistance of the duct system, that the brake horsepower is impor-
tant for the proper motor load, and that the mechanical efficiency is important to
keep the brake horsepower and the operating cost down. Just as important for the
comfort of the occupants, however, is the sound level produced by the fan. Sound is
measured in decibels. It can vary from 40 dB for an almost noiseless condition to 70
dB for a still comfortable condition to 100 dB for an uncomfortable condition. Any
noise above 110 dB is dangerous for the hearing system and requires ear protection.

The preceding decibel figures may be misleading because they give the impres-
sion that there is not too much difference in noise between, say, 70 and 100 dB. Actu-
ally, there is a considerable difference in the sound power. The decibel system tends
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FIGFIJRE 18.15 Torquemeter connected to inlet of a roof
ventilator. Note the long shaft extension to ensure an

unobstructed airflow into the f: i
FloAire, Inc., Bensalem, Pa.) an’ fousing. (Courtesy f

to reduce the apparent difference bec i
: ause decibels are t
rat1jc3h ?c(]i th;:)reiby reduce the spacing between sound ;gwlé?s
cc1bels at a certain place are measured with a mi
micr

ep]l‘::lccte connected to a sound‘level meter, as shown in Figs, 18.(1)2 2?1361180§gt?f(;1?t'that
clec l;oni(c1 mstrume{nt‘ reading directly in decibels. The AMCA has ﬁbfish lcsi Sov-

ooklets explaining the methods for measuring sound among lt)hem A?VI(SZ(X-

logarithm of the power

FIGURE 18.16 Micropho

pels at a certain distance
inlet.

fne and sound _Ievel meter measuring the deci-
Tom a vaneaxial fan with an oversize venturi
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FIGURE 18.17 Acceptance test for customers checking sound level of
a vaneaxial fan. Note tarpaulins used for reducing sound reverberation.

300-94, entitled Reverberant-Room Method for Sound Testing of Fans, and AMCA-
301-90, entitled Methods for Calculating Fan Sound Ratings from Laboratory Test

Data.
Two properties of sound should be pointed out here:

1. Sound levels normally diminish with increasing distance from the sound source.
This, of course, is obvious for wide-open spaces. In a small, enclosed space, how-
ever, this decrease in sound may be small or even nonexistent, especially if the
surfaces of the walls, ceiling, and floor are reverberant.

The distribution of the total sound power over various frequencies often is
uneven. For example, a whistle will have high frequencies, while thunder will
have predominantly low frequencies. Or a vaneaxial fan running at a high speed
will produce a musical note of higher frequency in the operating range than in the
stalling range, where a low-frequency rumbling noise will predominate.

2

Figure 18.18 is a photograph showing the inlet side of a test fan blowing into an
outlet chamber with a short rectangular duct between the outlet of the test fan and
the inlet of the chamber for static recovery. Figure 18.19 is a photograph showing the
same test fan from the drive side with a view of the torquemeter for measuring the
brake horsepower. Figures 18.20 and 18.21 are inside views of the chamber, one
showing the nozzle inlets and one showing the nozzle outlets. Figure 18.22 shows a
small, portable nozzle chamber for measuring from 1 to 600 cfm. It can be used as an
outlet chamber or as an inlet chamber. Figure 18.23 shows an inlet chamber with a
roof ventilator exhausting from it. Note the booster fans on the inlet side of the
chamber. Figure 18.24 shows a view of a fan test laboratory with several test ducts
and a test chamber in the background.

From all these figures it is obvious that a test chamber is a more elaborate setup
that is more expensive than a test duct. Nevertheless, the decision on which of the 10
AMCA test setups (ducts and chambers) should be built will depend on various con-
siderations that now will be discussed.
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In general, the setup for testin i
ably will be used in an ation. Baewd i

FIGURE 1819 Airfoil centrifugal fan, set up
for a test, plowing into an outlet chamé;er per
AMCA. View from the drive side showing a
torquemeter for measuring the brake horse-
power. (Courtesy of Ammerman Division, Gen-
eral Resource Corporation, Hopkins, Minr;. )

mulate the way the fan presum-

actual installation. For example, if the fan is expected to blow

Into a system, it should be tested
blower. On the other hand, if the faeils 12
expected to exhaust from a system, it
should be tested as an exhauster. I:“or
low o moderate static pressures, the
fan will perform the same as a bl:)wer
and as an exhauster, but for higher pres-
sures, there will be a difference in per-
formance.
The next decision is between a test

-dug:t and a test chamber. Here are a few
points to consider in this decision:

1. Since a test duct will be consider-
ably less expensive to build, it might be
preferable if only one fan is to be tested
or posmbly two fans of only slightly dif-
ferent sizes so that the same test duct
can be used for both fans, with transi-
tions between fan and duct. If many fans
of different sizes are to be tested, sev-
er_al test ducts might be needed, anZ:l this
might be more expensive than a cham-

ber that would accommodate all the dif-
ferent sizes.

e s G R S : B
R she
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2. In a simple duct test without a booster fan (some do have one), the perfor-
mance curves will not extend all the way to free delivery because of the duct friction.

FIGURE 18.20 Inside view of test chamber
showing nozzle inlets of various sizes. (Courtesy
of Ammerman Division, General Resource Cor-
poration, Hopkins, Minn.)

FIGURE 18.21 Inside view of test chamber
showing nozzle outlets of various sizes. (Cour-
tesy of Ammerman Division, General Resource
Corporation, Hopkins, Minn.)

For a chamber test, due to the booster
fan, the performance curves will extend
all the way to free delivery. For fans pro-
ducing considerable static pressure
(such as centrifugal fans or vaneaxial
fans), the performance curves from a
duct test can be extrapolated to free
delivery, but for propeller fans and axial-
flow roof ventilators, the first duct test
point might be in the strongly curved
portion of the static pressure curve, and
an extrapolation therefore might be
inaccurate; thus a setup with a booster
fan will be needed.

3. For propeller fans and tubeaxial
fans, the outlet air has a spin that might
distort the performance if an outlet duct
were used. A chamber, therefore, would
be preferable for testing propeller fans.
A chamber or an inlet duct could be
used for testing tubeaxial fans.

4. All but one of the duct tests
require a pitot tube traverse for each
test point, while most chamber tests
require only one pressure-drop read-
ing. A duct test with a pitot tube tra-
verse, therefore, will take about 3
hours; a chamber test will take less than
1 hour. Over 3 hours, test conditions
may change. A chamber test, therefore,
usually will be more accurate.

TEST
PROCEDURE

Prior to running a test, test forms should
be prepared in which the test data will
be entered. Unless a computer program
is available, the test form also should
provide the formulas for calculating the
air volume, pressures, brake horsepow-
ers, and efficiencies that will be plotted
as the performance curves of the fan.
After the fan to be tested has been
set up and turned on, let the motor
warm up for at least 10 minutes. During
this time, the manometers should be



18.18

CHAPTER EIGHTEEN

FIGURE 1822 Two sections of a small
nozzles for measuring from 1 to 600 cfm.
or as an inlet chamber.

nozzle chamber showing five small
Can be used as an outlet chamber

checked against a micromanometer, and r
jthe test form) of the barometric pressure a
inlet for dry-bulb and wet-bulb by using
From these data, the air ratio can be dete
sity 0.075 Ib/ft? divided by the amb

eadings should be taken (and entered in
nd the ambient temperatures near the fan
a s'lmg psychrometer or a similar device.
‘ ‘ rmm;d, L.e., the ratio of standard air den-
lent air density, as taken from tables shown in the

FIGURE 18.23 Inlet chamber with a r
up to 27,0_()Q cfm. View shows three acces
blowing air into the chamber. (Courtesy

oof ventilator exhaustin

s doors and one of two booster fans, 10 h
of FloAire, Inc., Bensalem, Pa.) ' prach,

g from it for measuring
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FIGURE 18.24 View of a fan test laboratory with several test
ducts and with a test chamber in the right background.

AMCA Test Code. Figure 18.25 shows a graph from which the air ratio can be read
directly. The air ratio will be used in the test calculations for correcting the various
pressures and brake horsepowers to standard air density of 0.075 b/,

Next, we read and enter for each test point the motor volts, amps, and watts (if the
motor is calibrated) or the brake horsepower (if a torquemeter is used) or the
weight and arm length (if a reaction dynamometer is used). We also read and enter
the fan speed, the various air temperatures, the static pressure, and the pressure drop
(in case of a chamber test) or the velocity pressures (in case of a duct test). As men-
tioned, 10 test points are adequate. They should be fairly evenly spaced from free
delivery to no delivery. , :

TEST FORMS

Tables 18.1 through 18.5 show test forms for outlet ducts, inlet ducts, outlet cham-
bers, and inlet chambers. These forms can be used when no computer programs are
at hand. They use some approximations, but for all practical purposes, they are accu-
rate enough. The booster fan will be on for the first two or three points, with various
damper positions, resulting in different values for the air volume and the static pres-
sure. The remaining test points will be obtained again by various damper positions,
but with the booster fan not powered (it will coast, however, due to the airflow pass-
ing through it). The first 12 to 15 lines (down to the heavy line indicated) show the
various test data obtained, except the motor efficiency, which is obtained from the
motor calibration, i.e., from a curve of motor efficiency versus watts input. (Some
different data, as mentioned earlier, will be entered if a torquemeter or a
dynamometer is used.) Below the heavy line we show various formulas used to cal-
culate the data for plotting the performance curves. The air densities at various
planes of the test chamber are calculated and used to correct the test data obtained.
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FIGURE 18.25 Graph for dete

rmining the air ratio from barometric pressure, dry-bulb tempera-
ture, and wet-bulb temperature.

In Tables 18.4 and 18.5, two formulas are shown for calculating cfms, i.e., the air vol-
ume ahead of the partition carrying the nozzles. One formula is for a 5-in nozzle,
using the factor 147. The other formula is for a 12-in nozzle, using the factor 844. For
other nozzle sizes, the factor can be caleulated easily, since it is in proportion with the
square of the nozzle inside diameter. For example, for an 18-in nozzle, the factor will
be (18/12) x 844 = 1899. The total air volume will be the sum of the various air vol-

umes of the nozzles that are open during the test. Occasjonally, it may be necessary,
for good accuracy, to close some of the nozzles when the air volume becomes
smaller as the test progresses,

SUMMARY

The AMCA Test Code specifies 10 setups for testing fans. Which setup should be
used depends on the type of fan to be tested, the type of application, and the num-
ber of fans to be tested. Test forms for various setups should provide the formulas
needed, or else a computer pro

gram can be used. The resulting data then are plotted,
showing pressures, brake horsepower, and efficiencies versus air volume,

Ps
rpm
volts
amps

Duct area Ap

Qutlet or inlet duct
Ducti.d. Dp

Ps
volts
amps

rpm

Dy

Ps
volts
amps

pm

Date:
Py

Fan outlet area Ago
Ps
1pm
volts
amps

Tested by:

volts
amps

pm

Ps
pm
volts
amps

Descr. of
test fan:
Dy
volts
amps

Tpm

TABLE 18.1 Pitot Tube Traverse Test Form

Orif.
id.

No.

9
10
11
12

20O D1

Ave.

amps

watts
Bar
DB
WB
AR

Ave.

amps

watts
Bar
DB
WB
AR

. Ave.
amps
watts
Bar
DB
WB
AR

Ave.

amps

watts
Bar
DB
AR

amps

watts
Bar
DB
WB ]
AR

Ave.

Ave.

amps

watts
Bar
DB
WB
AR

Ave.

amps

watts
Bar
DB
WB
AR

Remarks:

13
14
15
17
18
19
20
21
22
23
24
Cent.
Sum
Ave.
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TABLE 18.4 Outlet Chamber Test Form TABLE 18.5 Inlet Chamber Test Form

Date: Fan OA = Drive:
Open nozzles:

—

Tested by: Date: Fan 04 = Drive:

Type and size of fan tested: Open nozzles: '
Booster fans On Off

Outlet damper setting
Barometric pressure BP
DB, (fan inlet)

Tested by:
Type and size of fan tested:

Off
Booster fans . On
Inlet damper setting

Barometric pressure BP, (ambient)

WB; (fan inlet) ev%““"‘.”‘t

DB;s (ahead of nozzles) D B:‘?%l;l outlet)

volts (average) DBs (ahead of nozzles)
amps (average) volts (average)

1/ watts ’ amps (average)

watts o 1/ watts

Motor efficiency EE watts

bhp = (EE x walts)/746 Motor efficiency EE

Fan wheel rpm

= (EE x watts)/746
sp7 (in WC) (in chamber past fan) bhp = (

Fan wheel rpm

GRm ) (across nozz.) sps (in chamber, ahead of fan) (neg.)
i ;(;(());)57/?4/[1)5 {trgraph) pd (across nozzles)
Pr=0

AR = 0.075/p ampient (from graph)
Pambient = 0.075/AR

* Kp=(BP,-Ispsl/13.62 + pd)/BP,
Ps=Pa X Kp
Sfin nozzle: cfms = 147 x V pd/ps
12-in nozzle: cfms = 844 XV pd/ps
Total cfms
(BP,~Ispsl)/BP,

K7= (460 + DB,)/(460 + DBs)
Kp=(BP +5p/13.62)/BP
Ps/p1=Krx Kp

Ps = p1 X ps/p;

PD =AR x pd

5-in no.: CFM; = 147 \/pd p,
12-in no.: CFM; = 844 \pd/p;

otel CFM ) 01 = pu X (BP, - Ispil/13.62)/BP,
CFM] = CFMS (p5:‘1p1 M= cbm / )
OV = CFMs/OA CFM = cfms (ps/p:

p./p2 = (460 + DB,)/(460 + DB,)
=pPaX 2/ a)

Ie";n cF:utle(tp V2p= (CFM/OA)(pi/p2)

VP2 = P2 (V2/1096)2

tp =vp, + Isps!

ahp = cfm X 1p/6356

Mech. eff. = ahp/bhp

Inlet cfm = AR X cfm

SP=AR X spg

BHP = AR x bhp

VPro = (OV/1096) ps
SP =sp; x 0.075/ps
TP=SP+VPy,

BHP = AR x bhp
AHP = cfm,; x TP/6356
Mech. eff. = AHP/BHP




CHAPTER 19
VACUUM CLEANERS

REVIEW

Figure 7.45 showed the design of a small centrifugal fan wheel as used in vacuum
cleaners. These fan wheels usually have six to eight backward-curved blades, 5 to 6 in
o.d.,and about ¥4 in wide. Most vacuum cleaners have two stages, but some have only
one stage. They are directly driven by single-phase, high-speed universal motors of
1, %,0r 1 hp.

CONFIGURATIONS

Various configurations of the parts can be used, but regardless of the configuration,
the small turbo exhauster is the heart of a vacuum cleaner. Figure 19.1 shows the
most common configuration used in tank-type vacuum cleaners. Here the air stream
first enters the floor nozzle and then passes through a pickup pipe, a flexible hose, a
filter bag, the exhaust fan and the motor, and finally leaves the vacuum cleaner hous-
ing. Looking at the two-stage exhauster shown in Fig. 19.1, note that the diffuser
ratio is only 1.14. In other words, the space available past the blade tips (for the air-
flow to diffuse and to make a 180° turn) is rather limited. This is done because in a
vacuum cleaner compactness is more important than fan efficiency. This configura-
tion has the advantage that the air passing through the fan and motor is clean, so the
fan and motor will never get plugged up by the dust. The configuration has the dis-
advantage that the airflow cooling the motor is already heated from adiabatic com-
pression in the fan so that motor cooling is less effective.

In another configuration used occasionally, the locations of motor and fan are
reversed. Here the air stream passes through the flexible hose, the filter bag, and the
motor and then through the exhaust fan. This sequence has the advantage that the
air passing through the motor is still cold and the motor cooling is thus more effec-
tive. It has the disadvantage that the air entering the fan is warm (from the motor)
and the vacuum produced, therefore, is smaller. The fan efficiency is lower, too, due
to inlet turbulence.

Still another configuration places the fan ahead of the motor (as in Fig. 19.1), but
the main air stream does not pass through the motor, it bypasses the motor and
leaves the vacuum cleaner housing ahead of the motor. A separate centrifugal fan
wheel, mounted on the same motor shaft and located between the motor and the
main fan, draws some cooling air through the motor and blows it out together with
the main air stream leaving the vacuum cleaner housing. This results in good motor
cooling and in a good vacuum, but it also results in an increased manufacturing cost
and power consumption.

Other configurations avoid the tank altogether and use a hand-held upright struc-
ture containing the exhaust fan and the motor. The filter bag may be located ahead of
fan and motor (for clean air) or past the fan, on the outside of the vacuum cleaner, as

19.1
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FIGURE 19.1 Schematic sketch of vacuum cleaner with small two-stage turbo exhauster and filter
bag ahead of exhauster inside tank.

shown in Fig. 19.2, for easy accessibility. The advantage of these configurations is light
weight, lower cost, and elimination of the flexible hose, which consumes a portion of
the vacuum produced by the exhaust fan. Another advantage of this configuration is
that the outside filter bag can be made larger, for a reduced pressure loss. In this con-
figuration, a one-stage exhaust fan may be sufficient, since the larger filter bag plus
elimination of the flexible hose will reduce the total required vacuum. On the other
hand, when the filter bag is located past the fan, the fan blades will require steeper tip
angles to prevent the dust from sticking to the blades. This might result in a somewhat
lower fan efficiency, which, however, is a minor disadvantage in view of the small
motor horsepowers and the already low efficiencies.

TESTING

Vacuum cleaners could be tested with a small inlet duct, but such a duct would be
too small for a pitot tube traverse. One could just measure the velocity pressure in
the center of the duct, calculate the corresponding maximum duct velocity, and esti-
mate that the average duct velocity would be about 91 percent of the maximum
velocity in the center of the duct. As in any duct test, one would use a throttling
device (such as a set of orifice rings), obtain a number of test points, calculate the air
volume, static pressure, etc., and plot the performance curves. This method would
not be 100 percent accurate, but the deviations might be acceptable.

Vacuum cleaners also could be tested on a small inlet chamber, if it is strong
enough and will not collapse at a suction pressure of 50 inWC. A small nozzle of 115
in i.d. would register a pressure drop of 1.08 inWC for a 50-cfm airflow. The test
would be accurate if this small nozzle chamber is free of air leaks.

A third method uses a Bureau of Standards box for testing vacuum cleaners. This
method is fast, simple, and accurate. Figure 19.3 shows a schematic sketch of this test
box. The top plate of the box has a rectangular opening 10 x 14 in. The vacuum
cleaner will exhaust the air through this opening. For testing the exhaust fan only, a

z
%
|
-
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FIGURE 19.2 Schematic sketch of upright vacuum cleaner with single-stage
turbo exhauster and outside filter bag.

olted to the top plate of the box. This cover plate will

over plate will be b ( I _
;z%irztsifcular Eole about 2¥; in i.d. to fit the inlet diameter of the e>§hac;1it ftaﬁz I:(())r
testing the complete vacuum cleaner, another cover plate will be bolted to P

plate of the box. This cover plate will have a rectangular hole, about 12 x 1/21n, to fit
i f the floor nozzle. )
thel%gi?énl%% als?) shows a short pipe, 3% in o.d., welded tlclJ theta oigldgo(;f ?éliecglzléz
i is pi ir stream will enter the '
side plates of the box. Through this pipe, an air e s Tlange that
the air that has been exhausted by the vacuum ¢ ; - The pipe has 2 [o ity
i t various orifice rings, used as z_ithrottlmg evice, to obtain
‘fxgy;lcoct?ngvihe performance curves. Thirteen sharp-edged orifice rings should be

B o o3 o ws a small pipe, ¥4 in o.d., welded to the outside of another

i Fig. 19.3 sho ; ’ r
sids i)rizltle}”ofltghe box. This pipe is used for connection by rubber tubing to a manome
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Rectangular opening in top plate

TN

19
14
10
12

o< <
Flange to support \

Pipe, Y4 0.d., 33,i. d,,
1Y, long, for connection

to rubber tubing, leading
All walles, V" thick, have to manometer
continuous welds, no leaks

orifice rings 7

Pipe, 35 0.d.,2.91. d.,
3 long

FIGURE 19.3 Schematic sketch of box for t

esting vacuum cleaners, recommended by the
Bureau of Standards.

ter that measures the suction pressure in the box. No other pressure needs to be
measured. For comparison, in a chamber test (as you will recall), two manometers
are needed to measure two pressures (a static pressure and a pressure drop across
the nozzles). In a duct test, again, two manometers are needed to measure a static
pressure and several velocity pressures. In this box test, only one manometer is
needed. It measures the negative suction pressure S inside the box for the sharp-
edged orifice on the flange. A box test, therefore, takes only about 20 minutes.
From the suction S, the air volume can be calculated as follows: If the sharp-
edged orifice has an inside diameter d (ininches), the area A (in square feet) will be

a’n

4x144

For a sharp-edged orifice, the coefficient of di
through the orifice will be

= 0.0054544> (19.1)
scharge is 0.611, and the velocity

V'=0.611 x 4005 x \/S (19.2)

VACUUM CLEANERS 19.5

ifi i i d, According to Eq. (19.5), Used in
1 Constant K versus Orifice Inside Diameter d,
zAchtlEat‘lirslg“the Xf; Volume When Testing Vacuum Cleaners on a Bureau of Standards Box
- 7
1 %

ifice i.d. (i 1% 115 1Va 1%
gnﬁs‘iz;tdl.ém) ?3.5 40.9 30.1 20.9 11/6.9 11/3.35 ‘ 10.2

it
O(;ifice id. (in) Ya Y %) 31/888 04835 o
Constant K 7.51 5.21 3.34 . .

se———

. . ¢
here the suction pressure S is in inches of water column and the velocity Visin fee
;)Ver minute. The air volume, therefore, can be calculated as

ofm=A x V=13354*VS (19.3)
or
cfm=KVS (19.4)
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FIGURE 19.4 Graph showing parabolic system characteristic curves for 13 sharp-edged orifice
rings used 01; Bureau of Standards test box for vacuum cleaners.
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if a %-in i.d. orifice ring is used and a suction pressure of 50inWC
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FIGURE 19.5 Performance of a two-stage vacuum cleaner.

K is a constant for each orifice ring. Table 19.1 shows the K values for 13 d values.
Figure 19.4 is a graph showin,

where the constant K is
is observed on the manometer

(19.3).For example,
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Esl?rviglzvrggn“c/:lcula.ting a test, we do Tot even have to use Eq. (19.3) to calculate th
air standara c c(;m Just read the suction pressure s on the manometer, correct it 5
pandar 23;; oenstlltly, and r}elad the corresponding air volume (cfm) ’in Fig 1914t0 2
. . ws the test sheet for the Bureau of Standard mpar
) . s box. i
with Table 18.5, for an inlet chamber test, we find the following t?o%igggﬁlg:re !

1.1
Vgiﬁéeéi.i,ﬁﬁf;ﬁgz:gsgre diﬁp PD across the nozzles was measured, and the ajr
om the pressure drop. In Table 19.2 ir vo i
culated from the negative suction " 5, which con e e i cal-
pressure s (Eq. i i
the pressure drop across the sharp-edged orSif(icc:l rilngg.%), which can be considered

2. T i
Sﬂr"l;alt)llli lti.;,lthre fan outlet velocity was calculated, and from it, the velocity pre
suctfon pressufe zs§ure, 1and the fan efficiency were calculated. In Table 19 Zpths_
comparressre Is so large that the velocity pressure would be insignific'a )t i
. suction pressure S, therefore, can be used instead total
pressure for calculating the fan efficiency. riead of the total

As a result of these two differences, Table 19.2 is shorter and simpler

PERFORMANCE

Figure 19.5 shows the i
performance f
15T You wit o the oo € 1or a typical two-stage vacuum cleaner per Fig.
1. The suction produced b
1 y the complete vacuum cleaner is consi
iderab
g;rel :;ch(c))n ptrg)dgced by the exhau§t fan only. This loss is the resul?i)af tlg’elgg;rrggn
, m the floor 1‘10zzle, the pickup pipe, the flexible hose, and the filter baglsn
. Thi n)OtQI(;] speed varies ‘by about 20 percent from free deliver :
moroior‘;slii :}Irgble variation is caused by the single-phase, high-speed universal
: ) Is more sensitive to a change in load bhp
- . t -
\ ?hductlor} motor, with which the variation would be les(s thgzl Shggr:e;}tlree phase
- 1he maximum efficiency of the exhaust fan only is shown as 46 percent, but it is

often lower. For the com
owe: plete vacuum cl i ici
shown in Fig. 19.5) might be 25 to 32 percenete.mer, th? maximom efficiency (not

y to no delivery.

CHAPTER 20

FAN PERFORMANCE
AS SHOWN IN CATALOGS

THREE WAYS TO PRESENT FAN PERFORMANCE

There are three ways how a catalog can present the performance of a fan or of a line
of fans: as performance curves, as rating tables for direct drive, and as rating tables

for belt drive.

Performance Curves

Figure 4.43 is an example: It shows seven static pressure curves for a 36-in vaneaxial
fan at 1750 rpm, with the tip angles varying from 13° to 33°. These curves are the
results of laboratory tests. Curves for other sizes and speeds may be derived by using

the fan laws.

Rating Tables for Direct Drive

The top part of Table 4.5 is an example: This table was derived from several test
curves by simple conversions for size and speed in accordance with the fan laws.
The procedure was described in detail in Chap. 5 (Tables 5.1 and 5.2 and Fig.5.1).
After each conversion, new curves are plotted, and the new air volumes, for the
static pressures shown at the top of the table, are taken from the new curves.
As mentioned previously, the efficiencies will increase slightly for larger sizes (size
effect), even if the fans are in geometric proportion. Conversions, therefore, are
only permissible to larger sizes but not to smaller sizes, because they would not
quite come up to the efficiencies of the larger sizes. Several sizes of a line,
therefore, have to be tested, and the performances of the in-between sizes are cal-

culated.

Rating Tables for Belt Drive

An example is Table 4.3: It is for a 30-in belt-driven vaneaxial fan. This table was
derived from the test performance shown in Fig. 20.1, again by means of conversions
in accordance with the fan laws, but these computations are more complex. They will

be explained now.

20.1



20.2 : CHAPTER TWENTY

| Pl

i [
I Parabola
4~ -ﬁ—a- —+ ]

TTITTTTT
T
NN
I B

L

NN
NN
LT

10

BHP

Static pressure (in. WQC)

T i i ; |
10,000 15,000 20,000
CFM

FIGURE 20.1  Test performance of a 30-in vaneaxial fan, 1760 rpm, showing three curves: static
pressure, brake horsepower, and parabolic curve through a cross-point from Table 4.3.

COMPUTATION OF RATING TABLES
FOR BELT DRIVE, DERIVED FROM
TEST PERFORMANCE CURVES

The graph in Fig. 20.1 shows the test performance that was obtained for the 30-in
vaneaxial fan running at 1760 rpm. This graph shows only the operating range of the
fan. The stalling range (static pressure dip, etc.) was omitted because it will not be
used in calculating the rating tables, The rating table 4.3 was derived from the per-
formance curves shown in Fig. 20.1. Table 4.3 has the customary format, with the
static pressures shown on top and the outlet velocities and the corresponding air vol-
umes shown in the first two columns on the left side. The air volumes are the prod-
uct of the outlet velocities times the outlet area of the fan. We now have to calculate
the speed and brake horsepower for each cross-point of air volume and static pres-
sure. As an example, let’s calculate the speed and the brake horsepower for 13,409
cfm at a static pressure of 1% inWC, figures taken from Table 4.3. We have marked
this point on the graph Fig. 20.1 and have drawn a parabolic curve through this point

and let it intersect with the static pressure curve. This is similar to the parabolas in

slide rule with a square scale.

Table 20.1 shows a form that can be used in making these computations. We find
that the parabola through the point 13,409 ¢fm at 1¥4 inWC of static pressure will
intersect the static pressure curve in Fig. 20.1 at the point 16,440 cfm at 1.88 inWC of
static pressure. We can now enter these two figures in Table 20.1. We know that for
that point the fan will run at 1760 rpm. For our catalog cross-point (13,409 cfm at 114

FAN PERFORMANCE AS SHOWN IN CATALOGS 20.3

TABLE 20.1 Form for Computing the Various Speeds and Br:_ake Horsepowerzs
for Performance Table 4.3 for a 307%6-in Vaneaxial Fan, Belit Drive, OA = 5.16 ft?,

OV =2600 fpm, 13,409 cfm

Point of
intersection
with SP curve
in Fig. 20.1
at 1760 rpm

Catalog SP (inWC)  cfm, SP, Catalogrpm Fig.20.1,1760 rpm bEP" C@Mﬁoabhg

Y4
%)
3

%m 16440 1.88 1436 9.02 4.89
1%

1%

2

2%

3

314

4

414

5

Note: Data derived from test performance shown in Fig. 20.1, 30 in, 1760 rpm.

i ic pressure), the fan speed then will be (13,409/16,44'0) X 1760 = 1436
?pl)‘nYCVVOefrféﬁlza%re;ter 1)436 rpm iinable 20.1 and at our cross-point in Tab}e 4.3. L
’fo determine the brake horsepower for our cross-point in Table 4.3, we f1r§t 190(())2
at Fig. 20.1 and find that at 1760 rpm and 16,440 cfm, the brake horsepowe:}lr 1sb .k .
We now enter this figure in Table 20.1. For our catalog cross-point, thegiit e Trz;) lz
horsepower will be (13,409/16,4401)3 : 2.02 =4.89.We now can enter 4.89 bhp in Ta :
ross-point in Table 4.3.

zo'ﬁ%dt?rilz}lcro;sum&g procedure to determine the speed and b;ake horsepow&:,r
for each cross-point in Table 4.3 will have to be repeated many times. A sdeparaee
computation form per Table 20.1 will be needed for each outlet velocity and corr

sponding air volume.

COMPUTATION OF RATING TABLES FOR BELT
DRIVE FROM ANOTHER RATING TABLE

i ion can only be done to a larger size, but it is simpler and quicker.
ggscg::}:grigate it on TZble 4.3 (30-in size) to be converted to Table 4.4 (3§;n
size). The figures shown in Table 4.4 were calculated dlrectly from the correspond;ng
figures in Table 4.3 using the exact wheel diameters. The figures for cozlrespé)p ;hg
cross-points (same OV and SP) are obtained as follows: Each speed is reduce 1nd e
wheel diameter ratio 30%16/36% = 0.8368, and each brake horsepov&lrerlls ﬁére?set n
the ratio (36%/307%s)* = 1.4282. For example, for 2600 fpm and 1% in of sta
pressure, we get 0.8368 x 1436 = 1202 rpm and 1.4282 x 4.89 = 6.99 bhp.
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" CHAPTER 21
AIR CURTAINS

tudy the catalogs of vario A

ANALYZING THE RATING TABLES PU,
BL
BY VARIOUS FAN MANUFACTURERS ISHED

-

fB;lefore placing an order for a fan, the customer should s
taglg;a(ﬁtslcfiaocstgrf?‘l; and try ;[0 analyze the rating tables. We have seen that the ratj
parameters: air volume, static i &
2 . ) pressure, outlet velocit
poailll;e(}slgrs;pgiwer. Some'tlmes they. also disclose the fan efficiency fory’esapcied’ z
e Table 7.1), but in most rating tables, efficiencies are not shown. It is 5;08
. €]

> > g I
fOI the customer hOWeVeI to knOW the fan eﬂICIEIlCICS f()r the fOllOWl]l IWO e

FLOW PATTERN AND FUNCTION
FLOWY T =

1. A high efficiency is an indication of a good fan and of operating economy,

2. An overly high efficiency i indicati
. Yy 1s an indication of exaggerated rati
? rating table and calculated from it an 85 percent maximun;nffsf‘ige%ncet?nalyze
ran a test on the unit, I found it to be only 37 percent.) DUt whe

An air curtain is a sheet of moving air that is blown down an open doorway or
across some other open area. This air stream is produced by one or several fans that
usually are mounted above a doorway. Occasionally, the fans are mounted on one
side or on both sides of a doorway or of some other open area. Figure 21.1 is a
schematic sketch showing a fan box mounted above a doorway and blowing an air
curtain down the doorway. This configuration will minimize the loss of heated or
cooled air from the building, almost like a real door. It also prevents insects, rain,
and dust from the outside entering the building, even if wind tries to penetrate the
open doorway. Outside winds up to 30 mi/h can be stopped by an air curtain. At the
same time, air curtains will permit trucks to enter the door openings of factories or
- warehouses for loading and unloading. Air curtains are also used at the entrances
to office buildings, department stores, public buildings, and hospital emergency sec-
tions for people to pass through. Some air curtains can handle heated air during the

winter months.

- :rrllti(égs;;i ze:;:oshowid how the fan efficiencies can be calculated from the fiv

antit] r each cross-point. To analyze a rating table, w
,we select a :
g;lgflsa?el gll: Zz}lgi%?e:here Wg can expect the best efficiencies. For these ;f)?)vivn(t:;ovs: :
cies and compare them with the efficiencie e

: : s th

gleiCtlid flor thl§ type of fan, as 'shown inTable 4.2,in Fig. 7.1, and in Tabl::t7cznv&17)e e
ght plot efficiency versus air volume, to check whether this is a smooth ;:Iirv: gls'(;
,as i

is supposed to be. This analysis will gi i
It o ot ysis will give you an idea of whether or not the fan will

OUTSIDE WIND

In some buildings, there is a negative pressure as a result of exhaust ventilation by
propeller fans or roof ventilators. This negative pressure invites the outside wind to
penetrate the air curtain and enter the building. The negative pressure, therefore,
should be relieved by a supply roof ventilator, providing makeup air, before an air
curtain is installed.

After the negative pressure has been relieved, another step is taken to keep the
outside wind from penetrating the air curtain: The outlet slot of the air curtain unit
is somewhat tilted. As a result, the air stream leaving the slot is not exactly vertical
(as shown in Fig. 21.1), but it starts with a flow slanted toward the outside and then
becomes curved inward due to the wind velocity, as shown in Fig. 21.2.

INDUCED AIRFLOW

In Chap. 17 on fanless air movers, we explained how the air jets induce some addi-
tional air to be drawn in. A similar phenomenon occurs in air curtains, as shown
in Fig. 21.3. Here, the primary airflow induces secondary airflows on each side of
the primary airflow. However, while in the fanless air mover the additional air
was desired, in the air curtain the secondary airflow is an undesirable loss of

energy.




21.2 CHAPTER TWENTY-ONE
S
Aan®
N
ot
400"
5 ¢
PN
oo
oo

FIGURE 21.1 Schematic sketch of a typical air curtain.

REQUIREMENTS

The volume needed for the primary ai i
y airflow depends on the width and height
tdﬁ)orway. It can vary from 100'0 to .100,000 cfm. This air volume will leave ?ilge fa(l)lfbtg;
! rough a slo§ with a 3- to 8.-1n width and a length about equal to the width of the
oorway. For industrial applications, such as factory doorways for trucks, the initial

AIR CURTAINS 21.3

@ Door air curtain

Floor

FIGURE 21.2 Schematic sketch showing the curved air stream past the
fan box.

air velocity past the slot is anywhere between 2000 and 5000 fpm. Since the airflow
spreads out while moving down, the air velocity will decrease gradually. At 3 ft above
the floor, the primary air velocity should still be 1600 fpm. For commercial applica-
tions, such as office buildings, etc., the air velocities are lower so that the people will
not be inconvenienced.

Three types of fans are used to produce air curtains: vaneaxial fans, FC centrifu-
gal fans, and cross-flow blowers. Each type has some advantages and some disad-
vantages, as will be seen.

Vaneaxial Fans

The vaneaxial fan first blows the air into a horizontal round duct, as shown in Fig.
21.4, mounted above the doorway. The duct is closed at the other end, but at the bot-
tom it has a longitudinal slot 2 to 8 in wide. Sometimes, the slot width is adjustable.
The axial length of the slot corresponds to the width of the doorway. The air stream
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Door air curtain

Secondary floy,

\ \»..
\‘%dary flow
Primary flow

Floor

FIGURE 21.3  Schematic sketch showing a secondary airflow on each side
of the primary airflow.

has to make a 90° turn from the axial flow in the duct to the downward flow through
the slot. This turn will result in a minor loss of pressure and efficiency. Nevertheless,
the flow distribution over the length of the slot is fairly even.

The use of vaneaxial fans in air curtains has two advantages: Only one fan is
needed, and a high fan efficiency (about 80 percent) can be obtained, provided that
the slot is wide enough for the vaneaxial fan to operate in the good performance

FC Centrifugal Fans

FC centrifugal fans have larger air volumes and higher outlet velocities than other
types of centrifugal fans of the same size and speed. For this reason, FC centrifugal
fans are best suited for air curtains. The wheel diameters range from 4 to 18 in. The
doorways usually range from 3 to 20 ft but sometimes are even larger. To obtain air

AIR CURTAINS 215

Closed end

FIGURE 214 Schematic sketch of a vaneaxial fan blowing air into a round duct and
through a slot at the bottom, producing an air curtain.

curtains this wide, several FC centrifugal fans, DID\;fi zgr%llllsed, Operea;ﬁﬁgi rilnap;agglllltel;
insi in Fig. 21.5. This may r
ounted inside a rectangular box, as shown in : i
umneven flow distribution over the width of the doorway. The maximum far}[%ffme?ci}s/
- here is 50 percent in small sizes and up to 60 percent in the larger sizes. The cos

moderate, even though several fans are used.

FIGURE 21.5 Air curtain unit for a 38-in-wide doorw_ay. The unit contains sev-
eral FC centrifugal fans operating in parallel a_nd blowmg down the dooeray Eio
protect the inside of the building from wind, rain, and insects. (Courtesy of Lead-

ing Edge, Inc., Miami, Fla.)
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FIGURE '21.6 Schematic sketch of a cross-flow blower dis-
charging air down across a doorway.

Cross-Flow Blowers

Flgure 21.6 shows.an 8-in cross-flow blower drawing air in radially along its entir
axial length and discharging it through a 3-in-wide slot at the bottom. In cross-flo .
b.IOWers for air curtains, the wheel diameters range from 5 to 12 in e;nd the mot .
sizes range from 3 to 60 hp. Air volumes up to 100,000 cfm have been obtained Tl?r
use of cross-flow blowers in air curtains has two advantages and two disadvant‘a ee
f;);;gared with vaneaxial fans and FC centrifugal fans. Here are the two advgn?

1. Asexplained in Chap. 13, cross-flow blower whe i i
. .13, cross- els can be built to an 1 wi
?tels(;;egd. One wheel will do it. Figure 21.7 shows a 10-in cross-flow bloyvfexr1 ivl?ggltg

2. Due to the one-wheel construction, the flow distribﬁtion is 100 percent even.

FIGURE 21.7 A 10-in cross-flow blower wheel 6 ft long.

SR

AIR CURTAINS 21.7

Here are the two disadvantages:

1. The cross-flow blower has a lower efficiency, only about 40 percent maximum,
compared with 50 to 60 percent for the FC centrifugal fan and even higher for the
vaneaxial fan. Figure 13.4 showed a comparison of performance between 4 cross-
flow blower and an FC centrifugal fan.

2. The cross-flow blower wheel is more expensive to build and to balance.

THREE EXAMPLES -

Example 1. The main industrial application of the air curtain is in protecting the
inside of a building, such as a factory or a warehouse, at the doorways where trucks
are loaded and unloaded. Suppose we use an initial velocity past the slot of 3000 fpm
and a slot area of 5 in x 20 ft. The outlet area then will be OA = 8.33 {t2, and the
required air volume will be 8.33 x 3000 = 25,000 cfm.

Example 2. For commercial applications, such as the entrance to an office building

_ or the entrance to a department store, a lower initial outlet velocity of 1900 fpm will

be needed to prevent excessive air currents that would disturb people passing
through. In this case, a wider and thicker air current will be required. If the slot out-
let will be 8 in x 30 ft, the outlet area will be OA =20 ft? and the required air volume

will be 20 x 1900 = 38,000 cfm.

Example 3. In Examples 1 and 2, the air curtain was vertical and the fans were
installed above the doorway. Figure 21.8 shows an example where the air curtain is
horizontal, providing a roof over a crusher pit, to contain the dust and at the same

time push it over to the exhaust opening on the other side.

ouUST
COLLECTOR 8

FIGURE 21.8 Horizontal air curtain blowing across a dust-laden space to contain the dust and to
push it over to an exhaust opening on the other side.
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PERFORMANCE TESTING

Performance tests on air curtain units are described in the AMCA booklet AMCA

220-91. Here the unit is connected to an inlet chamber, such as shown in Fig. 183 k
where the air volume and static pressure are measured, but in addition some'me‘ :
surements are taken on the discharge side, where the air curtain actu;llly spreag-
out. The test unit may be mounted in horizontal or in vertical position, and the fols
lowing three performance features are tested: ’ :

1. The air volume will be measured for free deliver i 1
: i ) y and for negative pressures of
0.1 and 0.2 inWC in the inlet chamber in the same way as would be dIZ)ne for ax? ;
fan exhausting from a chamber. i

2. The throw or rqach of the air curtain unit is determined. To be more precise, the
discharge velocity at various distances from the nozzle is measured. '

3. The uniformity of the discharge velocity is checked at various | i
: ! ocations al
width of the air curtain. ong the

SUMMARY

The air curtain Is an inexpensive method to protect the inside of a building from the
cqld or hpt air on the outside and from insects, rain, and dust on the outside while
still }(eeplpg the doorway open for traffic by trucks and people. Most air curtains are
vertical, either blowing down or blowing across doorways, to replace a door. Some
air curtains are horizontal and provide a roof over a dust-laden space and carry the
dust across to a dust collector. Vaneaxial fans, FC centrifugal fans, and cross-flow
blowers can be used to produce air curtains. Vaneaxial fans have the best fan effi-
ciencies bug carry a risk of operation in the stalling range. Several FC centrifugal
fans, operating in parallel and blowing down the doorway, are needed to obtain the
desired width of the air curtain. Cross-flow blowers have lower efficiencies and
higher cost but an even flow distribution.

|

CHAPTER 22

CEILING FANS

DESCRIPTION

Ceiling fans are large, lightweight propeller fan wheels suspended from the ceiling

" and blowing a gentle breeze down to the floor. They are made in sizes from 36t072

in, handling from 6000 to 52,000 cfm. The air velocities are low, due to small blade
angles and low speeds. The maximum air velocity, just below the fan, is about 600
fpm. At floor level, it is about 100 fpm. ]
Ceiling fans use direct drive from single-phase, low-speed motors. Most of them
have 18 poles, but some have 16, 20, or 22 poles. They run at 270 to 400 rpm, but
even lower speeds can be obtained with two- and three-speed motors and with
variable-speed controls. The motors consume between 60 and 200 W of power. They
are inside-out motors, with the inside stationary and the outside rotating. Three to
six blades are attached to the rotating outside. The hub diameter is small, about 15
percent of the wheel diameter. This is adequate because these fans operate at or
near free delivery. The blade angle (pitch) usually is between 10° and 15° and con-
stant from hub to tip. A larger pitch, of course, would result in more air volume but
also in an increased power consumption. Despite the low-speed motors, these are
inexpensive fans, since they are only fan wheels without a fan housing. Figure 22.1
shows a 60-in ceiling fan with three blades attached to the rotating part of the

motor.

FUNCTION DURING THE HEATING SEASON

The main purpose of a ceiling fan is destratification during the heating season, ie.,
bringing down the warm air near the ceiling and mixing it with the cool air at floor
level. The temperature difference depends on the height of the building. For a
20-ft ceiling height, there often is a 15°F temperature difference. By bringing
down the warm air, the temperature difference can be reduced to 2°F. This will
minimize the heating requirements and result in a heating cost reduction of at

least 5 percent.

FUNCTION DURING THE SUMMER

A second function of a ceiling fan is the cooling effect it produces during the sum-
mer months as the gentle breeze causes some evaporation of the moisture on the
skin. Furthermore, some models have a reversible motor so that the fan can blow
upward during the summer for general air circulation in the space.

221
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FIGURE 22.1 A 60-in industrial ceiling fan with three blades,

PERFORMANCE

-

Figure 22.2 shows the flow
_ﬂoo_r. As the air stream mo
Ing in decreasing air velocities. The largest floor area that can be covered is a circle
of 80 ft diameter. This can be accomplished with a large fan, 60- to 72-in diameter

mounted 20 to 25 ft above the floor. This is the opti i i i
. : . ptimal mounting height. F
or lower mounting heights, the covered area becomes smaller. g Helght For higher

pattern for a typical ceiling fan mounted 20 ft above the

Figure 22.3 is a graph showing how the air velocity decreases as the air stream

moves down and diffuses radially outward. The rate i i
. of decrease is fast at f;
becomes slower as the floor level is approached. et and
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FIGURE 222 Flow pattern of a typical 60

-in ceiling f;
of Leading Edge, Inc., Miami, Fla. ) ceiling fan mounted 20 ft above the floor. ( Courtesy
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ves down, it spreads out to ever-increasing areas, result- -
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FIGURE 22.3 Graph showing how the air velocity decreases as the air stream moves down toward
the floor and diffuses radially outward. (Courtesy of Leading Edge, Inc., Miami, Fla.)

APPLICATIONS

Ceiling fans are used in residential, commercial, agricultural, and industrial applica-
tions. Here are some examples.

Residential Applications

The ceiling fan can be used in any room but is most often found in exercise rooms
and finished basements. Here the fan should be positioned 1 to 2 ft from Fhe ceiling
and not less than 8 to 9 ft from the floor. Occasionally, a ceiling fan is used in outdoor
patios.

Commercial Applications

Ceiling fans are used in retail stores, office buildings, public buildings, schools, gym-
nasiums, libraries, churches, indoor swimming pools, and indoor tennis courts.

Agricultural Applications

Ceiling fans are used in animal shelters, poultry houses, stables, and dairy barns.
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Industrial Applications

Ceiling fans are used in factories, foundries, and warehouses. Here, the fan is
mounted 20 to 25 ft above the floor for maximum area coverage.

SUMMARY

Ceiling fans are not an absolute necessity, but they are beneficial because they econ-
omize regarding the heating cost in winter and they improve the comfort of the
occupants in summer. They are used in many applications because they are simple to
install and are inexpensive, both in first cost and in operation.

CHAPTER 23

AMCA STANDARDS

STANDARDS HANDBOOK

The Air Movement and Control Association, Inc. (AMCA), Arlington Heights, I1li-
nois, has established some standards for axial fans, centrifugal fans, and tubular
centrifugal fans (also called mixed-flow fans or axial-centrifugal fans), as well as
for some accessories, such as inlet boxes. AMCA’s Standards Handbook, Publication
99-86, starts with definitions for 27 products, such as the several fan types, air-
handling units, heaters, roof ventilators, air curtains, makeup air units, louvers, pent-
houses, and dampers. This chapter will present and discuss the most important
portions of these AMCA standards.

CENTRIFUGAL FANS

There are two groups, called centrifugal fans and industrial centrifugal fans. Both
these groups were discussed in Chap. 7. Figures 23.1 and 23.2 show the AMCA rec-
ommendations for these two groups of fans. You will note that there are 25 standard
sizes of centrifugal fans and 16 standard sizes of industrial centrifugal fans. Review-
ing some of the data presented in Chap. 7, the two groups have the following differ-
ences in their designs: The centrifugal fans with AF and BI blades usually have d,/d,
ratios of about 75 percent, maximum blade widths equal to 46 percent of d; and
mostly blade angles of 15° to 20° at the leading edge and about 45° at the blade tip.
The industrial centrifugal fans with AH wheels have smaller d,/d, ratios (about 58
percent), narrower blades (46 percent of a smaller d;), and steeper blade angles
(about 23° at the leading edge and 62° at the blade tip). These differences will result
in less air volume and more static pressure for the industrial centrifugal fans, as was
indicated in Fig. 7.20, which showed a comparison of the performances.

DRIVE ARRANGEMENTS
FOR CENTRIFUGAL FANS

Figures 23.3a and 23.3b present 16 different drive arrangements for centrifugal fans,
some of them for direct drive, some of them for belt drive, and some of them for
either direct or belt drive. Twelve arrangements are for SWSI, and four are for
DWDIL. Four of the arrangements are with inlet boxes. In most of the belt-drive
arrangements, the bearings are supported by the housing structure, but in four of the
arrangements, separate bearing pedestals are used.

Figure 23.4 shows how the airflow through the inlet box of a centrifugal fan can
approach the fan inlet from above, from below (with possible interference with the
floor structure), from a side, or from an angular direction.

23.1
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Tapered or Straight Impelier l
I<—a——>l
- —
}4—.— R |
Maximum Impelle Maximum Maximum Maximum
l!)'l';‘r,r::‘t.o'r Outlet Area D'I';‘r,:olerr Outlet Area Impelter Inlet D'a"“"e". 0 Outlet Area
(Inside Dimensions) D (Inside Dimensions) Diameter | A ’:°'s';"’:'u‘i3:r';":::')‘° (Inside Dimensions)
In Inches A')‘(’B ininches A""’B in Inches (in o A':'B
in Inches
SWsl| owDI Sws! DWDI 012 T 6
12.25 .86 1.55 44.50 11.39 20.49 22,62 13 93
13.50 1.08 1.89 49.00 13.80 24.85 2612 15 1.24
15.00 1.29 2.33 54.25 16.92 30.46 062 17 1,50
16.50 1.57 2.82 60.00 20.70 37.26 53'30 19 1.97
18.25 1.92 3.45 66.00 25.05 45.08 3650 21 2.41
20.00 2.30 4.14 73.00 30.64 55.15 pos 23 290
2225 2.85 5.12 80.75 3749 | 67.48 prets 2 369
24.50 3.45 6.21 89.00 4554 | 8198 aoes 50 462
27.00 419 7.54 98.25 5550 | 99.90 o0 3 5.99
30.00 5.17 9.31 108.75 168.00 | 122.40 e 37 7.51
33.00 6.26 11.27 120.00 82.80 149.03 7125 a1 9.20
36.50 7.66 13.79 132.50 100.9¢ | 181.70 7808 p 11.10
40.25 9.31 16.77 85:25 y 49 13.17
93.75 54 15.93
60 19.70
Notes: 104.25
1. SWSI = Single width, single inlet fan. DWDI = Double width, double inlet fan. : Not
¢ , otes:
2. Precise outlet area, SWSI = 0.00574967 x D2. . A
Precise outlet area, DWDI = 0.01034941 x D2, 1. Precise outlet area = 0.0018125 x D2.
3. Afan conforming to this Standard shail not exceed the impeller diameter i 2. Afan conforming to this Standard shall not exceed the maximum inlet
or maximum outlet area shown. : diameter or maximum outlet area shown.
Adopied - ‘Adopted
AMCA STANDARD 9-26-82 AMCA STANDARD 9-26-82
99-2401-82 Reviewed 99-2402-82 Reviewed
PAGE10F 2 PAGE 10F 2

FIGURE 23.1 AMCA standards for centrifugal fans. FIGURE 23.2 © AMCA standards for industrial centrifugal fans.

Figure 23.5 shows 16 possible designations for the rotation and discharge of cen-
trifugal fans. While top horizontal and bottom horizontal may be the most com-
monly used arrangements, upblast, downblast, and angular discharge are used quite
often, too. :

Figure 23.6 shows four motor positions for belt or chain drive centrifugal fans.
Here the motors are mounted separately, as is sometimes done in large fan sizes. In
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SW - Single Width DW - Double Width
S| -Single Inlet DI - Double tnlet

Arrangements 1. 3. 7 and 8 are also availabl
.3, e with bearings m
on pedestals or base set independent of the fan housm‘g g° mounted E

For designation of rotation and discharge, see 99-2406. ==
For motor position, belt or chain drive, see 99-2407.
For designation of position of iniet boxes, see 99-2405.

ARR. 1 SWSI For belt drive or di-
rect connection. Impetier overhung
Two bearings on base.

= F ==y

ARR. 2 SWSI For bell drive or di- ARR. 3 SWS

N } For belt drive or di-
ge:(r(l;:nnecnon impeller overhung. rect connection One bearing on ::Rcr.cir?rznl' Fo:)be" searene o
f ah gs in bracket supported by each side and supporled by fan each sid p '%n oned b o0
an housing. housing housing ¢ and supported by fan

ARR. 4 SWSI For direct drive. Im-
peller overhung on prime mover
shaft. No bearings on fan. Prime

mover base mounted or integrally
directly connected

ARR. B SWSI For belt drive or di- ARR. 9 SWS
X . ! For belt drive. im-
rect connection. Arrangement 1 peller overhung, two beanngse. w:;’h

ﬁ:g\s’erextended "base for prime prime mover outside base.

==

ARR. 7 DWDI  For belt drive or di-
rect connection. Arrangement 3
plus base for prime mover

ARR. 7 SWSI For belt drive or di-
rect connection. Arrangement 3
plus base for prime mover

ARR. 10 SWSI For belt drive. Im-
pelier overhung, two bearings, with
prime mover inside base

FIGURE 23.3a Drive arrangements for centrifugal fans per AMCA Standard 99-86.

smaller sizes, the motor usually is mounted on some i
‘sizes, art of the housin
shown in Fig. 23.3. P B sirueture, as

OPERATING LIMITS FOR CENTRIFUGAL FANS

Figure 23.7 shows the operating limits for single-width centrifu ith airfoi
how ng Li gal fans with airfoil or
backwardly inclined blades, dividing them into classes I, I, and III according to their
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SW - Single Width DW - Double Width
St - Singte Inlet DI - Double inlet

For designation of rotation and discharge,
For motor position, belt or chain drive,
For designation of position of inlet boxes,

=

ARR. 1 SWS! WITH INLET BOX For
belt drive or direct connection. Impel-
ler overhung, two bearings on base.
intet box may be self-supporting.

A==

[
L-d Ll—d

ARR. 3 DWDI WITH INDEPENDENT
PEDESTAL For belt drive or direct
connection fan, Housing is self-sup-
porting. One bearing on each side
supported by independent pedestals.

=R

1
L_d [

ARR. 3 SWSI WITH INDEPENDENT
PEDESTAL For belt drive or direct
connection fan. Housing is self-sup-
porting.. One bearing on each side
supported by independent pedestals.

L_J

ARR. 3 DWDI WITH INLET BOX AND
INDEPENDENT PEDESTALS For
belt drive or direct connection fan.
Housing is self-supporting. One
bearing on each side supported by in-
dependent pedestals with shaft ex-
tending through inlet box.

r—~
1}
L.

see 99-2406.
sea 99-2407.
see 99-2405.

BE

ARR. 3 SWS! WITH INLET BOX AND
INDEPENDENT PEDESTALS For
belt drive or direct connection fan.
Housing is self-supporting. One
bearing on each side supported by in-
dependent pedestals with shaft ex-
tending through inlet box.

= —

ARR. 8 SWSI WITH INLET BOX For
belt drive or direct connection. impel-
ler overhung, two bearings on base
plus extended base for prime mover.
inlet box may be self-supporting.

FIGURE 23.3b Drive arrangements for centrifugal fans per AMCA Standard 99-86.

outlet velocities and static pressures. The fans must be structurally strong enough
to produce the outlet velocities (fpm) and static pressures (inWC) indicated for

each class.
Figure 23.8 shows the operating limits for double-width centrifugal fans with air-
foil or backwardly inclined blades. Figure 23.9 shows the operating limits for single-
width FC centrifugal fans. Figure 23.10 shows the operating limits for double-width
FC centrifugal fans. Figure 23.11 shows the operating limits for tubular centrifu-

gal fans.
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FIGURE 234 Inlet box positions for centrifugal fans per AMCA Standard 99-86.

i

Figure 23.12 shows various drive arrangements for tubular centrifugal fans. Fig-
ure 23:13 shovys various drive arrangements for axial-flow fans with or without evasé
anq Wlth.OI’ w1.thout an inlet box. However, inlet boxes are not often used in combi-
na'tnl)r%1 Wlt}% axial-flow fans, because inlet boxes produce uneven flow conditions and
axial-flow fans are more sensitive to inlet turbulence and to an unev istributi
of the inlet velocity. en distribution

SPARK-RESISTANT CONSTRUCTION

This section of the standard deals with fans handling potentially explosive or
ﬂamma.ble gases or vapors where sparks must be avoided. It applies to centrifugal
fans, ax1al:ﬂow fans, propeller fans, and power roof ventilators. It discusses permissi-
ble materials, spark-preventing constructions, and various arrangements to improve

S S e
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Clockwise Clockwise Clockwise Clockwise
Up Blast Top Angular Up Top Horizontal Top Angular Down
CW 360 CW 45 - cweo CW 135

2)
)

)

Clockwise Clockwise Clockwise Clockwise
Down Blast Bottom Angular Down Bottom Horizontal Bottom Angular Up
CW 180 Cw 270 315

)
)
wg

Counterclockwise
Top Angular Down
CCW 135

Counterclockwise
Top Horizontal
CcCwgo

Counterciockwise

Countercliockwise
Top Angular Up
CW 4

fo)

)
()
£
)

Counterclockwise Counter V clockwise Counterclockwise Counterclockwise

Down Blast Bottom Angular Down Bottom Horizontal Bottom Angutar Up
CCW 180 CCW 225 CCW 270 CCW 315
Notes:

1. Direction of rotation is determined from drive side of fan.
2.0n single inlet fans, drive side is always considered as the side opposite fan inlet.

3.0n doubte inlet fans with drives on both sides, drive side is that with the higher powered drive unit.

4. Direction of discharge is determined in accordance with diagrams. Angle of discharge is referred to

the vertical axis of fan and designated in degrees from such standard reference axis. Angie of dis-
charge may be any intermediate angle as required.

5. For fan inverted for ceiling suspension, or side wall mounting, direction of rotation and discharge is
determined when fan is resting on floor,

99-86.

i
i
i
i

FIGURE 23.5 Designations for rotation and discharge of centrifugal fans per AMCA Standard
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Location of motor is determined by facing the drive side of fan and designating
the motor positions by letters W, X, Y, or Z as the case may be.

FIGURE 23.6 Motor positions for belt or chain drive centrifugal fans per AMCA Standard 99-86.

the safety of fans and fan systems, including bearings, drive components, and electri-
cal devices.

SUMMARY

The standards established by AMCA are valuable in several ways. For example, the
fan industry needed definitions to avoid misunderstandings. It also needed fan clas-
sifications with regard to outlet velocities and static pressures and other guidelines
for uniform provisions, such as drive arrangements, rotations, discharge positions,
and inlet boxes. Another value of the standards is the promotion of safety regarding
structural strength and spark resistance. Finally, the standards will permit customers
to make easier comparisons of fans made by different manufacturers, if they con-
form with the AMCA standards. This means that customers can study catalogs on
competitive fans and decide in favor of one not only by comparing prices but also by
comparing design and performance features.
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FIGURE 23.7 Operating limits for single-width centrifugal fans with airfoil or backwardly inclined
blades per AMCA Standard 99-86.
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FIGURE 23.8 Operating limits for double-width centrifugal fans with airfoil or backwardly

inclined blades per AMCA Standard 99-86. FIGURE 23.9 Operating limits for single-width centrifugal fans with forward-curved blades per

AMCA Standard 99-86.
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Optional on all

——— arrangements P S |
ARRANGEMENT 1 Y et }: Evase |
For belt drive. Impeller overhung ! l ”::___——ﬂ
on a shatt supported by bearings {
mounted within casing. Motor \ Iy !
mounted independent of casing, \ 1 !
Horizontal discharge. SO j' ~—— 4
ARR.1 ARR.1TWO STAGE
For belt drive or direct connection. Impelier overhung. Two bearings
located either upstream or downstream of impetier.
ARRANGEMENT 4 r—t+h
For direct drive. impatler ovethung 'ml ' ™
on motor shaft. Motor supported Uﬁ: ! H
within casing. For horizontal L4 p
and vertical discharge. Duct
mounting shown,
ARR. 3 ARR. 4 ARR.4TWO STAGE
For belt drive or direct For direct connection. impeller
connection. Impeller between overhung on motor shaft. No
bearings that are on internal bearings on fan. Motor on
orts. Drive through iniet. internal supports.
ARRANGEMENT 9 supp N 9 n

For belt drive. Impeller overhung
on a shatt supported by bearings
mounted within casing. Designed
for mounting of motor on outside
of casing in one of the standard
locations shown. For horizontai
and vertical discharge. Duct
mounting shown,

* H—y [ H—=
=T ]

ARR.7 ARR. 8(1 or 2stage)
Motor Shown in Position 360 For belt drive or direct connection. For belt drive or direct
: ~- VERTICAL :MOUNT'NG Arr. 3 plus common base for prime connection. Arr. 1pius
View Facing Outlet mover. common base for prime mover.
Arrow ) designates the direction of airflow.
Rotatlon of fans is determined by viewing from the fan outlet end.
Specify either up blast or down biast discharge for vertically-mounted fans. |
The locations of motors, supparts, access doors, etc., are determined by viewing Ceiling-Mounting Brackets
the outlet of the fan and resting focation 180 on the floor as shown for Arrangement 9. l
Arrangements 4 and 9 can be furnished with suppprts for floor, wall or ceiling L R
mounting. The position of these supports determines which motor locations are ARR. 9 Motor on Casing ARR. 9 Motor on Integral Base

g available for motor placement. Generally motor locations 135, 180, and 225 are not, ,
available on floor, wall or inverted ceiling-mounted fans and motor locations 45, ] For belt drive. Impelier overhung. Two bearings on internai supports.
90, 270 and 315 may not be available for ceiting-hung fans. i Motor on casing or on integral base. Drive through belt fairing.

Another method of mounting vertical fans is shown in the view on the right. Specify 3
fan to be furnished with ceiling-mounting brackets, floor-mounting brackets or both, Floor-Mounting Brackets NOTE: All fan orientations may be horizontal or vertical.
FIGURE 23.12 Drive arrangements for tubular centrifugal fans per AMCA Standard 99-86. FIGURE 23.13 Drive arrangements for axial-flow fans with or without evasé and with or without

an inlet box per AMCA Standard 99-86.




CHAPTER 24
MECHANICAL STRENGTH

CENTRIFUGAL FORCE

As a fan wheel rotates, the blades are subject to centrifugal force, pulling the blades
radially outward. In order to check whether this force might break the fan blade
from the hub or from the back plate, we want to calculate this centrifugal force. In
order to do this, we need to know only three quantities: the weight W of one blade,
the distance R of the blade center from the center of rotation, and the speed of the
rotating fan wheel. If we know these three quantities, we can calculate the centrifu-
gal force F using the following formula:

F=3.409x 10" x Wx R X rpm? (24.1)

where  F=force in pounds
W = weight in pounds
R = distance in feet

Example: Suppose the blade weighs 5.5 1b, its center is 2 ft from the center of rota-
tion, and the fan wheel runs at 1200 rpm. The centrifugal force then will be

F=3.409 x 10™x 5.5 x 2 x 1200% = 5400 Ib

Figure 24.1 is a graph from which the centrifugal force F for W=1 b can be read
directly. We first find 1200 rpm on the abscissa and a 2-ft radius on the ordinate.
Where these two meet, we find a centrifugal force of 980 Ib if the blade weighs only
1 1b. If we multiply this number by the actual weight of 5.5 1b, we get a centrifugal
force of 5400 Ib, the same as from Eq. (24.1).

TENSILE STRESS AND YIELD STRESS

If the cross section of the blade is 3.4 in?, the simple tensile stress will be 5400/3.4 =
1588 Ib/in? (psi). With a safety factor of 3, we get 4765 psi. We are on the safe side
for structural steel, which has a tensile strength of 60,000 psi and a yield strength of
38,000 psi, but we could not use aluminum, which has a tensile strength of 9000 psi
and a yield strength of only 4000 psi. For shear stress, the calculation would be sim-
ilar.

If a safety factor of 3 seems higher than necessary, we have to consider two side
effects that require this high safety factor:

1. In centrifugal fans with wide blades and small blade angles, the blades may
buckle out before they break.

24.1
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FIGURE 24.1 i i .
the radine 1 Centrifugal force in pounds on a 1-1b mass as a function of the speed (rpm) and

g 1
20 SOIIle Sh ht blade HbIatIOI‘l IIlay Iesult m fat gue fallure even befOI'e the yleld
StIength 18 Ieached. Blade VlbIatIOn 1Isa paltlculal dan (& lf t]le Speed I)I Odu €S a
g r Ces

IOI these two reasons, a hlgh Safety tact()[ 18 advlsal)le 1N axia -”()W ans as well a
2) ‘ I f 11 S 1n

AXIAL REACTION FORCE ’

-_—
In axial-flow fans, the shaft is subject to an axial reaction force o i irecti
of airflow. Suppose the fan produces a static pressure of 5 inWCp.pgsriteei;hcid;ﬁ;gt%?
columq equals 0.036127 psi (see Conversion Factors before Chap. 1). The 5 inWC
then will be equal to 5 x 0.036127 = 0.1806 psi. If this is a 20-in axial-flow fan the
housing area will be 2.18 £t? or 314 in2 The axial force, therefore, will be 314 x 0 i806
=57 Ib. Note that the axial reaction force is small and will not b;: a problem .

MECHANICAL STRENGTH 24.3

SHAFT TORQUE

Finally, we should check the torque T transmitted by the shaft driving the fan wheel
by belt drive. This torque can be calculated from the following formula:

T = 63030 x bhp/rpm (24.2)

where T is in pound-inches.
Suppose that the fan consumes 100 bhp while running at 1750 rpm. The torque

then will be T'= 63030 x 100/1750 = 3600 1b-in. Again, an adequate safety factor will
be needed to take care of the starting torque, which may be considerably larger. The
shaft has to be strong enough to transmit this torque.

TEST PIT

Fan wheels can be tested for mechanical strength in a test pit with heavy steel walls
as a protection in case of fractures with flying blades. The speed is increased gradu-
ally, either by rheostat speed control or simply by changing pulleys. After the actual
operating speed has been reached without any deformation, the speed often is fur-
‘ther increased for overspeed testing to ensure a safety margin. This increased speed
may require an excessive motor brake horsepower. If the test pit is built airtight, the
required motor brake horsepower can be greatly reduced by rarefying the air pres-
sure inside the test pit with a vacuum pump. Equation (5.23) shows that the brake
horsepower is proportional to the air density, which in turn is proportional to the
atmospheric pressure. Therefore, if the pressure inside the pit is reduced to one-
hundredth (from 29.92 to 0.30 inHg), the brake horsepower is reduced to one-
hundredth too (say from 100 to 1 bhp). While the overspeed testing could be
continued to actual fracture and destruction, most of the time this is not done, but
the test is continued only until a satisfactory safety margin has been reached.



CHAPTER 25

TROUBLE SHOOTING AND
PROBLEM SOLVING

GUIDELINES

Here is a list of troubles and problems frequently encountered in the operation
of fans.*

Symptom Possible cause

1. Fan will not start Blown fuses
Broken belts
Loose pulleys
Impeller touching housing
Wrong voltage

" 2. Excessive noise level Impeller hitting inlet cone
Loose motor bolts
Wrong pulley size
Defective bearing
Bent or undersized shaft
Poor wheel balance

3. Air volume too small Wrong fan rotation
Fan speed too slow
Dampers closed too much
Coils and filters dirty
Inlet or outlet obstructions
Fan too small for application

4. Air volume too large Wrong fan rotation
Fan speed too high
Dampers not installed
Access door open
Fan too large for application

5. Horsepower too high Wrong fan rotation
Fan speed too high
Fan type or size not best for application
Incorrect motor selection
Gas density too heavy

In addition to these simple events, here are a few examples of problems that I
have encountered. They might be of help in avoiding similar problems.

* Some of this information has been taken from Bleier, E P, Fan Design and Application Handbook
(Hopkin, Minn.: Ammerman Company). -

25.1
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CONVERGING CONE

In Fig. 1.8 we reported about the excessive air spin developed as the airflow passed
through a converging cone. Conclusion: A converging cone sometimes should be
equipped with some longitudinal vanes to prevent excessive air spin.

WRONG ROTATION

A 22-in pressure blower was designed by me. It was directly driven by a 5-hp, 3500-
rpm motor. It had narrow blades that were flat and backward inclined by 15° from
aradial line. After the shop had built a test sample, the factory manager phoned. He
was perplexed because the motor was badly overloaded and the fan was quite noisy.
I'traveled to the plant, inspected the unit, and found that the blades were welded to
the back plate at the 15° angle but inclined to the wrong side. In other words, these
blades were not backward inclined but were forward inclined and therefore over-
loaded the motor. A new fan wheel was built. It performed quietly, in accordance
with the requirements and without motor overload. This example belongs to the
preceding group 5 (brake horsepower too high due to wrong fan rotation). Conclu-
sions:

1. Check the blade angles in relation to the fan rotation.

2. Forward-inclined, flat blades are not customary in centrifugal fans. Forward-
curved blades, radial blades, and backward-inclined, flat blades are customary,
but not forward-inclined, flat blades.

WRONG INLET SPIN

An 18-in vaneaxial fan with inlet vanes was designed by me. After the shop had built
a test sample, the president phoned. He pointed out that the air stream past the unit
spread outward in a conical pattern, leaving the inner portion with hardly any air-
flow. I inspected the unit and found that the inlet vanes were curved the wrong way,
giving the air stream a spin in the direction of fan rotation instead of against it. In
other words, the inlet vanes reinforced the air spin instead of counteracting it. This
resulted in an even stronger air spin past the unit that—by centrifugal force—caused
the air stream to spread outward. After new inlet vanes were installed, the air stream
left the unit axially and evenly distributed from hub to tip. At the same time, the air
volume was increased by 16 percent on average. Conclusion: Check the direction of
the air spin past inlet vanes. It should be opposite the fan rotation so that the subse-
quent fan wheel will produce an approximately axial airflow.

WRONG UNITS (METRIC)

A coworker who had been running and calculating fan tests for years and was quite
good at it studied a book on fan design. This book was an English translation of a

TROUBLE SHOOTING AND PROBLEM SOLVING 253

German book, with the formulas in metric units. The translator did not bother to
convert the formulas to American units. My coworker put actual values into the
formulas, using American units, and was disappointed that the results did not make
sense. After I went over his calculations with him, the problem was cleared up
and he continued with his studies. Conclusion: Before using a formula, check
whether it is for American or for metric units. (American units are used throughout

this book.)
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CHAPTER 26

INSTALLATION, SAFETY,
AND MAINTENANCE*

For successful operation of a fan, three requisites are necessary: satisfactory perfor-
mance, installation, and maintenance.

1. The fan selected must be adequate for the required duty with regard to air vol-
ume, static pressure, horsepower, and noise.

2. The fan must be installed properly for ensured safety, for a minimum of inlet tur-
bulence and vibration, and for optimal line-up of bearings, couplings, and
sheaves.

3. The fan must be inspected periodically and maintained properly with regard to
belt tension, lubrication, and clean surfaces. Preventive maintenance is better
than subsequent expensive repairs.

Item 1 was discussed in Chaps. 8 and 11. Items 2 and 3 will be discussed now.

SAFETY PRECAUTIONS

Guards

Fans contain various rotating components, such as fan wheels, shafts, couplings,
sheaves, and shaft cooling wheels. All these rotating components are potential haz-
ards. Guards, therefore, should be provided at exposed fan inlets and outlets as well
as over the couplings, V-belt drives, and so on.

Maximum Speed and Air Temperature

These limits for each fan size can be found in the rating tables published by the man-
ufacturer. These limits must be observed.

Foundations

Roof ventilators are mounted on top of roof curbs that are factory-built for proper
support of the weight. Larger fans require more substantial foundations. These foun-
dations should be level, rigid, and of sufficient mass for the equipment. Concrete is
preferable. The mass should be equal to three or four times the fan weight. If a
structural-steel foundation is used, it must be rigid enough to ensure permanent
alignment and to prevent excessive vibrations. The minimum natural frequency of

* Some of the information presented in this chapter has been taken from various bulletins published by
the Chicago Blower Corporation, Glendale Heights, Ill., and by FloAire, Inc., Bensalem, Pa.

26.1
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any foundation part should be 25 to 50 percent higher than the fan speed. Whep the
fan is mounted on the foundation, the fan shaft should be level, and shims shoylqg be
used at the support points before the foundations bolts are tightened. This will pre.
vent any distortion or twisting of the equipment and any possible rubbing of the
rotating parts.

AIRFLOW AT FAN INLET AND OUTLET

For a fan to perform in accordance with the rating tables, the airflow ahead and past
the fan must be smooth and evenly distributed. This requires either no duct connec.
tion or a straight duct at least three duct diameters long before an elbow is placed, It
this is not possible because of space limitations, the elbow should be equipped with
turning vanes to prevent a loss in performance. Duct connections at the fan inlet or
outlet should be flexible to isolate the fan from an expanded duct diameter, from
vibration, and from noise. The duct should be separately anchored and not be sup-
ported by the fan.

HIGH-TEMPERATURE FANS

These fans require special provisions in order to prevent rubbing of the fan whee]
against the inlet cone of centrifugal fans. This is so because the housing expands up
from the foundation while the fan wheel expands concentrically from the shaft cen-
terline. In order to obtain an even radial clearance all around when the fan handles
hot air, the cold fan should have a clearance that is twice as much at the top as at the
bottom. The allowance for clearance, therefore, must be larger to begin with.

V-BELT DRIVE

In axial-flow fans, the air volume can be varied with adjustable-pitch blades. In cen-
trifugal fans, the air volume can be varied by using different blade widths. The widest
flexibility, however, is obtained with belt drive. Here, the speed can be varied and
thereby the air volume and also the static pressure. In Chap. 16 we mentioned that
belt drive has three disadvantages: the expense of bearings, sheaves, etc., the belt
drive losses, and the extra maintenance. Nevertheless, belt drive is prevalent in large
sizes because it results in the widest flexibility and it avoids expensive low-speed
motors.

V-belt drives require careful alignment of the sheaves and adjustment of the belt
tension, both to be done after the fan has been mounted on its foundation because
the tightening of the mounting bolts may distort some of the previously aligned sur-
faces. Figure 26.1 shows four possible misalignments to be avoided. The following
steps should be taken: :

1. Check that fan and motor shafts are parallel; adjust and shim the motor as
required.

2. Move fan and motor sheaves axially so that their faces are not only parallel but
also aligned. This can be checked with a cord, as shown in Fig.26.2.
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FIGURE 26.1 Fan belt misalignments to .be
avoided. (Courtesy of Chicago Blower Corporation,
Glendale Heights, Ill.)

Cord Tied
To Shaft P

Cord Touching Sheaves At
Points Indicated By Arrows.

i t of two sheaves.
GURE 26.2 Use of a cord to check. the alignment o
?éourtesy of Chicago Blower Corporation, Glendale Heights, I1.)

3. Check fan and motor sheaves for balance whenever there is too much vibration.

Use balanced sheaves.
4. Tt is normal on V-belt drives handling more than 20 hp to squeal on start-up. Do

not tighten belts too much.

i ill assume, depending on its
i 26.3 shows three possible shapes a fan belt will ass }
tigtilr%::: Belts either too loose or too tight may cause vibration an_d e'xcesswe wear.
The following steps should be taken to obtain the proper belt tension:

~ -,

Slight Bow . 700 Loose

FIGURE 26.3 The shape of a fan belt on the slack
side is an indication of the belt tension. ( Qourtesy of
Chicago Blower Corporation, Glendale Heights, )
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1. With all belts in their proper grooves, a
slack until the belts are fairly taut.

2. Run the fan and observe the belt sha
only a slight bow on the slack side of the drive while operating under load

3. After 2 or 3 days of operation, the belts will seat the :
grooves, Furthermore, a new belt may stretch 10 percent d
operation. It therefo.re is necessary to readjust the belt
again shows only a slight bow on the slack side. Once this
should operate satisfactorily with only an occasional rech

djust the motor position to take up all the

uring the first month of
tension until the drive
has been done, the fan
eck every few months,

LUBRICATION OF BEARINGS AND COUPLINGS

After the bearings and coupli i
; 1 uplings have been aligned properly and

lglc?iecr;ttelgl}t(;ang?, tlllglr lubr;cation should be checked?(’Ige rgoigr {)I;z:flfgsscgizzil;ve

r O to 10 years.) The grease fittings should be wi !
should be run or slowly rotated b i oricating is aone o cither

I y hand while the lubricating is d
isrlllglslglai Ib% %?:;ped in veﬁy slowly until a slight bead of grease fogrms a?gﬁﬁg;eg lrazzsre
i . reasing, however, should be avoided, because it :
ings to heat up. After proper lubrication, th i iy for wperation. Do
_ ; , the fan is ready f i

continuously running fan, the lubrication should be recheckeg e\(/);r}(l) gza(l)t:t)lrllé I];?s;ra

ings and couplings may heat up somewhat, b
~on them briefly, the heat-up is I:x:ceptabl:. Ot 8 long as the bare hand czn be held

VIBRATION

Vibration amplitudes are measured b ic i

. ed by electronic instruments in mils (1 mil =
gﬁe’g}gﬁ Sal;ci g;ﬁi?b?:t itgz outsiqte é)f Fhe bearings, in vertical, horizoétallm;nd(z)i.ggnll

-A sma amplitude is unavoidable, but a la itu
reduce bearing life and should be corrected ’ e itatn dooene g
. The acceptable li
the fan speed. It becomes smaller as th eod N ollbing e oot
fan - It becor e speed increases. i
las indicate the vibration amplitude V in Exils for th?:: chr?deitficc)}:g'wmg three formu

2865

= rpm normal and acceptable (26.1)
Ve 4200

~pm alarm, potential hazard (26.2)

_ 9550 . .

= Tpm immediate shutdown (26.3)

Table 26.1 shows the vibration amplitudes calculated from the preceding formulas

Should excessi i i i i
oatt ive vibration develop, the following possible causes should be investi-

1. Buildup of dirt i i '
Duile p or other foreign matter on the fan wheel might cause an imbal-

2. The bolts on the housing, the bearings, or the motor might not be tight enough

pe. Continue to adjust until the belts haQe .

mselves in the sheaye =
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TABLE 26.1 Vibration Severity Chart

Vibration in mils (peak to peak)

Maximum or Normal = 2865 Alarm = 4200 Shutdown = 9550
design speed (rpm) m m rpm

400 7.1 10.5 23.9

600 4.8 7.0 15.9

800 3.6 53 11.9
1000 29 42 9.6
1200 24 3.5 7.8
1400 2.0 3.0 6.8
1600 1.8 2.6 6.0
1800 1.6 2.3 53
2000 14 2.1 4.8
2200 13 1.9 4.3
2400 12 1.8 4.0
2600 1.1 1.6 3.7
2800 1.0 1.5 34
3000 0.9 14 32
3200 0.9 13 3.0
3400 0.8 1.2 2.8
3600 0.8 1.2 2.7
3800 0.7 1.1 2.5
4000 0.7 1.1 2.4

Source: Chicago Blower Corporation, Glendale Heights, I1l.

3. The V-belt drive’s alignment, the belt tension, or the balance of the sheaves may
be inadequate. '

4. The bearing locking collars may not be tight enough.

5. Check the set screws of the fan wheel.

6. Check for foreign matter that may have hit and damaged the fan wheel, the shaft,
or the bearings.

7. Check whether the vibration may come from a source other than the fan. To do
this, stop the fan and determine if the vibration still exists. Disconnect the motor
from the fan and operate it by itself to determine if it produces any vibration.

8. Check whether there is sufficient clearance between the fan wheel and the inlet
cone.

PROTECTION OF FAN WHILE NOT IN USE

If the fan is to remain idle and will be stored for an extended period, the exposed
surfaces as well as the bearings and couplings should be protected. The shaft should
be rotated periodically to prevent corrosion. The fan wheel should be blocked to
prevent windmilling. Upon removal from storage, bearings should be regreased with
an ample supply of fresh grease to purge and replace the old grease.
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Acceleration, 1.10

Accessories, 18.3

Adiabatic compression, 7.46
Aeration systems, 12.3-12.4
Aerodynamic paradox, 1.12-1.13
Agricultural ventilation:

Air curtains (Cont.):

requirements for, 21.2-21.3
vaneaxial fans for, 21.3-21.5

Air-handling fans, 7.22-7.27
Air horsepower, 1.7-1.8
Air ratio, 18.20

animal shelters, 12,1-12.2

ceiling fans for, 22.3

fan selection for, 12.9-12.12

grain drying and aeration systems, 12.3-12.4
incubator houses, 12.2-12.3

for shelled corn, 12.4-12.8

static pressure for, 12.8-12.9

Air basics:

aerodynamic paradox for, 1.12-1.13
ajrflow:
through converging cones, 1.9-1.11,
6.11-6.12
through diverging cones, 1.11-1.12,
6.12-6.14
through round ducts, 1.3-1.9
through sharp orifices, 1.14
along surfaces, 1.16-1.17
atmospheric pressure, L1-1.3
pressure and top spin, 1.13
static pressure, 1.3
total efficiency, 1.8
total press, 1.7
velocity, 1.4
venturi inlets, 1.14-1.16
Air-change method, 11.3-11.5

Alr curtains:

centrifugal fans for, 21.4-21.6
cross-flow blowers for, 21.6-21.7
examples for, 21.7

flow pattern and function in, 21.1
induced airflow in, 21.1

outside wind in, 21.1
performance of, 21.8

Air spin, L.11
Air temperature limits, 26,1
Air velocity in ventilation requirements,
11.6-11.7
Air volume:
and speed, 5.1
troubleshooting, 25.1
in ventilation requirements, 11.2-11.8
Airflow, 6.1
in air curtains, 21.1
in axial-centrifugal fans, 9.1-9.3
in centrifugal fans, 7.1
through converging cones, 1.9~1.11,
6.11-6.12
in cross-flow blowers, 13.1-13.3

through diverging cones, 1.11-1.12, 6.12-6.14

through filter bags, 6.3
through grain bins, 6.4
in installation, 26.2
through liquid pools, 6.1-6.3
through round ducts, 1.3-1.9
through sharp orifices, 1.14
along surfaces, 1.16-1.17
through ventilating systems, 6.4-6.5
through venturi inlets, 1.14-1.16
in vortex blowers, 15.1
Airfoil blades:
in axial fans, 2.10-2.11
in centrifugal fans, 2.10-2.11, 3.9-3.11,
7.3-7.16
operating limits for, 23.9-23.10
in vaneaxial fans, 4.9-4.10
Airfoil chords, 2.1-2.3

1.1



1.2

Airfoils:
characteristic curves of, 2.4-2.8
description and function of, 2.1-2.3
lift and drag coefficients for, 2.3-2.8
performance of, 2.3
shape of, 2.3
trailing edge, 2.2
Altitude and atmospheric pressure, 1.2
AMCA classification of centrifugal fans,
7.20-7.21
AMCA standards:
for centrifugal fans, 23.1-23.3
for drive arrangements, 23.1-23.8
handbook for, 23.1
for operating limits, 23.4-23.6, 23.9-23,15
for spark-resistant construction, 23.6, 23.8
AMCA Test Code, 18.1
Angles of attack, 2.1-2.2, 2.6-2.7
Animal shelters, 12.1-12.2
Aspect ratios, 2.4-2.5
Atmospheric pressure, 1.1-1.3
Axial-centrifugal fans, 3.13, 3.15-3.18
airflow patterns in, 9.1-9.3
drive arrangements for, 23.14
operating limits for, 23.13
performance of, 9.4
Axial-flow fans:
airfoil blades in, 2.10-2.11
axial and helical flows in, 4.2-4.3
blade twist and velocity distribution in,
4.3-4.27
blade width, 4.26
compressed-air driven, 4.70-4.72
designing, 4.1-4.2
dip in SP curve, 4.31
drive arrangements for, 23.15
in fluctuating systems, 4.44
guide vanes for, 4.19-4.23,4.27
mathematical design, 4.1
noise levels in, 4.44—4.45
nomenclature for, 4.1
operating principle, 4.2
performance of, 4.37-4.39, 4.53-4.56
propeller (see Propeller fans)
in roof ventilators, 10.2, 10.4, 10.6
selecting, 4.46-4.53, 8.1
tubeaxial (see Tubeaxial fans)
two-stage (see Two-stage axial-flow fans)
vaneaxial (see Vaneaxial fans)
Axial flows, 4.2-4.3
Axial reaction force, mechanical strength
for,24.2

INDEX

Backward-curved blades, 3.11, 7.17-7.19
Backward-inclined blades:

centrifugal fans with, 3.11-3.13, 7.17-7.19

operating limits for, 23.9-23.10
pressure blowers with, 7.42-7.46
Barns, ventilation for, 12.1-12.3
Barometers, 18.6
Bearings, lubrication of, 26.4
Belt drive systems:
for centrifugal fans, 7.2
for propeller fans, 3.3-3.4, 4.5
pros and cons of, 16.1
rating tables for, 20.1-20.4
for roof ventilators, 10.1
for vaneaxial fans, 4.18-4.19
V-belt drives, 26.2-26.4
Bernoulli’s principle of continuity,
1.10-1.13
Blade inside diameters in centrifugal fans,
7.7-7.8
Blade length in centrifugal fans, 7.10-7.11
Blade twist in axial-flow fans, 4.3-4.27
Blade width in centrifugal fans, 7.8-7.10
Blades and blade angle:
in centrifugal fans, 7.1, 7.3-7.4, 7.7-7.10
in geometric proportionality, 5.4
in two-stage axial-flow fans, 4.36—4.37
in vaneaxial fans, 4.23-4.27, 4.39-4.44
Brake horsepower, 1.7-1.8
calculating, 18.12-18.13
in centrifugal fans:
- air-handling, 7.22-7.23
with airfoil blades, 7.15
with forward-curved blades, 7.40-7.41
industrial, 7.31-7.32
pressure blowers, 7.43
and density, 5.10
and speed, 5.2
in two-stage axial-flow fans, 4.34
and wheel outside diameter, 5.12-5.14
BTU, 11.7

Calibrated motor, 18.12
Catalog performance, 20.1
Ceiling fans, 22.1
applications of, 22.3-22.4
in heating season, 22.1
performance of, 22.2-22.3
in summer, 22.1
Centrifugal fans, 3.8-3.9
for air curtains, 21.4-21.6
airflow patterns in, 7.1
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Centrifugal fans (Cont.):

with airfoil blades, 2.10-2.11, 3.9-3.11,
7.3-17.16

AMCA classification of, 7.20-7.21

AMCA standards for, 23.1-23.3

with backward-curved blades, 3.11,
7.17-7.19

with backward-inclined blades, 3.11~3.13,
7.17-7.19

blade angles, 7.17

blade length, 7.10

_ blade profiles, 2.7, 7.2

blade types, 7.2
blade width, 7.8
discharge in, 7.19-7.20, 23.2,23.7
drive arrangements for, 7.2, 23.1~23.8,
. 23.14-23.15
with forward-curved blades, 3.12, 3.14,
7.36-7.41
industrial, 7.21-7.32
inlet boxes for, 23.1,23.6
inlet clear, 7,12
inlet shroud, 7.5
motor positions for, 23.2-23.3, 23.8
operating limits for, 23.4-23.6,23.9-23.15
operating principles of, 7.1-7.2
in parallel, 7.55 )
performance of, 7.14-7.16
pressure blowers, 7.42-7.46
with radial blades, 3.13, 3.15,7.41
with radial-tip blades, 3.12, 3.14, 7.33~7.36
in roof ventilators, 10.3, 10.5
rotation for, 23.2,23.7
selection of, 8.1-8.2
in series, 7.46
sound levels in, 7.15, 7.19
turbo compressors, 7.46-7.55
vs. vaneaxial fans, 4.56
venturi inlets for, 1.14-1.15
volume control in, 7.55-7.58
Centrifugal force, mechanical strength for,
24.1
Cfm per occupant method, 11.6
Cfm per square foot of floor area method,
11.5
Chamber tests, 18.4
Characteristic curves of airfoils, 2.4-2.8
Chords, airfoil, 2.1-2.3
Circulatory flow in centrifugal fans, 7.7
Circumferential discharge types, 7.19-7.20
Circumferential velocity, 4.2-4.3
Clearances, 7.12-7.14

Comfort conditions, ventilation require-
ments for, 11.1-11.2
Commercial applications of ceiling fans,
223 .
Compressed-air driven axial-flow fans,
4.70-4.72
Compressors, turbo, 7.46-7.55
Constant-velocity duct design method,
11.16-11.17
Converging cones:
airflow through, 1.9-1.11, 6.11-6.12
troubleshooting, 25.2
Conversion factors, xvii
Converting performance, 5.1
Conveying velocities, 11.16
Cooling, fan selection example for, 8.3-8.6
Corn drying, 12.4-12.8
Costs vs. efficiency, 1.8-1.9
Counterrotating stages in two-stage axial-
flow fans, 4.29-4.30
Couplings, lubrication of, 26.4
Cross-flow blowers, 3.19, 13.1
advantages and disadvantages of,
13.3-13.4
for air curtains, 21.6-21.7
flow patterns and appearance of,
13.1-13.3
operating principles, 13.2
performance of, 13.3
Cutoffs in centrifugal fans, 7.12

Dairy barns, 12.1-12.3
Dampers, 7.56-7.58
Deceleration, 1.11
Decibels, 18.13-18.15
Deflection, 4.2,7.1
Delivery ratios; 4.70
Density:
and altitude, 1.2
fan laws for, 5.9-5.12
Designing:
axial-flow fans, 4.1-4.2
ducts (see Duct system design methods)
vaneaxial fans, 4.56, 4.61-4.70
Diffuser ratio, 7.48
Diffusers, 4.45-4.46
Dilution ventilation, 11.3
Direct drive systems:
for centrifugal fans, 7.2
for propeller fans, 3.3-3.4, 4.5
pros and cons of, 16.1
rating tables for, 20.1
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Direct drive systems (Cont.):
for roof ventilators, 10.1
for vaneaxial fans, 4.18-4.19
Discharge for centrifugal fans, 7.19-7.20,
23.2,23.7

Diverging cones, airflow through, 1.11-1.12

6.12-6.14

Double-inlet, double-width centrifugal fans

7.14
Double-width centrifugal fans:
characteristics of, 7.14
operating limits for, 23.10, 23.12
Downflow roof ventilators, 10.6
Draft, fan selection example for, 8.9-8.10
Draft gauges, 18.8-18.11
Drag coefficients for airfoils, 2.3~2.8
Drag force, 2.1--2.3
Drive arrangements:
for axial-flow fans, 23.15
for centrifugal fans, 7.2,23.1-23.8,
23.14-23.15
motor drives for, 16.1
motor types for, 16.1-16.2
prime movers for, 16.1
(See also Belt drive systems; Direct drive
systems)
Dry-bulb thermometers, 18.6-18.7
Duct boosters, 4.52
Duct system design methods, 11.8-11.9
constant-velocity, 11.16-11.17
equal-friction, 11.9-11.14
static-regain, 11.17-11.20
test, 18.2
velocity-reduction, 11.14-11.15
Ducts:
friction in, 6.9-6.12
for performance testing, 18.3-18.6,
18.16-18.17
for vaneaxial fans, 4.18-4.19
Dynamometers, 18.12

Efficiency, 1.7-1.9
of centrifugal fans:
air-handling, 7.22-7.23
with airfoil blades, 7.14
with forward-curved blades, 7.38-7.39
industrial, 7.31-7.32
with radial-tip blades, 7.33, 7.35-7.36
in two-stage axial-flow fans, 4.34
(See also Performance)
Egg-crate straighteners, 18.6
Elbows, airflow in, 1.16-1.17

INDEX

Electrical efficiency, 1.8
Electrical instruments, 18,12
Engines for driving fans, 4.70

Equal-friction duct design method, 11.9-11.14

Exhaust roof ventilators, 10.2-10.5, 10,7

Fan application, 8.3, 15.4
Fan characteristic, 6.1-6.2
Fan laws:
for converting performance, 5.1
for density variations, 5.9-5.12
for size variations, 5.4-5.9
for speed variation, 5.1-5.4, 5.6-5.9
for wheel outside diameter, 5.12-5.14
Fanless air movers:
operation of, 17.1
performance of, 17.1-17.2
Filter bags, airflow through, 6.3
Flow coefficients:
calculating, 14.2-14.6
for fan types, 14.6-14.7
plotting, 14.7-14.9
Flow straighteners, 18.5-18.7
Forms:
for performance testing, 18.19-18.25
for vacuum cleaner tests, 19.6
Forward-curved blades in centrifugal fans,
3.12,3.14,7.36-7.41
for air curtains, 21.4-21.6
operating limits for, 23.11-23.12
Foundations, 26.1-26.2
Friction losses:
through ducts, 1.5-1.6, 6.9-6.12
in ventilating systems, 6.8

Gear drives, 16.1
General fan laws, 5.1
Geometric proportionality, 5.4
Grain bins, airflow through, 6.4
Grain drying, ventilation for, 12.3-12.4
Guards:
locations of, 26.1
for propeller fans, 3.5
Guide vanes:
for axial-flow fans, 4.19-4.24, 4.27
for vaneaxial fans, 4.7

Heat-removal method, 11.7-11.8
Heating season, ceiling fans in, 22.1
Helical flows, 4.2-4.3
High-temperature fans, 26.2
Horsepower problems, 25.1

Housing in centrifugal fans:
with airfoil blades, 7.11-7.12
industrial, 7.21-7.22

Hub diameter, 4.7-4.10, 4.61

Hub-tip ratio, 4.34—4.36

Hydraulic losses, 7.7

In-line centrifugal fans, 3.13, 3.15-3.18
airflow patterns in, 9.1-9.3
drive arrangements for, 23.14
operating limits for, 23.13
performance of, 9.4
Incubator houses, 12.2-12.3
Induced airflow in air curtains, 21.1
Induction ratio in fanless air movers, 17.1
Industrial applications of ceiling fans, 22.4
Industrial centrifugal fans, 7.21-7.22
air-handling, 7.22-7.27
AMCA standards for, 23.1,23.3
long shavings, 7.31
long shavings open, 7.31
material-handling, 7.27-7.31
Inlet bells, 4.15-4.18
Inlet spin, troubleshooting, 25.2
Inlet turbulence in centrifugal fans, 7.19
Inlet vanes:
in axial-flow fans, 4.20-4.21, 4.23-4.24
in centrifugal fans, 7.58
Inlets and inlet boxes:
for centrifugal fans, 23.1,23.6
with airfoil blades, 7.13-7.14
with radial-tip blades, 7.33
clearance for, 7.12-7.14
for performance testing, 18.3-18.6
venturi, 1.14-1.16
In-line fans, 9.1
Installation:
airflow in, 26.2
of high-temperature fans, 26.2
lubrication in, 26.4
safety precautions in, 26.1-26.2
of V-belt drives, 26.2-26.4
vibration checks in, 26.4-26.5
Instruments in performance testing,
18.6-18.17

Kinetic energy, 1.11
Laboratory test setups, 18.1-18.3

Laminar airflow, 1.5, 6.3
Leading edge, 2.2

Length of blades in centrifugal fans, 7.10-7.11
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Lift coefficients for airfoils, 2.3-2.8
Lift force, 2.1-2.2

Liquid pools, airflow through, 6.1-6.3
Long shavings fans, 7.31

Long shavings open fans, 7.31
Lubrication, 26.4

Maintenance, 26.1
Make-up air, 10.1
Man cooler fans, 3.6
Manometers, 18.8-18.11
Material-handling fans, 7.27-7.31
Maximum speed limits, 26,1
Mechanical efficiency, 1.8
Mechanical strength:
for axial reaction force, 24.2
for centrifugal force, 24.1
for shaft torque, 24.3
for tensile stress, 24.1-24.2
test pits for, 24.3
Micromanometers, 18.10-18.11
Minimum air velocity method, 11.6-11.7
Mixed-flow centrifugal fans, 3.13, 3.15-3.18
airflow patterns in, 9.1-9.3
drive arrangements for, 23.14
operating limits for, 23.13
performance of, 9.4
Motors, 16.1-16.2
for centrifugal fans, 23.2-23.3,23.8
efficiency of, 1.8
for vaneaxial fans, 4.61-4.62
Multistage turbo blowers, 7.47-7.48,
7.50-7.53
Musical notes, 4.35

Noise levels:
in axial-flow fans:
factors in, 4.44-4.45
two-stage fans, 4.34
in centrifugal fans:
with airfoil blades, 7.15
from inlet turbulence, 7.19
in performance testing, 18.13-18.15
and size, 5.5
and speed, 5.2
troubleshooting, 25.1
in vortex blowers, 15.3
Number of blades:
in centrifugal fans:
with airfoil blades, 7.10
with radial-tip blades, 7.34
in geometric propottionality, 5.4
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Number of blades (Cont.):
in vaneaxial fans, 4.25~4.26
in vortex blowers, 15.1

Occupant method, 11.6

Operating limits in centrifugal fans,
23.4-23.6,23.9-23.15

Operating point shifting, 6.6-6.7

OSHA regulations, 11.1

Outlet dampers, 7.56-7.58

Outlet diffusers, 4.45-4.46

Outlet ducts in performance testing,
18.3-18.6

Outlet guide vanes, 4.19-4.21, 4.24

Outside wind and air curtains, 21.1

Overlapping performance ranges, 4.53

Panel fans, 3.1-3.6
Parabolic curves for axial-flow fans,
4.37-4.39
Parallel, centrifugal fans in, 7.55
Penetration, 1.10
Performance:
of air curtains, 21.8
of airfoils, 2.3
AMCA Test Code for, 18.1
- of axial-centrifugal fans, 9.4
of axial-flow fans, 4.37-4.39, 4.53-4.56
propeller, 4.52,4.54-4.55
tubeaxial, 4.52-4.53, 4.57
two-stage, 4.30, 4.34-4.38
vaneaxial, 4.38-4.39, 4.47-4.53, 4.58—4.60
of ceiling fans, 22.2-22.3
of centrifugal fans:
with airfoil blades, 7.14-7.16
with forward-curved blades, 7.39-7.41
industrial, 7.31-7.32
pressure blowers, 7.43
with radial-tip blades, 7.34-7.36
turbo compressors, 7.46, 7.49, 7.51-7.53
converting, 5.1
of cross-flow blowers, 13.3
curves, dimensionless, 14.7
of fanless air movers, 17.1-17.2
flow coefficients for, 14.2~14.6
instruments for testing, 18.6-18.,17
nozzle chamber, 18.4, 18.18
pressure coefficients for, 14.1-14.6
rating tables for, 20.1-20.3
representations of, 20.1-20.2
test ducts for, 18.3-18.6, 18.16-18.17
test forms for, 18.19-18.25

Performance (Cont.):
test procedures for, 18.17-18.19
test setups for, 18.1-18.3
of vacuum cleaners, 19.7
of vortex blowers, 15.2-15.3
(See also Efficiency)
Performance curves, 20.1
Performance graphs, 5.1
Pitot tubes:
for airflow through round ducts, 1.4
in performance testing, 18.8-18.9
Plug fans, 8.12
Pneumatic conveying, 7.52, 11,16
Poultry houses, 12.1-12.2
Pressure:
absolute, 1.13
atmospheric, L.1-1.3
and density, 5.10
and fan speed, 5.1-5.2
resistance (see System resistance)
static (see Static pressure)
in turbo compressors, 7.54-7.55
and wheel outside diameter, 5.12-5,13
Pressure blowers, 7.42
applications of, 7.42
with backward-inclined blades, 7.42-7.46
with radial blades, 7.42
selection example for, 8.11
Pressure coefficients:
calculating, 14.1-14.6
for fan types, 14.6-14.7
plotting, 14.7-14.9
Pressure curves, 4.30-4.33
Pressure in ventilation systems:
losses in, 6,.7-6.8
variations in, 6.8-6.14
Pressure loss, 11.8
Pressure ratio; 7.54
Pressure safety margin, 4.32
Pressure vs. vacuum, 7.54
Prime movers for driving fans, 16,1
Principle of continuity, 1.10-1.13
Problem solving (see Troubleshooting)
Propeller fans, 3.1-3.4
axial velocity in, 4.2
man coolers, 3.6
performance of, 4.52, 4.54-4.55
screen guards for, 3.5
shutters for, 3.4-3.5
static pressure curves for, 4.37-4.38
velocity distribution in, 4.3-4.5
venturi inlets for, 1.15
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Protection of fan not in use, 26.5
Psychrometers, 18.6-18.7

Radial blades:
centrifugal fans with, 3.13, 3.15,741
pressure blowers with, 7.42
Radial discharge types:
in centrifugal fans, 7.19-7.20
in roof ventilators, 10.1,10.4-10.5
Radial-tip blades, 3.12,3.14,7.33-7.36
Rating tables, 5.1
for air-handling fans, 7.22-7.27
analyzing, 20.4
for belt-driven fans, 20.1-20.3
for direct drive fans, 20.1
Regenerative blowers, 3.20, 15.1
Relative air velocities, 4.23-4.25
Residential applications of ceiling fans, 22.3
Resistance pressure (see System resistance)
Resonance condition, 4.39
Reynolds number, 1.5, 1.7
Roof ventilators, 3.16, 3.18
configurations of, 10.2-10.7
subdividing, 10.1-10.2
Rotation:
in centrifugal fans, 23.2, 23.7
troubleshooting, 25.2
in two-stage axial-flow fans, 4.28-4.30
Round ducts, airflow through, 1.3-1.9
Running speed in centrifugal fans, 7.55-7.56

Safety precautions, 26.1-26.2

Scalars, 1.9

Screen guards, 3.5

Scroll housing in centrifugal fans:
with airfoil blades, 7.11-7.12
industrial, 7.21-7.22

Selection:
of agricultural ventilation fans,

12.9-12.12
of air-handling fans, 7.22-7.27
of axial-flow fans, 4.46-4.53,8.1
of centrifugal fans, 8.1-8.2
examples, 8.3-8.12
specific speed and specific diameter in,
8.2-8.3

Set efficiency, 1.8

Shaft torque, mechanical strength for, 24.3

Shape:
of airfoils, 2.3
of guide vanes, 4.21-4.23

Sharp orifices, airflow through, 1.14

Sheet metal profiles, 2.8-2.9
Shelled corn drying, 12.4-12.8
Shutters, 3.4-3.5
Single-phase power, 16.1-16.2
Single-thickness sheet metal profiles,
2.83-2.9
Single-width centrifugal fans, 23.9, 23.11
Size effect, 5.5
Size variations, fan laws for, 5.4-5.9
Slotted blades, 4.394.44
Sound levels (see Noise levels)
Spark-resistant construction, 23.6,23.8
Specific speed and specific diameter in fan
selection, 8.2-8.3
Speed curves vs. system characteristics,
6.6-6.7
Speed variation, laws for, 5.1-5.4,5.6-5.9
Stalling, 4.7,4.31
Standards, AMCA:
for centrifugal fans, 23.1-23.3
for drive arrangements, 23.1-23.8
handbook for, 23.1
for operating limits, 23.4-23.6,
23.9-23.15
for spark-resistant construction, 23.6,
23.8
Starting problems, troubleshooting, 25.1
Static efficiency, 1.8
Static pressure, 1.3
aerodynamic paradox for, 1.12-1.13
in agricultural ventilation, 12.8-12.9
in air curtains, 21.8
in axial-flow fans, 4.37-4.38
two-stage, 4.30~4.33
vaneaxial, 4.8-4.9
in centrifugal fans:
air-handling, 7.22-7.23
with airfoil blades, 7.14-7.15
with forward-curved blades, 7.36-7.41
industrial, 7.31-7.32
pressure blowers, 7.45-7.46
with radial-tip blades, 7.33-7.36
turbo compressors, 7.46-7.49
in cross-flow blowers, 13.3-13.4
in duct system methods, 11.8-11.9
constant-velocity, 11.16-11.17
equal-friction, 11.9-11.14
static-regain, 11.17-11.20
velocity-reduction, 11.14-11.15
in fanless air movers, 17.1-17.2
negative, 1.3, 1.7
positive, 1.3, 1.7
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Static pressure (Cont.):
and speed, 5.2
in ventilating systems, 6.8-6.14
in vortex blowers, 15.2-15.3
and wheel outside diameter, 5.12-5.13
Static regain:
in diverging cones, 1.12
in duct system design, 11.17-11.20
Stationary liquid pools, airflow through,
6.1-6.3
Storing fans, 26.5
Strength, mechanical:
for axial reaction force, 24.2
for centrifugal force, 24.1
for shaft torque, 24.3
for tensile stress, 24.1-24.2
test pits for, 24.3
Strobotacs, 18.7
Summer, ceiling fans in, 22.1
Supply roof ventilators, 10,6
Surfaces, airflow along, 1.16-1.17
Symbols, xvii
System characteristics:
of axial-flow fans, 4.37-4.39
operating point shifting in, 6.6-6.7
vs. speed curves, 6.6-6.7
System resistance, 6.1
through filter bags, 6.3
through grain bins, 6.4
through liquid pools, 6.1-6.3
operating point shifting in, 6.6-6.7
system characteristics and speed curves
in, 6.6-6.7
in ventilating systems, 6.4-6.5
losses from, 6.7-6.8
variations from, 6.8-6.14

‘Tachometers, 18.7

Tailpieces, 4.45-4.46

Tangential velocity, 4.2-4.3
Temperature, 5.9

Tennis ball with top spin, pressure on, 1.13
Tensile stress, 24.1-24.2

Terminology, 3.1

Test duct, 1.4, 18.2

Test forms for performance, 18.19-18.25
Test pits for mechanical strength, 24.3
Test procedure, 18.17

Testing vacuum cleaners, 19.2-19.8
Thermometers, 18.6-18.7

Three-phase power, 16.1-16.2

Tip clearance, 4.38-4.39

INDEX

Torquemeters, 18.13
Total pressure:
in formulas, 1.7-1.8
and speed, 5.2
Troubleshooting:
converging cones, 25.2
guidelines for, 25.1
inlet spin, 25.2
rotation problems, 25.2
units problems, 25.2-25.,3
Tubeaxial fans, 3.7
axial velocity in, 4.2
performance of, 4.52-4.53, 4.57
static pressure curves for, 4.37-4.38
velocity distribution in, 4.5-4.6
Tubular centrifugal fans, 3.13, 3.15-3.18
airflow patterns in, 9.1-9.3
drive arrangements for, 23.14
operating limits for, 23.13
performance of, 9.4
Turbines, 4.70
Turbo blowers, 7.42-7.46
Turbo compressors, 7.46-7.55
Turbulence:
in centrifugal fans, 7.19
performance losses from, 4.5
Two-piece cutoffs, 7,12
Two-stage axial-flow fans, 3.8
blade angle in, 4.36-4.37
brake horsepower, efficiency and sound
levels in, 4.34
with counterrotating stages, 4.29-4.30
hub-tip ratio in, 4.34-4.36
- performance of, 4.30, 4.34—4.38
pressure curves for, 4.30-4.33
pressure safety margins for, 4.32, 4.34
with same rotation stages, 4.28-4.29
static pressure curves for, 4.37-4.38
Turbine drive, 16,1
Types of fans, 3.1

Units problems, 25.2-25.3
Upblast roof ventilators, 10.2-10.3

Vacuum cleaners, 7.52
Bureau of Standards, 19.4
configurations for, 19.1-19.2
perfo., 19.8
testing, 19.2-19.8
Vacuum in turbo compressors, 7.54-7.55
Vaneaxial fans, 3.7-3.8
for air curtains, 21.3-21.5
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Vaneaxial fans (Cont.):

axial velocity in, 4.2
cast alum. wheels, 3.9, 4.11
vs. centrifugal fans, 4.56
designs for, 4.9-4.15, 4.56, 4@14.79
drive mechanism and duct connections
for, 4.18-4.19
guide vanes for, 4.19-4.24, 4,27
hub diameter of, 4.7-4.10
inlet bells for, 4.15-4.18
number of blades for, 4.25-4.26
number of vans, 4.27
outlet diffusers and tailpieces in, 4.45-4.46
performance of, 4,38-4.39,4.47-4.53,
4.58-4.60
plastic fan wheel, 4.17
with slotted blades, 4.39-4.44
sound levels in, 4.45
static pressure curves for, 4.37-4.38
tip angle, 4.23,4.37
tip clearance in, 4.38-4.39
velocity diagrams and blade angles for,
4.23-4.25
velocity distribution in, 4.6-4.7
venturi inlets for, 1.14, 1.16
wheel diameter of, 4.9
width of blades for, 4.26-4.27
Variable running speeds, 7.55-7.56
V-belt drives, 26.2-26.4
Vectors, 1.9
Velocity diagrams:
for centrifugal fans, 7.5-7.7
for vaneaxial fans, 4.23-4.25, 4.65-4.66
Velocity distribution in axial-flow fans,
4.3-4.27
Velocity pressure:
for airflow through round ducts, 1.4-1.5
and speed, 5.2
Velocity-reduction duct design method,
11.14-11.15
Vena contracta, 1.14
Ventilating systems:
airflow through, 6.4-6.5
pressure losses in, 6.7-6.8
pressure variations in, 6.8-6.14

Ventilation:

agricultural (see Agricultural
ventilation)
air volume requirements for, 11.2-11.8
for comfort conditions, 11.1~11.2
fan selection example for, 8.6-8.7
OSHA regulations on, 11.1
variation of pressure, 6.8-6.14
Ventilators, roof, 3.16, 3.18
configurations of, 10.2-10.7
subdividing, 10.1-10.2
Venturi inlets:
airflow through, 1.14-1.16
for vaneaxial fans, 4.15-4.18
Vibration checks, 26.4-26.5
Volume control in centrifugal fans, 7.55-7.58
Vortex blowers, 3.20
applications of, 15.4
dimensions of, 15.1
flow pattern and appearance of, 15.1
noise levels of, 15.3
operating principle, 15.1
performance of, 15.2-15.3

Water jet, 7.38
Water-stream air pumps, 17.1
Wet-bulb thermometers, 18.6-18.7
Wheel diameters:
in centrifugal fans:
with airfoil blades, 7.7-7.8
industrial, 7.21
fan laws for, 5.12-5.14
in geometric proportionality, 5.4
of vaneaxial fans, 4.9, 4.11
Width:
of blades:
in centrifugal fans, 7.8-7.10
for vaneaxial fans, 4.26-4.27
of inlet boxes, 7.13
Wind and air curtains, 21.1
Wrong inlet spin, 25.2
Wrong rotation, 25.2
Wrong units (metric), 25.2

Yield strength, 24.1-24.2
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