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1. Introduction
The current situation of the automotive industry is a challenging one. On one hand, the
ongoing trend to more luxury cars brings more and more beneﬁts to the customer and is
certainly also an important selling point. The same applies to the increased safety levels
modern cars have to provide. However, both of these beneﬁts come with a severe inherent
drawback and that is extra weight and, consequently, higher fuel consumption. On the
other hand, increased fuel consumption is not only a disadvantage due to the ever rising
fuel costs and the corresponding customer demand for more efﬁcient cars. Due to the
corresponding greenhouse gas emissions it is also in the focus of the legislation in many
countries. Commonly road transport is estimated [13, 15] to cause about 75-89 % of the
total CO2 emissions within the world’s transportation sector and for about 20% of the global
primary energy consumption [12]. These values do not stay constant; in the time from 1990 to
2005, the required energy for transportation increased by 37% [11] and further increases are
expected due to the evolving markets in the developing countries. As industrial emissions
decrease, the rising energy demand in the transport sector is expected to be the major
problem to achieve a signiﬁcant greenhouse gas reduction [26]. Consequently, about all
major automotive markets introduce increasingly strict emission limits like the national fuel
economy program implemented in the CAFE regulations in the US, the EURO regulation in
the European Union or the FES in China.
In particular, the European union introduced a limit for the average CO2 emissions for all
cars to be available on the European market of 130 g CO2 /km by 20151 . Further, a long term
target of 95 g CO2 /km was speciﬁed for 2020 [6]. To put this into perspective, the average
ﬂeet consumption in 2007 was 158 g CO2 /km and it had taken already about 10 years to
get down to this value from the 180 g CO2 /km that were achieved in 1998. Now a larger
reduction is required in less time. The required reduction of emissions brings also a direct
beneﬁt for the customer as the fuel consumption is lowered. It is estimated [11] that the
1

The limit applies to the average ﬂeet consumption of every car manufacturer, calculated by averaging the fuel
consumption of all offered car models and weighted by the number of sold units of the speciﬁc models.
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average car consumes every year about 169 litres of fuel only to overcome mechanical friction
in the powertrain. There exist several efﬁcient measures to lower the emissions, notably to
decrease the weight of the car itself to reduce the energy needed for acceleration, to optimize
the combustion process and, of course, to reduce all inherent power losses like the tyre rolling
resistance, aerodynamic drag and mechanical losses of the powertrain (combination of engine
and transmission) itself. These measures are, however, not straightforward as some have
drawbacks or are even in conﬂict with each other. For example, smaller cars that offer reduced
weight have commonly worse aerodynamic drag as their shape is more cube-like for practical
reasons [8]. Also, a reduction in aerodynamic drag brings only a small beneﬁt in the urban
trafﬁc due to the low cruising speeds involved. A reduction of tyre rolling resistance is hard to
achieve without reduced performance in other areas like handling and traction [10]. Weight
reduction is expensive as more and more lightweight and expensive materials have to be
used, some of which also require a lot of energy in the production process. In addition, it was
shown [8] that there is no positive synergy effect: the combination of several of the mentioned
measures reduces their individual efﬁciency, such that their combination brings less beneﬁt
than anticipated.
In contrast, making the powertrain more efﬁcient yields a proportional reduction in CO2
emissions [8]. For low load operating conditions of Diesel engines friction reduction is even
the prime measure to further decrease fuel consumption [16]. While currently a lot of work is
done in the automotive industry to reduce the losses caused by the auxiliary systems like the
oil or coolant pump, it was shown at hand of a speciﬁc engine that the potential for friction
reduction in the ICE itself is of comparable magnitude [16].

2. Sources of friction in ICEs
Before any efﬁcient measures to reduce friction in engines can take place, the main friction
sources need to be known. At the Virtual Vehicle Competence Center, we use our friction
test-rig as shown in Fig. 1 to investigate the sources of friction for a typical four cylinder
gasoline engine; exemplary results for this engine are shown in Fig. 2.
The chart conﬁrms the commonly propagated main sources of friction: the piston-liner contact
is the cause for about 60% of the total mechanical losses, while the journal bearings in the crank
train (main and big end bearings) contribute about 30%. Finally, the valve train generally
represents the third main source of friction and typically causes losses that equal roughly
about the half of the power losses in the journal bearings [19] (not included in Fig. 2).
While not only the amount of friction is different between the various sources, also the
character of friction, namely the lubrication regime itself, is also notably different. While the
journal bearings are generally full ﬁlm lubricated with no metal metal contact occurring under
normal operating conditions, parts of the piston assembly experience metal-metal contact
under high load. In particular, the top ring of the piston has metal-metal contact every time
it passes the top dead center as no oil can reach this point. This is of particular severity as
at ﬁring top dead center a large force acts on the top ring and presses it onto the cylinder
liner during the downward motion of the piston. Besides the fact that the piston assembly
has generally been the largest contributor to the total mechanical losses, it has several other
important functions. Amongst others it has to seal the combustion chamber in both directions,
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Figure 1. Friction measurement test-rig FRIDA during build-up at the Virtual Vehicle Competence
Center. It is shown being applied to an inline four cylinder gasoline engine with 1.8 litres total
displacement.

both to avoid so-called blow-by gases from entering the engine housing, as well as to control
the amount of lubricant being left on the cylinder liner. The blow-by gases have to be
controlled as these both cause a loss in convertible energy by decreasing the available cylinder
pressure as well as have a negative deteriorating impact on the lubricant properties. The
oil being left on the cylinder liner needs to be carefully controlled as well: while a certain
amount of oil is necessary to provide sufﬁcient lubrication for the piston rings, it is burned
during combustion. Burning too much oil needs to be avoided not only for practical reasons
as it needs to be replaced (increased service demand), but also as some of its contents are
problematic for the exhaust aftertreatment systems.
Additionally, depending on operating condition unstable behaviour of the piston rings may
occur [27] like ring ﬂutter (rapid oscillating movement of the piston ring in its groove) or
ring collapse (inward forces on the ring exceed the ring tension), which needs to be avoided
in practical designs. To summarize, the piston assembly has to fulﬁl many functions. For
focusing solely on friction it is, therefore, not used in this work. In the following, the second
largest contributor to the total losses in engines, namely the journal bearings, are discussed.
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Figure 2. Examplary relative contributions to the total friction losses in an inline 4 cylinder gasoline
engine with 1.8 litre total displacement. Shown in blue is the contribution of the piston assembly, in
green the contribution of the main bearings, in violet the amount caused by the big end bearings and,
ﬁnally, the red part shows the contribution of all other components like seals etc. The valve train is not
included in these results, also all auxiliary systems (oil pump etc.) are removed.

3. Calculating power losses due to friction in the journal bearings
In contrast to the piston assembly that has to perform a large number of tasks which are
partially conﬂicting as previously discussed, journal bearings are due to their apparent
simplicity particularly suited to discuss the sources of friction.
Journal bearings are from their appearance simple devices; generally formed from sheet metal
they are typically low cost parts, with one bearing shell costing a few single Euros or less.
However, this simplicity is misleading, as in fact they have to combine a wide range of
properties which impose conﬂicting requirements on the material properties to be used. While
the bearing material should be hard to resist wear, in the engine it shall also embed well
debris particles that originate from wear or even from the original manufacturing process of
the engine housing. For the latter property softer materials are beneﬁcial which conﬂicts with
the requirement to resist wear. These requirements led to the development of multi layer
bearings, where each layer is optimized for a speciﬁc task.
In the following a method is described that accounts for many of the essential physical
processes that occur in journal bearings during operation and allows to accurately predict
the power losses due to friction. The method is developed while discussing these processes
and its validity is shown by numerous comparisons to experimental data.
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While the focus in the following is on monograde oils as they are used in large stationary
engines, the results also apply correspondingly to multigrade oils with their shear rate
dependence taken into account.
In the following the results from a number of works are presented in a shortened form with
a particular focus on the results and their context. All details can be found in the original
works [1–3, 24, 25].

3.1. An isothermal EHD approach
In an ICE, journal bearings are generally exposed to different operation conditions in terms
of load, speed and temperature. As depicted in Fig. 3, depending on relative speed, load
and viscosity the operating conditions reﬂected as friction coefﬁcient may range from purely
hydrodynamic lubrication with a sufﬁciently thick oil ﬁlm to mixed or even boundary
lubrication with severe amounts of metal to metal contact.

Figure 3. The Stribeck-plot showing the different regimes of lubrication: hydrodynamic (HD),
elastohydrodynamic (EHD), mixed and boundary lubrication

To calculate the movement of the journal under the applied load and the corresponding
pressure distribution within the oil ﬁlm an average Reynolds equation is used, that takes into
account the roughness of the adjacent surfaces. When the typical minimum oil ﬁlm thickness
is of comparable magnitude to the surface roughness, the lubricating ﬂuid ﬂow is also affected
by the surface asperities and their orientation. To account for this modiﬁcation of the ﬂuid
ﬂow we use the average Reynolds equation as developed by Patir and Cheng [21, 22], which
can be written in a bearing shell ﬁxed coordinate system as
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where x, z denote the circumferential and axial directions, θ the oil ﬁlling factor and h, h̄
the nominal and average oil ﬁlm thickness, respectively. Further, U denotes the journal
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circumferential speed, η p the pressure dependent oil viscosity and σs the combined (root mean
square) surface roughness. φx , φz , φs represent the ﬂow factors that actually take into account
the inﬂuence of the surface roughness.
To describe mixed lubrication another process needs to be taken into account, namely the load
carried by the surface asperities when metal-metal contact occurs.
The corresponding quantity is the asperity contact pressure pa and together with the area
experiencing metal-metal contact, Aa , and the boundary friction coefﬁcient μBound these yield
the friction force RBound caused by asperity contact,
RBound = μBound · pa · Aa .

(2)

To describe the metal-metal contact we use the Greenwood and Tripp approach [9], that is
shortly outlined in the following.
The theory of Greenwood and Tripp is based on the contact of two nominally ﬂat, random
rough surfaces. The asperity contact pressure pa is the product of the elastic factor K with a
form function F 5 ( Hs ),
2

pa = KE ∗ F 5 ( Hs ),

(3)

2

δ̄s
where Hs is a dimensionless clearance parameter, deﬁned as Hs = h−
σs , with σs being the
combined asperity summit roughness, which is calculated according to

2 + σ2 ,
σs = σs,J
s,S

and δ̄s being the combined mean summit height, δ̄s = δ̄s,J + δ̄s,S , where the additional
subscript J and S denotes the corresponding quantities of the journal and the bearing shell,
1− ν2

1− ν2

respectively. Further, E ∗ denotes the composite elastic modulus, E ∗ = ( E1 1 + E2 2 )−1 , where
νi and Ei are the Poisson ratio and Young’s modulus of the adjacent surfaces, respectively. The
form function is deﬁned as
F 5 ( Hs ) =4.4086 · 10−5 (4 − Hs )6.804 for Hs < 4
2

=0 for Hs ≥ 4,

(4)

which shows that friction due to asperity contact sets in only for Hs < 4 and further sensibly
depends on the minimum oil ﬁlm thickness as this quantity enters Eqn. 4 with almost 7th
power.
For the calculation of the Greenwood/Tripp parameters a 2D-proﬁlometer trace was used that
was performed on an run-in part of the bearing shell along the axial direction.
Modern engine oils include friction modifying additives like zinc dialkyl dithiophosphate
(ZDTP) or Molybdenum based compounds to lower friction and wear in case metal-metal
contact occurs. For the Greenwood and Tripp contact model we employed in the following a
boundary friction coefﬁcient of μBound = 0.02.
The different contributions to friction, as listed in Eqs. (1) and (3), are generally
not independent from eachother. A reduction in lubricant viscosity, while decreasing
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hydrodynamic losses, may cause - depending on the load - an overly increase in asperity
contact as the oil ﬁlm thickness enters Eq. (4) with almost 7th power.
3.1.1. Testing Method

Figure 4. left: schematic drawing of the journal bearing test rig LP06: test part denotes the location of the
test bearing, torque sensor the HBM T10F sensor used for friction moment measurement. Right: Drawing
of the test con rod with test bearing showing the location of the temperatures sensors: T2 sits in the
center at 0◦ circumferential angle, with T1 and T3 at ±45◦ circumferential angle, respectively.

MIBA2 ’s journal bearing test rig LP06 was used for the experimental measurements. It is
sketched in Fig. 4 and consists of a heavy, elastically mounted base plate which carries the
two support blocks, the test con rod with the hydraulic actuator and the driveshaft attached
to the electric drive mechanism. The hydraulic actuator applies the load along the vertical
direction, which is consequently deﬁned as 0◦ circumferential angle.
The friction torques arising from all three journal bearings were measured at the driveshaft; for
the comparisons load cycle averaged values of the friction moment (the load cycle is depicted
in Fig. 5) are used.
The LP06 is equipped with a number of temperature sensors to capture the occurring
temperatures at various points of the test rig; to this task temperature is measured by using
thermocouple elements of type K that have an accuracy of ±1◦ C. Besides two temperatures
in the con rod and the oil outﬂow temperature, the bearing shell temperatures of the test and
support bearings are measured at three different points at the back of each corresponding
bearing shell. As shown in Fig. 4, two of these temperature sensors are located at ±45◦
circumferential angle from the vertical axis and the third in the middle at 0◦ circumferential
angle.
For the bearing tests following conditions were maintained: for test- and support-bearings
steel-supported leaded bronce trimetal bearings with a sputter overlay were employed; for
each test-run new bearings with an inner diameter of 76 mm and a width of 34 mm were used
and mounted into the test rig with a nominal clearance of 0.04 mm (10/00 relative clearance). A
hydraulic attenuator applied the transient loads with the corresponding peak loads of either
2
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Figure 5. Plot of the loads applied to the test bearing: at a frequency of 50 Hz a sinusoidal load is applied
along the vertical direction with a preload of -10kN and a peak load of either 180 kN for the 70 MPa load
case (shown as solid black line) or a peak load of 106 kN for the 41 MPa load case (red dashed line).

41 MPa, 54 MPa, 70 MPa or 76 MPa. For a convenient comparison of the results to other
works the peak load is expressed in MPa to account for the involved bearing dimensions.
This is conducted by dividing the load force by the projected bearing area (product of bearing
width and bearing diameter). Therefore, the peak loads of 106 kN and 180 kN correspond
to 41 MPa or 70 MPa, respectively, for the present bearing dimensions (see also Fig. 5). In
the following, the corresponding peak loads are used to distinguish between the different
transient load cases.
The different oils were preconditioned to 80±5◦ C inﬂow temperature. After the test-run the
wear at several points in the journal bearings was measured and the so obtained wear proﬁles
were included in the simulation model.
3.1.2. Simulation
For the simulation a model of the LP06 was setup within an elastic multi-body dynamics
solver (AVL-Excite Powerunit3 ). The simulation model consists of the test con rod including
the test bearing, the two support-blocks with journal bearings and the shaft running freely,
but supported by the adjacent bearings. All structure parts are modeled as dynamically
condensed ﬁnite element (FE)-structures.
The three journal bearings, 76mm in diameter and 34mm width, are represented as EHD or
TEHD-joints, respectively.
To obtain realistic dynamic lubricant viscosities for the calculations, the viscosities and
densities of fresh SAE10/SAE20/SAE30 and SAE40 monograde oils were measured at
different temperatures in the OMV-laboratory4 . To obtain a pressure dependent oil-model
for the simulation, the pressure dependency was impressed onto the measured viscosities by
3
4

AVL List GmbH, Advanced Simulation Technology, Hans-List-Platz 1, 8020 Graz, Austria
OMV Reﬁning & Marketing GmbH, Uferstrasse 8, 1220 Wien, Austria
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applying the well known Barus-equation [5] with the coefﬁcients from [5]. The so resulting
dynamic viscosities correspond qualitatively to experimental data [4]. Further, a dependence
on hydrodynamic pressure was impressed onto the lubricant density following the data found
experimentally by Bair et al. [4].
The dynamic viscosities and oil-densities are shown for the SAE10, SAE20, SAE30 and
SAE40-oils in Fig. 6. As can be seen in these ﬁgures, a hydrodynamic pressure of about 60 MPa
leads to roughly a doubling of the dynamic viscosity and, therefore, to a strong increase
in the related hydrodynamic losses. While for now the presented calculations do not take
into account the local temperatures of the lubricant in the bearing itself, the strong variation
of the physical properties of the oil with temperature show the importance of deﬁning a
representative global lubricant temperature as discussed in the next subsection.
3.1.3. Deriving the oil-temperature
A plausible choice of this temperature is important as it directly relates to the lubricant
viscosity and consequently acts on the minimum oil ﬁlm thickness and the amount of asperity
contact.
For the presented pressure dependent lubricant model, the calculation of the global oil
temperature is straightforward: as the oil viscosity increases strongly for hydrodynamic
pressures exceeding about 1 MPa, the hydrodynamic losses in the lubricant are expected
to be dominated by this thickening in the high-load area of the bearing. This argument is
also supported later on by the simulation results which predict hydrodynamic pressures of
up to 120 MPa in large areas in the bearing. Following this line of argument, the global oil
temperature is estimated from the measured bearing back temperatures, by averaging the
test and support bearing back temperatures that are located at ±45◦ circumferential angle
(T1 , T3 ) of the one in the high load zone, T2 , as shown in Fig. 4. Although the so obtained
temperature is rather high in comparison to the oil inﬂow temperature it is expected to
realistically estimate the hydrodynamic losses as well as the amount of asperity contact, as
this temperature describes closely the oil viscosity in the high load zone.
The such calculated oil-temperatures are depicted in Table 1 for the load cases studied in the
following and for simplicity the same oil temperature is used for all three bearings.
3.1.4. Surface proﬁles
For a sufﬁciently accurate calculation of the asperity contact, it is necessary to use realistic
surface shapes in the simulation [24]. Ideal geometric shapes are not suitable for this task, as
due to elastic deformation of the structure under load, the bearing pin would express overly
large pressures on the outermost nodes of the bearing shell, leading to unrealistically high
amounts of asperity contact. This in turn causes an overestimation of the friction moment.
Therefore, the bearing shell surface of the test bearing was measured for wear at several points
after the test runs; the procedure is discussed in more detail in [24]. The wear data obtained
from the two performed SAE10-oil test-runs were averaged and symmetrized as we do not
include misalignments due to imperfect mounting in the simulation. The such obtained wear
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(a)

(e)

(b)

(f)

(c)

(g)

(d)

(h)

Figure 6. Dynamic viscosities (a-d) and densities (e-h) of the lubricants as described by the oil model for
SAE10/SAE20/SAE30/SAE40 (top to bottom): the solid red lines denote the corresponding physical
property at 0 Pa, the green dashed lines at 20 MPa, the blue dotted lines for 80 MPa and the black
dash-dotted lines for 200 MPa.
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SAE10 T41MPa T70MPa
[◦ C]
[◦ C]
87.4

94.6

SAE20 T41MPa T70MPa
[◦ C]
[◦ C]
89.2

96.8

SAE30 T41MPa T70MPa
[◦ C]
[◦ C]
89.8

97.9

SAE40 T41MPa T70MPa
[◦ C]
[◦ C]
91.8

99.6

Table 1. Calculated oil-temperatures (see text) for the studied load cases (denoted as subscript) and the
different oils.

Figure 7. Surface proﬁle used for the test bearing in the simulation, shown as deviation (in μm) from the
nominal geometrical shape of the bearing shell for different axial cuts: the red line denotes the deviation
at the outermost bearing nodes, 0mm from the shell edges, the green dashed line the deviation −1.4mm
from the shell edges, the blue dotted line the deviation −2.7mm from the bearing edges and the black
dash-dotted line shows the deviation −4.1mm from the bearing edges. The deviations in the middle of
the journal bearing, along axial direction from −4.1mm to −17mm from the bearing edges, stay rather
constant and are almost identical to the deviation for −4.1mm away from the bearing edges.

proﬁles, depicted in Fig. 7, were used for all consequent calculations (all lubricants and loads)
as it was found that the results with individual wear proﬁles prepared for every lubricant
caused only negligible differences in comparison to the results obtained with the SAE10-wear
proﬁle. Similar wear proﬁles were used for the support bearings, which, however, are less
critical as each of these carries only half of the total load.
3.1.5. Results
In the following, the results obtained from simulation are compared to the experimental
results. For this task, the results are discussed starting from full ﬂuid ﬁlm lubrication (purely
hydrodynamic losses), as it is the case for SAE40, to working conditions which progress
increasingly into mixed lubrication, like it is the case for SAE10, where friction power losses
due to metal-metal contact become signiﬁcant.
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The simulations for the different lubricants were conducted and the calculated friction moments
are shown and compared to the experimental values in Fig. 8. The obtained experimental
values range from as low as 3 to 8 Nm, where the individual average friction torques
are measured (with the exception of the 3000rpm cases where only a smaller amount of
measurement data is available) with an accuracy of about 0.5 Nm (denoted as black bars in
the plot).
Regarding the general trends, the resulting average friction moment scales with the applied
load and for a given load, with the journal speed. For a speciﬁc load/journal speed case, the
friction moment depends signiﬁcantly on the different lubricant viscosities.
Due to the large number of cases shown in Fig. 8 the focus will be in particular on the results
for a journal speed of 2000rpm and two different load cases in the following.
Comparing the results predicted by simulation to the experimental data, we start by looking
ﬁrst at the SAE40 lubricant. From experience it is known that for a load of 41 MPa SAE40 oil
provides sufﬁcient lubrication for reliable long term use and, thus, avoids asperity contact.
This is conﬁrmed by the results from simulation, as these do not show any asperity contact,
see Fig. 9. The same is almost true for the 70 MPa case, although simulation predicts about 0.5
W power losses due to the metal-metal contact in this case. However, this amount is negligible
compared to the total losses of 626 W.
Starting from the purely hydrodynamic case with SAE40 lubrication, excluding one case all
results from simulation are within the measurement uncertainty of the experimental results
and commonly even closer to the average friction torque. The result calculated for the
excluded case is also close to the measurement uncertainty.
Lowering the lubricant viscosity by about 25% compared to the SAE40 lubricant, one arrives
at the cases with lubrication with SAE30. Here, the onset of mixed lubrication occurs for the
highest dynamic load of 70 MPa at the lowest journal speed of 2000rpm. For this smaller
load, there is still no asperity contact predicted and all losses are caused by the dynamic
viscosity of the lubricant. Beginning with this lubricant class the validity of the chosen
asperity contact model starts to get tested. While the power losses are still strongly dominated
by hydrodynamic losses, the power losses due asperity contact contribute about 1% (7 W
averaged over a full crank cycle) to the total power losses. The corresponding asperity contact
pressure (shown in Fig. 10 for all lubricants for the load case of 70 MPa and a journal speed
of 2000rpm), however, increases for the SAE30 lubricant to a maximum of 15 MPa, which
indicates that wear starts to occur in the highly loaded parts of the journal bearing.
However, comparing the results from simulation with the experimental data, the same level of
accuracy can be seen in Fig. 8. In fact, the actual predicted value from simulation is generally
even closer to the measured averaged value.
Lowering the lubricant viscosity once more to SAE20, the journal bearing experiences more
and more mixed lubrication. While metal-metal contact is still absent for a load of 41 MPa, it
starts to become signiﬁcant for the 70 MPa load case. In total the losses due to metal-metal
contact are still rather low representing only about 4% of the total power losses for the
worst case as shown in Fig. 9. Due to the reduced viscosity in comparison to SAE30-oil, the
experimentally observed average friction moments are reduced, however, asperity contact
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(a)

(b)

(c)

(d)

Figure 8. Comparison of the friction torques measured on the test-rig (blue) together with the
measurement uncertainty (black bars) with the results from simulation (illustrated in red) for different
journal speeds (2000/3000/4500rpm), different dynamic loads (40/54/70 MPa) and different lubricants
(SAE40/SAE30/SAE20/SAE10).
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(a)

(b)

Figure 9. Comparison of the contributions to the friction power losses in the test bearing for a load of (a)
41 MPa and (b) 70 MPa for 2000rpm journal speed calculated for the different oils: hydrodynamic losses
are denoted as HD and losses due to asperity contact are denoted as AC.

Figure 10. Comparison of the asperity contact pressures occurring at the outermost bearing shell edges
for a load of 70 MPa for the different oils: SAE10 denoted as solid red line, SAE20 denoted as dashed
blue line, SAE30 and SAE40 shown as green dotted line and as black dash-dotted line, respectively.

begins to reduce the beneﬁt of the decreased hydrodynamic losses. As can be seen from the
results, also for this case the prediction accuracy of the presented simulation method lies for
all cases studied within the measurement uncertainty of the experimental data.
Finally, arriving at the lowest viscosity lubricant SAE10 this case represents the most severe
operating conditions in terms of mixed lubrication that are investigated in this work. For
the most severe case of the highest dynamic load of 70 MPa and the lowest journal speed
studied of 2000rpm, already about 14% of the total power losses are caused by metal-metal
contact. While the journal bearing might endure these conditions on the test-rig still for a
rather long time, the amount of metal-metal contact is much to high to be allowed in real
world applications. Signiﬁcant wear occurs every load cycle which does not stabilize after a
run-in period and leads, therefore, to a constant wear of the bearing shell. For the lower load
case of 41 MPa, simulation still predicts no asperity contact and attributes all friction power
losses to the hydrodynamic losses, see Fig. 9.
Finally, the ability of the presented method to predict the existence of metal-metal contact is
put to test. For this task, a bearing durability test is investigated. For this test, the operating
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conditions are made even more severe by increasing the dynamic load to a maximum of 76
MPa at a journal speed of 3000rpm and increasing the oil inﬂow temperature of the SAE10
lubricant to 110◦ C. In comparison to the previous operating conditions with an oil inﬂow
temperature of 80◦ C, this temperature increase causes the lubricant viscosity to decrease by
more than 50% (see Fig. 6). These operating conditions lead consequently to bearing shell
temperatures exceeding 130◦ C. As signiﬁcant metal-metal contact occurs for these operating
conditions, it can be detected by contact voltage measurements. For this measurement, a
voltage is applied e.g. in form of a charged capacitor between the journal and the bearing.
As the lubricant has only a poor electrical conductivity, the capacitor stays charged and the
voltage remains unchanged. When metal-metal occurs, the capacitor can discharge due to
the corresponding increased electrical conductivity; this process can be observed as change
(decrease) of the voltage.
A comparison of the experimental contact voltage measurement and the predicted
metal-metal contact is shown in Fig. 11 together with the applied dynamic load. It can be seen
that when the load exceeds a certain threshold, metal-metal contact occurs. When compared
to the results from simulation, the onset and the duration of the calculated metal metal contact
agrees very well with the measured contact voltage data.
Overall, the presented simulation method appears to describe the actual processes in the
journal bearing sufﬁciently well, as it predicts the friction moment accurately and reliably over
a large range of working conditions, which range from purely hydrodynamic to signiﬁcantly
mixed lubrication.
Other important properties related to reliability in lubricated journal bearings are the peak oil
ﬁlm pressure (POFP) and the minimum oil ﬁlm thickness (MOFT) [18, 20], that are depicted
in Figs. 12 and 13 for the investigated lubricants.
As shown in Fig. 12, the POFPs change signiﬁcantly from about 90 MPa to 120 MPa between
the two different loads, but do not vary signiﬁcantly between the different lubricants at the
same load.
For a load of 41 MPa the results show that the MOFT is for all investigated oil-classes above 1.5
μm, which is the asperity contact threshold. Therefore, no metal-metal contact occurs, which
can also be seen in the power losses shown in Fig. 9.
Further, it is interesting to note that the MOFT decreases by about 0.5 μm for every decrease
in SAE-class; while the MOFT is considerably large with 3 μm at the point of maximum
load for lubrication with SAE40, it decreases to about 2.5 μm and 2.0 μm for SAE30 and
SAE20, respectively. For SAE10 the MOFT at the point of maximum load decreases further to
about 1.5 μm; while from simulation still no asperity contact occurs for this case, in practical
applications other effects not included here, like journal misalignment may lead to asperity
contact.
The situation is quite different for a load of 70 MPa where all oils cannot avoid a certain
amount of asperity contact and the MOFT consequently drops for all oils below 1.5 μm,
however, for a different number of degrees crank angle. It is instructive to note that for a
load of 70 MPa the MOFT changes not by the same amount between the different viscosity
classes as for the 41 MPa load case. This can be explained by the choice of the elastic factor in
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Figure 11. Plot of the measured contact voltage (black markers), whose decrease signals occuring
metal-metal contact, in comparison to the metal-metal contact predicted from simulation (red line); as
reference the blue curve depicts the applied load (top) for the bearing durability test.

the contact model that directly inﬂuences how much the asperity contact pressure increases
for a given reduction in oil ﬁlm thickness, see Eqs. (3) and (4). Due to the use of a large
elastic factor, as discussed in Sec. 3.1.2, already small changes in oil ﬁlm thickness lead to
large changes in the asperity contact pressure and, therefore, increase signiﬁcantly the total
load carrying capacity.
In Fig. 10 this increase in asperity contact pressure is depicted over shell angle at the shell
edge for lubrication with the different oils and a load of 70 MPa. As can be seen, the asperity
contact pressure increases from a maximum of about 2.5 MPa for the SAE40-oil to a maximum
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Figure 12. Plot of the calculated peak oil ﬁlm pressures (POFP) occurring in the test bearing during the
90 degrees crank cycle when the load is applied (see Fig. 5); dashed lines denote the results for an
applied load of 41 MPa, solid lines the results for an applied load of 70 MPa; the red curves represents
the results for SAE10, the green for SAE20, the blue for SAE30 and the black curves show the results for
lubrication with SAE40-oil.

(a)

(b)

Figure 13. Comparison of the minimum oil ﬁlm thickness (denoted as MOFT, unit in μm) during a
crank cycle in the test bearing for a load of (a) 41 MPa and (b) 70 MPa for 2000rpm journal speed
calculated for the different oils: red solid line denotes SAE10, the green dashed line SAE20, the blue
dotted line SAE30 and the black dash-dotted line SAE40. In addition the line at 1.5μm shows the
threshold when asperity contact starts.

of 50 MPa for lubrication with the SAE10-oil and this explains the small MOFT changes that
are seen for the different oils.
The presented asperity contact pressures occur only at the outermost bearing shell edges and
drop sharply within a few millimetres in axial direction, as shown in Fig. 14 exemplary for
lubrication with SAE10 and a load of 70 MPa. The concentration of asperity contact in these
areas is a consequence of the elastic deformation of the shell and journal under load and,
therefore, these areas are particularly subject to wear. However, the exact shape of these areas
depends also on the stiffness of the supporting structures.
This result further demonstrates the necessity of using realistic surface proﬁles in the
simulation as otherwise asperity contact in these areas, and consequently also the friction
moment, is largely overestimated. Performing an actual simulation for a load of 70 MPa and
a lubrication with SAE10 without the discussed surface proﬁle for the test bearing, simulation
predicts a power loss due to asperity contact of 389 W (averaged over a full crank cycle), which
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Figure 14. Map of the asperity contact pressures calculated for a load of 70 MPa and lubricated with
SAE10-oil: the largest asperity contact pressures occur in very small areas at the bearing edges and drop
sharply off within a few millimetres. The regions displayed in blue represent full ﬁlm lubrication.
noWP
PACP PnoWP
ACP MSim MSim
[W] [W] [Nm] [Nm]

64

389

4.7

6.9

MLP06
[Nm]
(4.4-4.8)± 0.5

Table 2. Summary of the average friction moments predicted by simulation for a load of 70 MPa and
lubrication with SAE10: the simulation using a surface proﬁle for the test bearing is denoted as MSim and
denoted as MnoWP
Sim is the simulation without surface proﬁle for the test bearing. The experimental values
are denoted as MLP06 (range in brackets, ± measurement accuracy).

exceeds by more than a factor six the value obtained for the simulation with the wear proﬁle,
namely 64 W, as shown in Fig. 9.
Consequently, simulation predicts for a load of 70 MPa and lubrication with SAE10 an average
friction moment of 6.9 Nm which exceeds the experimental values by about 50%, see Tab. 2.
3.1.6. Summary
Summarizing, for all investigated working conditions the presented simulation approach
achieves very good agreement with the measured values and all calculated average friction
moments lie within the experimentally found value range.
From a methodological point of view we ﬁnd from the results that the shown accuracy
can only be obtained reliably if the following important points discussed in this work
are used in combination: a pressure dependent oil-model is of crucial importance as
the dominant pressure thickening of the lubricant allows an easy and straightforward
temperature estimation for the global oil temperature used in the EHD-calculation (this is
shown in more detail also in [2]). Further, to avoid a large overestimation of the power loss
due to metal-metal contact, deviations from the nominal perfect geometry of the bearing due
to wear have to be taken into account and, further, a reduced surface roughness is efﬁcient
in combination with the Greenwood and Tripp model to take into account the conformal
character of the bearing surfaces.
The origins of friction, asperity contact and hydrodynamic losses are discussed for the
investigated lubrication cases and it is found that for the lower load, namely for 41 MPa,
simulation predicts that no asperity contact occurs for lubrication with all oils studied.
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Though the minimum oil ﬁlm thickness found in simulation for SAE10 is very close to the
threshold of asperity contact, all investigated oils are expected to provide sufﬁcient lubrication
for this load. The correspondingly calculated friction power losses demonstrate well the
attainable friction reduction by choosing a lubricant with the optimum viscosity for a certain
load; in particular, for a load of 41 MPa the friction power losses can be reduced from 518 W
for SAE40 down to 340 W for SAE10, which is a reduction by 33%.
For the signiﬁcantly more severe load case of 70 MPa, a certain amount of asperity contact
is seen for all studied oils in the results from simulation. Indeed, the hydrodynamic friction
power losses could be reduced from 626 W for the SAE40 oil to 453 W calculated for the SAE10
oil, which corresponds theoretically to almost a 30% reduction in friction. However, power
losses caused by metal metal contact diminish this potential by a certain extent. Still, the
total friction power losses are reduced from 626.5 W for SAE40 to 517 W for SAE10, which is
still a reduction by almost 20%. This result demonstrates the efﬁciency in reducing friction by
choosing a lubricant with reduced viscosity, so that, as long as measures to maintain reliability
are taken (e.g. by using antiwear-additives in the lubricant), even a small amount of asperity
contact might be tolerated to reduce the total friction power losses. This result is the starting
point for the further work in Sec. 4

3.2. Including thermal processes - TEHD
Although the agreement of the previously presented simulation method with the
experimental data is very much on spot and within the experimental accuracy for the
whole range of working conditions studied, the neglect of local temperatures is a rough
approximation of reality and its deviations to a model including local temperatures need
to be quantiﬁed. In the following the isothermal simulation method is extended to
a thermoelastohydrodynamic (TEHD) calculation to consider local temperatures. While
critically important information like the bearing shell back temperatures was needed as input
for the EHD simulation, these should now emerge from a representative thermal submodel.
Due to the fact that the extension to TEHD is not straightforward and its thermal submodel
adds a number of additional uncertain factors, the boundary conditions are chosen not only
on a basis of physical arguments but also sufﬁciently distant from the oil ﬁlm to minimize
their inﬂuence on the results.
In the following the focus is on the extension of the isothermal simulation method to include
local temperatures; therefore, all details regarding the experimental part are not repeated, but
can be found in Section 3.1.
3.2.1. Theory
From a methodological point of view the TEHD-approach to journal bearings is well known;
it adds the energy equation and heat equation to the set of differential equation that need to
be solved together. While this approach represents a more complete picture of the physical
processes in journal bearings, it has several severe drawbacks. While the dramatically
increased cpu-time is more of a practical drawback that might be resolved by faster computers
or faster solvers, the required thermal submodel needs a detailed knowledge of the thermal
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properties and of the heat ﬂows of the test-rig. Therefore, subsection 3.2.4 is devoted to discuss
its derivation.
Following [17] the Reynolds equation is combined with the energy equation to be able to take
thermal processes into account. In a body shell ﬁxed coordinate system such an extended
Reynolds equation can be deﬁned as [17, 23]
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where the direction along the ﬁlm height, y, is normalized to the oil ﬁlm height h, thus the
integration is carried out from 0 to 1. Further, the prime ( ) indicates that the corresponding
quantity depends on y . U is the difference of the circumferential speeds of journal and bearing
shell, U = UShell − UJournal . η and ρ denote the oil viscosity and density, both are considered
as pressure and temperature dependent.
The extended Reynolds equation (5) is solved together with the energy equation for the ﬂuid
ﬁlm that is extended with the term f (Asp) to include heating due to asperity contact,
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+ f (Asp),

where κ denotes the thermal conductivity, u, v, w refer to the ( x, y, z) components of the ﬂuid
velocity vector v at the corresponding ﬂuid point and c p represents the speciﬁc heat of the
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lubricant. Eq. (7) considers heat convection in all three dimensions, heat conduction in radial
direction, compression and viscous heating. f (Asp) denotes the heating due to asperity
contact,
f (Asp) =

τAsp
h3

U
(8)

τAsp =μBound pAsp ,
where μBound is the boundary friction coefﬁcient and pAsp the asperity contact pressure
calculated using the Greenwood and Tripp model with the same parameters as discussed
in the previous section 3.1.
For the thermal analysis of the bearing shell and a part of its surrounding structure, the actual
geometry is approximated by a cylinder; for this cylinder the heat equation
ρs cs

∂Ts
− κs ΔTs = 0
∂t

(9)

is solved with the continuity of the temperature and heat ﬂow as boundary conditions. The
subscript s indicates that the quantities apply to this cylinder. As outer boundary condition of
this cylinder to its ambient
λ
∂Ts
+ ( Ts − TR ) = 0
(10)
∂n
κs
is used, where TR is a reference temperature and λ the heat transfer coefﬁcient to the ambient.
Last, as second outer boundary condition of the oil ﬁlm to the journal, the journal temperature
TJ was assumed to be constant (isothermal boundary condition).
To calculate the oil temperature in the oil groove an energy balance equation is used

 
∂To
∂Ts
∂T
dS + ρc p Φ ( To − To )
κs
=
−κ
ρc p Vo
∂t
∂r
∂y
So

(11)

that takes into account that a certain amount of hot oil is carried over the cavitation zone
and mixes with the cold oil supplied to the oil groove. Also heat conduction between oil and
bearing shell is considered. Vo denotes the volume and So the area of the oil groove, To the
actual oil temperature in the oil groove, To the supply temperature of the oil and Φ the oil
ﬂow from the groove into the bearing.
3.2.2. Simulation
The experimental data for the basic lubricant properties, namely density and dynamic
viscosity, were already shown in the previous Section 3.1.2.
In addition also the
thermal lubricant properties are needed for the TEHD-simulation: speciﬁc heat and heat
conductivity. These properties have also been measured for the same lubricant samples in the
OMV-laboratory and the measured data are shown for the used SAE20 and SAE40 lubricant
in Fig 15.
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(a)

(b)

Figure 15. Plot of (a) the speciﬁc heat c p and (b) thermal conductivity κ of the used lubricant, shown as
black solid line for SAE20 and as red dashed line for SAE40.

In the previous Section 3.1 the results from simulation were compared to the full range
of values experimentally observed in repeated test runs; repeating the measurements
with different, but brand new bearings resulted in measured total friction moments and
temperatures that varied signiﬁcantly between runs. Also, the quoted measurement
uncertainty is signiﬁcantly enlarged due to these repetitions.
For the following calculations the temperature data from a single test run for each
lubricant/journal speed case is used to setup the thermal submodel of the TEHD calculation.
Consequently, the results from the simulations are compared to these single test runs and
the quoted smaller measurement uncertainty no longer contains the additional error due to
repeating the test-runs with new bearings. Consequently, the measurement uncertainty is
only about half of the previous measurement uncertainty, which represents a much stricter
test for simulation.
3.2.3. The thermal submodel
On the test-rig a number of temperatures were measured together with the total friction
moment that are either directly incorporated into the thermal submodel or used to validate
it: notably the three bearing shell back temperatures, two con rod temperatures and
the oil outﬂow temperature. The corresponding temperatures were measured by using
thermocouple elements of type K that have an accuracy of ±1◦ C. The three bearing shell back
temperatures were located at ±45◦ circumferential angle from the vertical axis and the third
in the middle at 0◦ circumferential angle as shown in Fig. 4 and represent, consequently, the
temperatures in the high load area of the journal bearing.
On the con rod of the test-rig the temperature was measured in addition at 41mm distance
from the bearing shell’s inner diameter at two axial positions close to the high load zone. Last,
the oil outﬂow temperature was also measured; Table 5 lists all these values.
A representative choice of the boundary conditions for the journal and to the ambient is of
crucial importance as these affect the thermal ﬂows in the system.
For the heat transfer coefﬁcient λ of Eq. (10) a value of 120 mW2 K is used, which lies within
the range of typically used values [7, 14, 28, 29]. The test con rod is made of 42CrMo4 and to
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describe its thermal behaviour a thermal conductivity of κs = 46 mWK and speciﬁc heat capacity
of cs = 460.5 kgJ K are used (see also Table 3).
Further, the journal is assumed to be isothermal which sufﬁciently well approximates the real
surface temperature as its circumferential speed is signiﬁcantly larger than typical heat ﬂow
processes [17]. The journal temperature TJ is the only adjustable property in the simulation
model and it is chosen such that the calculated bearing shell back temperatures averaged over
Exp Exp
Sim Sim
one cycle, TSim
1 , T2 , T3 , agree well with the corresponding experimental values (T1 , T2 ,
Exp

T3

), see Table 5.

Outward of the oil ﬁlm 25 mm of the surrounding structure are taken into account in the
thermal analysis; as reference temperature, denoted as TR in Eq. (10), a value is used that
was measured in the con rod of the test-rig at 41 mm distance from the bearing shell’s inner
diameter at two axial positions close to the high load zone. The used values for TR , obtained
by averaging the aforementioned two experimental values, are listed in Table 4.
The current model does not account for thermoelastic deformations and the consequent
changes in bearing clearance. In the previous EHD-simulations a value for the bearing
clearance was used that was measured experimentally at room temperature. While this
simpliﬁcation appears not to signiﬁcantly affect the calculation of the total friction moment,
the in this way calculated oil ﬂow through the bearing does not agree well with the actual
experimental oil ﬂow. Therefore, the thermal power leaving the bearing with the oil-outﬂow
cannot be expected to be calculated reliably. As consequence, it is attempted in the following
to at least partially include thermoelastic effects by scaling the bearing clearance in the
TEHD-calculations such that the oil ﬂow through the bearing agrees with the experimentally
controlled oil-ﬂow of 2 litres per minute.
Further, it appears from the results that the such adapted bearing clearance has no other major
impacts on the thermal submodel as the bearing shell temperatures experience only single
degree changes.
As the amount of oil ﬂow through the bearing is then properly included in the simulation, this
further allows to calculate an approximative value5 of the mean oil outﬂow temperature due
to the power losses in the bearing and compare this value to the corresponding measured oil
outﬂow temperature.
The mean temperature increase of the lubricant after ﬂowing through the bearing, ΔT, is
calculated using the thermal power leaving the bearing with the lubricant, Poil out , using
ΔT =

Poil out
cpρ



V
t

 −1
,

(12)

where c and ρ denote the speciﬁc heat capacity and density of the lubricant, respectively,
and Vt is the oil volume ﬂow through the bearing. The approximative mean oil outﬂow

5

As we use a commercial software package we do not have access to the required numerical data to realize an exact
scheme.
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κs 46 mWK
cs 460.5 kgJ K
λ

120 mW2 K

Table 3. Table of the values used for the thermal conductivity κ, speciﬁc heat capacity cs and the heat
transfer coefﬁcient λ of the test con-rod as denoted in Eqs. (9) and (10).

oil
SAE40 SAE20
speed [rpm] 2000 4500 2000
TJ [◦ C]
107 134
98
TR [◦ C]
101 118
98
Table 4. List of the values for the reference temperature TR , as employed in Eq. (10), and the constant
journal temperature TJ used for the different investigated cases of journal speed and lubrication.

oil
SAE40
SAE20
speed [rpm]
2000 4500 2000
Toil supply [◦ C] 82.2 83.0
82.2
◦ C] 83.4
TSim
[
84.5
82.2
oil groove
◦
TSim
oil out [ C]
Exp
Toil out [◦ C]
TSim
[◦ C]
1
Exp ◦
T1 [ C]
TSim
[◦ C]
2
Exp ◦
T2 [ C]
TSim
[◦ C]
3
Exp ◦
T3 [ C]

94.0
93±1
101.6
103±1
107.6
108±1
106.9
107±1

109.7
110±1
123.3
124±1
136.8
138±1
137.3
136±1

89.6
91±1
95.6
95±1
98.5
98±1
98.7
93±1

Table 5. Comparison of various measured temperatures with the corresponding calculated temperatures
from simulation; T1 ,T2 ,T3 denote the cycle averaged bearing shell back temperatures according to Fig. 4,
Exp
where the superscript Sim denotes the calculated and Exp the measured values; TSim
oil out and Toil out
represent the calculated and measured oil outﬂow temperatures. Further, Toil supply denotes the oil
supply temperature (same for simulation and test-rig) and TSim
oil groove denotes the calculated oil
temperature in the oil groove (see text). Finally, oil denotes the lubricant and speed the journal speed.

temperature is then calculated by
Toil out = Toil supply + ΔT.

(13)

As the lubricant properties c p and κ themselves depend on the temperature, this procedure is
only approximative.
In the following a number of results for different working conditions ranging from full ﬁlm
lubrication (SAE40 and 4500rpm journal speed) to the onset of mixed lubrication (SAE20 and
2000rpm journal speed) are discussed.
3.2.4. Results for the thermal submodel
As shortly outlined in the introduction of this section, extending the EHD-simulation to
TEHD brings signiﬁcant additional complexity due to the thermal submodel that has to be
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Figure 16. Plot of the temperatures occuring in the oil ﬁlm and surrounding bearing structure in the
axial center of the bearing for the exemplary case of lubrication with SAE40 and a load of 70 MPa at a
journal speed of 2000rpm. LP06 denotes the values measured on the test-rig and TEHD the values
calculated with the TEHD-method. In addition the mean oil outﬂow temperature calculated from TEHD,
Toil outﬂow , is compared to the experimentally measured value. The thin white line represents the border
between oil ﬁlm and bearing structure (the oil ﬁlm is drawn disproportionately large).

employed. As the local temperatures directly inﬂuence the lubrication properties within the
bearing the thermal submodel needs to be validated with experimental measurements. Table 5
contains for all cases studied the temperatures calculated at several points of the test-rig and
allows to compare these to the corresponding measured temperatures, in particular Fig. 16
shows a graphical comparison for lubrication with the SAE40 lubricant and a journal speed
of 2000rpm. As previously mentioned it is the aim to choose the journal temperature for
each case such that the calculated bearing shell temperatures agree within about 1◦ C with the
measured temperatures; this could be achieved for all cases except for the SAE20 result, where
one of the three bearing shell temperatures deviates from the measured one by about 5◦ C.
As the temperature of the whole test-rig lies above the oil inﬂow temperature only the friction
power losses in the bearings heat the system. Therefore, as an additional validation the
calculated (see Eq. 12 and 13) and measured oil outﬂow temperatures are compared in Table 5.
As one can see from these results the predicted mean oil outﬂow temperature agrees for all
cases within 1◦ C with the measured mean oil outﬂow temperatures. Summarizing, the results
conﬁrm that the thermal submodel is suitably chosen and representative for the test-rig.
For sake of completeness Table 5 also lists the actual oil temperatures in the oil groove that are
calculated for each case as deﬁned by Eq. (11). From the results one ﬁnds that the actual oil
temperature in the oil groove is only weakly affected by the surrounding hotter structure as
the temperature differences are very small for all cases.
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3.2.5. Results for the friction power losses
In the following the results obtained with the various methods are discussed in terms of
friction prediction; to this task the results from TEHD are compared to the results obtained
from EHD. As the TEHD comes with a largely increased cpu-time requirements, only the
test-bearing is investigated using TEHD in the following.
As brieﬂy mentioned in Sec. 3.1, the discussed EHD-simulation model employs the same
lubricant temperature for test and support bearings. This restriction needs to be removed
ﬁrst to allow consequently a detailed comparison of the results for the test-bearing obtained
from different simulation methods.
In [1] a new method is proposed that allows to easily calculate a suitable oil ﬁlm temperature
for the isothermal EHD-calculation. The procedure combines the measured bearing shell
temperature, T Exp , and the supplied oil temperature, Toil supply , to
T comp = T Exp −

T Exp − Toil supply

(14)
4
and yields the same accurate results as can be seen in Figs. 17 and 18, but has the advantage
of being applicable to single bearings. For reference also shown are the results that are
obtained from the same EHD model but with the previously in Sec. 3.1 discussed temperature
estimation for all three combined bearings.

Figure 17. SAE40, 70 MPa: comparison of the total friction moments calculated by EHD and TEHD to
the experimental values measured on the test-rig LP06; the black bars denote the measurement accuracy
of ±0.5 Nm. Denoted as REF, the values calculated by the previous temperature estimation method of
Sec. 3.1 are shown for reference (see text).

As a ﬁrst test for both new methods (TEHD-simulation of the test-bearing and the new
method to obtain a representative lubricant temperature for the EHD-simulation of the
support bearings), again the total friction moment for all three bearings is compared to the
experimental data.
Starting with working conditions within full ﬁlm lubrication, Fig 17 shows the total friction
moment calculated by EHD and TEHD and gives a comparison to the experimental values
for SAE40 and two different journal speeds. As can be seen the TEHD-results do not show
systematic deviations that might be expected due to the inclusion of local temperatures. In
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fact, the results are almost identical; for a journal speed of 2000rpm 6.4 Nm are calculated
by TEHD in comparison to the 6.5 Nm predicted by EHD and the 6.5±0.4 Nm measured on
the test-rig. For an increased journal speed of 4500rpm the results are again very close with
7.9 Nm and 8.1 Nm predicted by TEHD and EHD, respectively, compared to the 8.3±0.5 Nm
measured experimentally.

Figure 18. SAE20, 70 MPa, 2000rpm: comparison of the total friction moments calculated by EHD and
TEHD to the experimental value measured on the test-rig LP06; the black bars denote the measurement
accuracy of ±0.5 Nm. Denoted as REF, the values calculated by the previous temperature estimation
method of Sec. 3.1 are shown for reference (see text).

For the case of SAE20 and a journal speed of 2000rpm weak mixed lubrication occurs. As
Fig. 18 depicts, even the same total friction moment is calculated by both methods for this
working condition.
For reference Figs. 17,18 also show the results calculated with the previously in Sec. 3.1
discussed method, where the same lubricant temperature was used in the EHD-simulations of
all three bearings. This procedure is not suited to discuss properties of the individual bearings
and it is only shown for completeness. As can be seen from the results for the total friction
moment, the previously proposed method is very accurate.
While the total friction moment arises from all three bearings, the details of the calculated
friction power losses are discussed in the following focusing on the test-bearing only. As was
found in Sec. 3.1, for a load of 70 MPa and a journal speed of 4500rpm SAE40 oil provides
sufﬁcient lubrication such that the test bearing stays in the full ﬁlm lubrication regime. This
is also supported by the results obtained from the TEHD-calculation, where the individual
contributions to the power losses are depicted in Fig. 19.
For the case of lubrication with SAE40 and a journal speed of 2000rpm the hydrodynamic
power losses calculated by both methods are very close with a difference of 5%. The
TEHD-model takes into account the hotter bearing shell temperatures at the edges of the
bearing in the high load zone and, as consequence, a vanishing amount of metal-metal contact
occurs. For the case of a journal speed of 4500rpm the differences between the results from
EHD and TEHD increase to about 9%.
For the case of weak mixed lubrication (lubrication with SAE20 and a journal speed of
2000rpm) the results (shown in Fig. 20) are again very close and differ only by about 5%
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Figure 19. Comparison of the power losses in the test-bearing calculated with EHD and TEHD,
respectively, for lubrication with SAE40 and a journal speed of 2000rpm (left) and 4500rpm (right). HD
denotes hydrodynamic power losses and AC power losses caused by metal-metal contact. The numbers
denote the quantities of the corresponding contributions.

Figure 20. Comparison of the power losses in the test-bearing calculated with EHD and TEHD,
respectively, for lubrication with SAE20 and a journal speed of 2000rpm. HD denotes hydrodynamic
power losses and AC power losses caused by metal-metal contact. The numbers denote the quantities of
the corresponding contributions.

in terms of the hydrodynamic power loss. It is interesting to note that both methods predict
about the same (small) amount of power loss due to metal-metal contact.
3.2.6. A detailed TEHD vs. EHD comparison

Figure 21. Exemplary plot of the peak oil ﬁlm pressures (POFP) calculated with TEHD (red line) and
with EHD (green line) for lubrication with SAE40 and a load of 70 MPa at a journal speed of 2000rpm.
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However, while so far the differences between the EHD and TEHD-results have been rather
small, the calculated lubricant viscosities are expected to be notably different. Although the
calculated hydrodynamic pressures in the journal bearing match closely as Fig. 21 shows,
differences arise due to different local temperatures.

Figure 22. Plot of the oil viscosity in the test bearing at the point of maximum load for lubrication with
SAE40 and a journal speed of 2000rpm, calculated with EHD (top) and TEHD (middle) using the same
scale for comparison. For a detailed comparison the plot at the bottom shows the lubricant viscosity
from EHD (dashed lines) and from TEHD (solid lines) over shell angle across 8.5mm (blue lines) and
0mm (red lines) bearing width (position of these cuts shown as black dashed lines in the plot on top).
The rectangle shaped area with cool (thick) lubricant in the TEHD-results is the oil supply groove that
cannot be taken into account directly in the EHD-calculation.

As can be seen in Fig. 22, the lubricant viscosities show signiﬁcant differences. For the shown
two different axial cuts through the high load zone the EHD-result predicts a maximum
lubricant viscosity that is about 9% higher than the corresponding value calculated by TEHD.
This 9% difference in lubricant viscosity corresponds roughly to a difference of only about
4◦ C in lubricant temperature (for SAE40) (see lubricant data in [3]). Consequently, this further
conﬁrms that the EHD-method with the proposed temperature compensation describes well
the lubrication conditions also in the high load zone of the bearing.
3.2.7. Dynamic behaviour of the local oil ﬁlm temperatures
Further, to quantify the approximation of the true bearing by using an isothermal EHD-model
the lubricant temperatures close to the bearing shell are plotted in Fig. 23 for the exemplary
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Figure 23. Plot of the calculated oil temperatures adjacent to the bearing shell for lubrication with
SAE40 and a journal speed of 4500rpm at the point of maximum load (see Fig. 5); the actual maximum
oil temperature in this plot is 144◦ C (see also Fig. 24).

case of SAE40 and a journal speed of 4500rpm, at the point of maximum load. These results
show that spatially the oil temperature is almost constant in the high load area of the bearing
(small temperature gradients in large areas of the bearing). Of course as the load changes the
power losses in the oil ﬁlm change and, consequently, local heating changes. Therefore, the
dynamic change of the maximum lubricant temperature over a load cycle is shown in Fig. 24
for all cases studied. From these results one ﬁnds that the temperature variations in the journal
bearing during one load cycle stay with about 2◦ C and are, therefore, also rather small. The
observation that the temperature changes in the journal bearing are very small is in fact not
new, it was e.g. discussed in [17]. The reasons behind this behaviour is on one hand that most
of the heat (about 70% for the cases studied here) leaves the system with the oil and on the
other hand that the thermal conductivity of steel is rather poor.

Figure 24. Plot of the maximum oil temperatures evolving over a load cycle for lubrication with SAE40
and a journal speed of 4500rpm, shown as red curve, for 2000rpm shown as green curve, and for
lubrication with SAE20 and a journal speed of 2000rpm shown as blue curve. As metal-metal contact
occurs in the SAE20-case this result consequently shows also the largest changes in the maximum oil
ﬁlm temperature. However, as the inset shows also for this case the maximum temperature change
during one load cycle stays within about 2◦ C.

As was argued already in Sec. 3.1, the high load area dominates the power losses in the bearing
due to the occurrence of high hydrodynamic pressures of more than 100 MPa in this area.
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oil

run speed MEHD MTEHD MLP06
[rpm] [Nm] [Nm] [Nm]

2000
4500
SAE20 377 2000
SAE40 364

6.4
8.0
5.3

6.6
8.0
5.3

6.5 ±0.4
8.3 ±0.5
5.6 ±0.5

Table 6. Table of the total friction moments predicted by EHD, denoted as MEHD , by TEHD, denoted as
MTEHD , and the corresponding total friction moment (± measurement accuracy), denoted as MLP06 ,
measured for the indicated run of which the temperature data was used to setup the thermal submodel
of the TEHD-calculation. Speed denotes the journal speed and all data apply to the transient load with a
maximum value of 70 MPa.

These pressures lead to a more than threefold viscosity increase of the lubricant in this part
of the bearing. As the lubricant temperature varies only weakly in this area (both spatially
as well as dynamically), it is indeed well described by the previously proposed isothermal
EHD-approach [3] that takes into account the pressure dependence of the lubricant viscosity.
3.2.8. Summary
Within this section the previously discussed EHD-based simulation model was extended
to TEHD to investigate differences arising due to the neglect of local temperatures. With
the experimentally obtained temperature data for each working condition it was possible
to validate the thermal submodel of the TEHD-method. By choosing appropriate thermal
boundary conditions it was shown that the TEHD-method is able to predict the occurring
temperatures at several different points of the test-rig, namely three bearing shell back
temperatures and the oil outﬂow temperature, very accurately within 1◦ C of the measured
temperatures (with only one exception where the temperature difference is still rather small
with 5◦ C).
Concerning the ability to predict friction power losses in journal bearings, the results indicate
that the considerably simpler EHD-approach appears to be sufﬁcient to reliably and accurately
predict these losses for full ﬁlm lubrication. Also for weak mixed lubrication, as was studied
using the SAE20 lubricant, the neglect of local temperatures results again only in small
deviations that do not signiﬁcantly affect the studied properties.
As was shown from the TEHD-results, the temperature in the high load zone stays almost
constant throughout the load cycle and is also almost constant spatially within this high load
zone; due to this temperature stability the EHD-method works very well.
In conclusion, the results demonstrate that even for highly loaded journal bearings as they
are common in today’s diesel and gasoline engines the EHD-method is still well suited to
study the bearing working conditions, both in terms of the generated friction power losses
and to investigate the occurrence of metal-metal contact. The inclusion of local temperatures
in the form of an extension to TEHD does not give signiﬁcant changes for full ﬁlm and
weakly mixed lubrication for the properties studied. It is, however, expected to be of more
importance in mixed lubrication with signiﬁcantly more metal-metal contact. However, such
severe operating conditions do not occur in serially produced engines and are, therefore, not
within the scope of this work.
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4. Friction reduction for engines - a practical example
In the following, the potential for friction reduction in the journal bearings of the crank train
shall be analysed for a modern four cylinder passenger car turbodiesel engine lubricated with
common multi-grade oils using the isothermal method discussed in Sec. 3.1. In particular,
Styrene-Isoprene-Copolymer (SICP)-additive enhanced oils are considered in the following
(in terms of shear rate dependency of the lubricant). For all variants, the friction will be
calculated as sum of all ﬁve crankshaft main bearings and four big end bearings at full-load
operation with a peak cylinder pressure of 190 bar, which leads to speciﬁc bearing loads of up
to about 50 MPa for the main bearings and to about 90 MPa for the big end bearings. Further,
the dynamic oil supply for the big end bearings is realistically represented in the simulation
as oil supply network.

Figure 25. Plot of a part of the inline four cylinder engine for which the calculations are carried out; it
shows the locations of the main and big end bearings which are shown with examplary oil ﬁlm pressure
distributions shown as 3D-plot.

4.1. Finding a friction optimized solution
In the following basic example, easily modiﬁable parameters such as bearing shell width and
viscosity grade (SAE-class) of the engine oil are in the focus. The savings potential derived
from the reduction of the bearing shell width is set with the reduction of the oil-ﬁlled volume
and the use of low viscosity oils directly inﬂuences the viscosity losses. Both measures reduce
the load capacity of the bearings. Therefore, it is crucial to identify occurring mixed lubrication
in order to ﬁnd a low friction solution which does not impair the bearing lifetime through
emerging mixed lubrication. To illustrate the inﬂuence of the bearing shell width on the
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friction losses, widths of 21mm and 16mm are studied in addition to the original width of
18mm. Further, the original lubricant-grade 10W40 is reduced to 0W30 and for a speciﬁc case
to 0W20. Two different oil temperatures are considered in the simulation because in everyday
life not only warm engine conditions exist, but also low oil temperatures occur speciﬁcally
with low exterior temperatures or for short driving distances. For the warm engine operation
100◦ C and for the cool operation 40◦ C oil temperature is considered.

Figure 26. Friction power losses in the journal bearings at various speeds for different bearing shell
widths, lubricant viscosity grades and operating temperatures.

Fig. 26 shows the summary of all results evaluated through the total friction power losses
for all journal bearings at different speeds. Most notable from the results is that the oil
temperature impacts the friction performance most intensely which is taken advantage of
by many modern engines through a reduction of the oil volume in the oil sump and the
related quicker warming-up of the engine. In particular, the friction power losses are cut
in half throughout the entire speed range by increasing the lubricant temperature from 40◦ C
to 100◦ C. Furthermore, it is shown that the different oil viscosities have a much stronger effect
than the changes in bearing width. Referring to the example a savings potential is found to
be in average 35% for the cold and still 20% for the hot case through changing from 10W40 to
0W30. In contrast, using more narrow bearings leads to a reduction of the losses by 9% for the
cold case and a high speeds, but yields only a reduction of max 3% of the total journal bearing
losses for the studied hot lubricant temperature. This minimal impact can be employed to use
even lower viscosity oil for the engine and - while the load carrying capacity by utilizing wider
bearings needs to be restored for this lubricant - a net reduction of friction power losses can be
achieved. Fig. 26 also shows how the presented method assists in identifying potential issues
of mixed lubrication: for the case of a 16mm wide bearing and lubrication with 0W30 there
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occurs for a lubricant temperature of 100◦ C already signiﬁcant metal-metal contact at 2000rpm
which leads to a signiﬁcant rise in friction for this engine and potentially to problems in the
operating reliability. However, with an enlarged bearing width even lower viscosity oil can be
used; for the case presented the optimum is a low viscosity 0W20 oil combined with a broader
bearing shell, in this case 21mm. Thereby, in comparison to the original conﬁguration with
18mm bearings and 10W40 oil, the journal bearing losses can be reduced by 10% at 2000rpm
and by approximately 30% at 4600rpm despite the signiﬁcantly wider bearing shells.

4.2. Conclusion
The results show that small changes in the bearing geometry bear no signiﬁcant impact on
the friction losses in the journal bearings. However, the use of a low viscosity lubricant
holds obvious advantages in regards to a reduction of these losses, despite the need of wider
bearings to retain the bearing load capacity. In the presented example this combination of low
viscosity lubricants with wider bearings revealed itself as optimal and proves approximately
10-30% decreased losses in comparison to the initial situation. Alternatively, if more complex
in design, the increase in size of the journal bearing diameter and the therefore necessary
larger journal diameter brings advantages also in regards to the NVH performance due
to the increased stiffness of the crankshaft. Further measures for friction reduction like
an on-demand oil supply could potentially also attain signiﬁcant savings and be analysed
through the presented model.
While this basic example of friction reduction in engines displays the efﬁciency of various
measures, it is important to emphasise that the choice of the optimum lubricant affects the
whole engine and the other major source of mechanical losses, namely the piston assembly,
challenges with (partly) opposing requirements to the lubricant. In this sense, the optimum
choice of the lubricant in terms of friction reduction shall only be taken under consideration
of the complete system.
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